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Abstract

This paper investigates the application of adaptive tuned vibration absorbers (AT VAs)
to lightly damped automotive powertrains. In achieving this, it performs vibration
characteristic analysis of a dual lay-shaft dual clutch transmission (DCT) equipped
powertrain system, including natural frequency evaluation and sensitivity studies.
These are coupled with the evaluation of transient response due to gear change and
the variation of both gear ratio and engine speed. Results demonstrate that the
impact of ATVAs on transient response during gear change is minimal, suggesting
these short duration transients are outside the scope of application for ATVAs.
However as excitation forces originate from the engine, its speed has a significant
impact on excitation frequency. Furthermore, the gear ratios significantly influence
engine operating range and natural frequency in any particular gear. Therefore,
variation of engine speeds and gear ratios are the main influencing factors affecting
the dominant excitation frequency. Consequently, the relationships among the system
natural frequencies, the dominant external excitation frequency and the inherent
frequency of the ATVA are comprehensively studied. by investigating the relationship
between the dominant external excitation frequency and system natural frequencies
and the system sensitivity analysis results, the installation position, stiffness range and
optimal frequency tuning scheme of the ATVA can be determined. Results were
applied to a DCT powertrain in 2™ gear and 4™ gear with continuously changing
engine speeds, an ATVA with corresponding variable stiffness and frequency tuning
scheme is installed on the powertrain for vibration reduction. By comparing the
simulation results, the effectiveness and reliability of the ATVA installation position,
the stiffness range and the optimal frequency tuning scheme proposed in this study
can be verified.

Keywords: adaptive tuned vibration absorbers; automotive powertrains; dominant
external excitation frequency; system natural frequencies; inherent frequency of the

ATVA,; installation position; optimal frequency tuning scheme
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1. Introduction

With the increasing power density of vehicular driveline technologies, various
high-performance power conversion systems have been introduced. The dual clutch
transmission (DCT) powertrain is one of the most widely adopted structures in the
current market. It uses traditional gears and synchronizers combined with precise
clutch control to realize automatic, high-efficiency driving performance. Accurate
coordinated control of the hydraulic system, synchronizers and clutch are required in
the DCT powertrain [1-3]. Kulkarni et al. [4] performed a detailed study of DCT
powertrain control. The DCT powertrain includes the engine, DCT, gearbox,
synchronizers, differential and wheels. Because of its many components and state
dependent configurations, this type of powertrain is a wideband vibration system with
multiple natural frequencies [5-7]. Whilst operating under complex conditions, the
varying external excitation can excite natural vibrations across multiple orders,
resulting in vibration-induced deterioration of the system. Crowther et al. [8] analyzed
the NVH characteristics of a planetary automatic transmission equipped powertrain
and provided typical examples of such behavior. Lumped mass models are widely
used to accurately describe dynamic systems and study their dynamic characteristics
[9], and this method is adopted in the present study.

In DCT powertrains, the odd gear shaft and even gear shaft are driven by two
separate clutches, this enabling power-on gear shifting processes. However, when the
engine output torque changes under stable driving conditions, the powertrain torsional
vibrations remain substantial and affect the whole system. Well-designed and properly
installed dynamic vibration absorbers can effectively improve the dynamic
characteristics of the system and reduce system vibration. Dynamic vibration
absorbers are classified as passive dynamic absorbers, active dynamic absorbers and
semi-active dynamic absorbers or adaptive tuned vibration absorbers (ATVAs).
Semi-active dynamic absorbers with tunable parameters are widely used. A
semi-active dynamic absorber can change the system inherent frequency to track
external excitation frequency, leading to its own resonance, reducing the vibration of
the primary system. Semi-active dynamic absorbers can be classified as
damping-tunable and frequency-tunable absorbers. Frequency-tunable absorbers are
further classified as mass-tunable and stiffness-tunable absorbers; stiffness-tunable
semi-active vibration absorbers are used more frequently due to their simple structure

and ease of controllability [10-11].



The development of smart materials has accelerated the improvement of
semi-active dynamic vibration absorbers. Williams applied a shape memory alloy to
dynamic vibration absorbers. The stiffness of the shape memory alloy changes with
temperature, and thus the natural frequency of the dynamic vibration absorber is
adjusted to absorb system vibration [12]. Davisa adopted piezoelectric ceramics as the
core part of a stiffness-tunable vibration absorber. The stiffness of piezoelectric
ceramics can be controlled by an electric field to attain different absorber frequencies
[13].

Magneto-rheological technology has also attracted increasing attention in recent
years. The adjustable stiffness characteristics of magnetorheological elastomers is
transferred to the adjustable frequency characteristic of the vibration absorbers.
Various magnetorheological dynamic vibration absorbers have been designed, and
notable vibration absorption characteristics have been achieved in tests [14-17].
Hoang et al. [18] designed a torsional vibration absorber with a magnetorheological
elastomer to reduce powertrain vibration. Gao et al. [19] installed an ATVA group on
the vehicle powertrain and studied the changes in dynamic characteristics. In addition,
parameter optimization and coordinated control were conducted to achieve the
optimal vibration reduction.

Vehicles drive under a wide range of operating conditions. During gear shifting
and engine acceleration, resonance in the powertrain is more severe, leading to the
deterioration of the vehicle's NVH characteristics. In previous research, vibration
absorbers have been installed in powertrains with no clear application scope. This
paper defines the effective application scope of the ATVA by analyzing the effects of
engine speed variation, gear ratio variation and the gear shifting processes on the
dominant external excitation frequency. Moreover, the relationships among system
natural frequencies, the dominant external excitation frequency and the inherent
frequency of the dynamic vibration absorber are comprehensively studied. Based on
the relationship between the dominant external excitation frequency and system
natural frequencies and the results of the system sensitivity analysis, the installation
position and stiffness range of the vibration absorbers can be determined. In addition,
based on the relationship between the dominant external excitation frequency and
inherent dynamic vibration absorber frequency, the optimal frequency tuning scheme
of the ATVA for preventing the coupling point of the natural vibration frequencies of

the powertrain from entering the resonance area of the external excitation can be
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obtained. The developed analytical process can be used as a standard to provide
guidance for the application of ATVA for powertrain vibration reduction.

The rest of the paper is organized as follows. In Section 2, a multi-DOF dynamic
model of a dual lay-shaft DCT powertrain is established, the natural vibration analysis
and system sensitivity analysis are presented. Additionally, an appropriate engine
excitation model and vehicle resistance model that can be integrated into the system
dynamic model are built. In Section 3, the main factors affecting the dominant
external excitation frequency are analyzed, including the gear shifting transient
process, engine speed variation and gear ratios. The effective application scopes of
ATVAs can thus be determined. In Section 4, the relationships among the system
natural frequencies, dominant external excitation frequency and inherent frequency of
the ATVA are comprehensively studied. Based on the relationship between the
dominant external excitation frequency and system natural frequencies and the results
of the system sensitivity analysis, the installation position and stiffness range of the
ATVA can be determined. Based on the relationship between the dominant external
excitation frequency and the inherent ATVA frequency, the optimal frequency tuning
scheme of the ATVA is obtained. In Section 5, the ATVA is applied to the DCT
powertrain when the system is in 2" gear and in 4™ gear as examples to demonstrate
the importance of analyzing the overall relationship among the dominant external
excitation frequency, system natural frequencies and inherent frequency of the

dynamic vibration absorber. The conclusions and highlights are given in Section 6.

2. Vibration characteristics analysis of the dual lay-shaft DCT powertrain

2.1 Natural vibration characteristics analysis of the dual lay-shaft DCT powertrain
The dual lay-shaft DCT powertrain is idealized as a 6 degrees of freedom

torsional vibration system [20]. The advantage of the dual lay-shaft DCT versus the

single lay-shaft DCT is that the synchronizers do not lie on the power-transmitting

route; thus, the dual lay-shaft DCT can be used as a moving inertia vibration absorber

to partially absorb the system vibrations. A schematic diagram is shown in Fig. 1.
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The dynamic equations are as follows:

J,6,-C(6,-6)-K,(6,-6) =T,
J,0, +C(6,-60)+K,(0,-6)-K,(i,6,, —6,) =0
(Jss +i12J3A)éSB +i1K2(i]93B _92)_K3(i2‘953 _033) =0 (1)
J,0, - K,(i,0,,—0,)=0
(Jgp +i2Jg, +12J. )05y + 1, K, (1,6, —6y,) + 1K, (1,05, — 0,) — K (0, —6,,) — C, (0, —6,,) =0
Jsés + K (6 _953)+Cz(‘96 _953) =-T,

where J, is the inertia of the engine; J, is the inertia of the flywheel and
clutch; J, is the inertia of the gear pairs; J, is the inertia of the synchronizers; J;
is the inertia of the differential; J, is the inertia of the wheel.

Eq. (1) can be expressed as:

JO+CO+KO=T (2)

Where ¢ indicates the angle displacements of every inertial element,
6=[6 6, 6, 0, 6, 6] , and T indicates the external excitation,
T=[T, 0 0 0 0 -T7,]. The system mass matrix, damping matrix and stiffness

matrix are as follows:



[J, 0 0 0 0]
0 J, 0 0 0
S 0 0 J,+iJ,, 0 0 0 3)
0 0 0 J, 0 0
0 0 0 Jy,+isJs, +izJs. O
10 0 0 0 Jg |
¢, -¢c, 00 0 0]
-C, ¢, 00 0 O
co 0 0 00 0 0 4
0 0 00 0 0
0 0 00 C -G
L0 0 00 -C, G |
K, K, 0 0 0 0 |
-K, K, +K, ik, 0 0 0
K 0 —iK, iK,+K, 0 —i,K, 0 5)
0 0 0 K, -i,K, 0
0 0 -i,K, -i,K, LK, +iK,+K, -K,
0 0 0 0 -K, K, |

The damped free-vibration system is transferred into state space with initial

values:

(6)

Av(t)+ Bv(t) =0
v(0) =v,

Where A:E ﬂ, Bz{lg (?J, v(¢) 1is the generalized vector v(t)=wq(t), v

is the complex eigenvector w =[y wA]', A 1s the complex eigenvalue 4, =# tio,,

o, 1s the system " natural angle frequency, and ¢, is the damping ratio ¢, = -
[0

v

Therefore, we obtain the following equation:

(AMB){V';}:O (7
The eigenvalue 4 and eigenvector y are obtained via complex eigenvalue
analysis. The natural frequencies, corresponding modal shapes and damping ratio can
then be obtained.
The system parameters are shown in Table 1.

Table 1 System parameters

Inertia (kg'm?) Stiffness (N'm'rad™!) | Damping (N'm's-tad™!)
Engine J1=0.40 K1 =10000 Ci1=20

Flywheel and clutch 2= 0.40 K> =20000 =50

Gears J3a=0.0145 J55=0.0075 K3 =100000

Synchronizers J4=0.01 K4=100000

Differential Jsa=10.03 Jsp=1.2 Jsc=0.01 K5 =2000

Wheel Jo=100




With these system parameters, the natural frequencies and damping ratio are

determined, as shown in Table 2.

Table 2 Natural frequencies and related damping ratios

Order | Frequency (Hz) Damping ratio (%)
1 0.00 --

2 1.60 12.50

3 33.21 22.03

4 84.20 3.12

5 356.81 0.12

6 522.57 0.00

The corresponding modal shapes are shown in Fig. 2.

-+6th order

5th order | -
-v-4th order
—+-3rd order | -
-=-2nd order
1st order| |

| I I I I
0'21 3 4

Node location

Modal shape

Fig. 2 Corresponding modal shapes

2.2 Sensitivity of the eigenvalues of each order to each inertial value

J,(n=1,2,3,4,5,6) are set as the inertial values and can be used to denote the

independent variable of each sensitivity. Substituting the " eigenvalue and

eigenvector into Eq. (7), multiplying the left side by ’ and taking the derivative of

the equation [21-23], we obtain the following:
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Substituting the relevant sub modules % and STB into the above

n

Where

equation, we can obtain the sensitivities of the eigenvalues of each order to each

inertial value. The results are shown in Fig. 3 — Fig. 8.
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As shown in Fig. 3 — Fig. 8, the 1" -order natural vibration is affected mainly by

inertia J;, the 2" -order natural vibration is relatively sensitive to inertias J, and J,,
the 3-order natural vibration is affected mainly by inertia J,, the 4”-order natural
vibration is affected mainly by inertias J, and J,, the 5”-order natural vibration is
affected mainly by inertia J,, and the 6”-order vibration is sensitive primarily to

inertia J,. The same conclusion can be obtained from the modal shapes in Fig. 2.

2.3 Engine excitation model and vehicle resistance model
2.3.1 Engine excitation model

Various methods have been proposed for engine output torque modelling. The
empirical method and look-up table method cannot describe the engine transient
torque and thus cannot be used to characterize the engine harmonic excitation on the
powertrain with the ATV A [4, 24]. Taylor [25] built an engine model considering the
engine ignition excitation and piston rod reciprocating motion inertia. Other models
use the sine wave to describe the harmonic vibration caused by ignition [8, 9, 26].
These models can be used to analyze the changeable torque responses. In this study,
the effect of varying the engine speed on the harmonic excitation is described by the

following equation:

Ty =Ty + ATy, sin(n191t>+ A, Ty sin(nzélt)+--~ (13)

T,, 1s the average torque, i.e., 100 Nm. 4, and4, are the amplitudes and are
set to 1.8 and 0.7, respectively, for an inline 4 cylinder engine. n, and », are the
dominant harmonics and are set to 2 and 4, respectively, for an inline 4 cylinder
engine. 6 is the engine speed, 100 rad/s. The instantaneous engine torque as a

percent of the mean torque is shown in Fig. 9.
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Fig. 9 Instantaneous engine torque as a percent of the mean torque

2.3.2 Vehicle resistance model
The engine output torque includes the mean output torque and fluctuation torque.

To study the effect of the fluctuation torque on the powertrain system, the vehicle
resistance is considered to balance the mean output torque, which is significant to
guarantee the accuracy of the simulation. Vehicle resistance consists mainly of rolling

resistance, air resistance and gradient resistance [26-28], as shown in Eq. (14):

T, =(CRngcos¢+ngsin¢+0.5CDpAV962rT2)er (14)

The parameters related to the vehicle resistance are shown in Table 3.

Table 3 Parameters related to the vehicle resistance

Name Symbol | Value
Rolling coefficient Cyp 0.018
Vehicle mass my, 1780
Gravitational acceleration | & 9.800
Angle of slope & 0.000
Air coefficient C, 0.300
Air density P 1.290
Frontal area Ay 2.530
Rolling angle 0, --
Rolling radius Iy 0.317

Based on Eq. (14) and the parameters in Table 3, we can obtain the relative real
vehicle resistance.
The above appropriate engine excitation model and vehicle resistance model can

be integrated into the dynamic model of the DCT powertrain to establish its excitation
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and constraint conditions.

3. Influencing factors affecting the dominant external excitation frequency

According to vibration absorption theory, adding one or more variable-stiffness
magnetorheological vibration absorbers to the powertrain can reduce its driveline
vibration. In the vibration absorber control, the dominant external excitation
frequency (followed by the natural frequency of the ATVA) is the key item. Studying
the main factors causing the excitation dominant frequency change is important and
can facilitate the investigation of the effective application scope of the ATVA.

Under stable work conditions, the powertrain vibration response depends on the
powertrain itself, including the engine speed, gearbox ratio and transient gear shifting
process. In this section, the effect of these factors on the dominant external excitation

frequency is studied in detail.

3.1 Influence of the gear shifting process on the torque excitation dominant frequency
Based on the dual lay-shaft DCT powertrain model in Section 2, the engine

excitation parameters can be set as follows: 7, is 100 Nm; 4, and 4, are 1.8 and

0.7, respectively; n, and n, are 2 and 4, respectively; and 6, is 100 rad/s.

The dual clutch is used to control the gear shifting process to change from 1%
gear to 6™ gear, and the dynamic response signals of the powertrain system can be
collected by an oscilloscope. The control pressure of the dual clutch is shown in Fig.
10. The 1%, 3™ and 5™ gears are controlled by clutch 1, and the 2™, 4™ and 6 gears
are controlled by clutch 2. In the powertrain model, the transient gear shifting process

can be realized by changing the clutch pressure.
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Fig. 10 Clutch pressure signal
During the gear shifting process, an oscilloscope is mounted between J1 and J2
to record the relative acceleration response of the two inertial elements, and the results

are shown in Fig. 11.
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Fig. 11 62-0; acceleration response in the time domain

The acceleration response in the time domain poorly describes the system's
dynamic characteristics, and thus, transformation to the frequency domain is required.
The relative displacement response between the two inertia values is an unstable
signal that cannot be analyzed by the fast Fourier transform (FFT); however, the

Hilbert-Huang transform (HHT) [29-31] can be used to study the time signal by
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processing the signal via empirical mode decomposition (EMD), transforming the
unstable signal into multiple stationary signals. The HHT is then used for energy
demodulation to convert the time-domain information into three-dimensional
information regarding time, frequency and vibration energy for comprehensive
analysis. The effect of the transient gear shifting process on the dominant external
excitation frequency is the research goal in this section. The process of shifting gears

from 2nd gear to 3rd gear is selected for comprehensive analysis. The result is shown
in Fig. 12.
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Fig. 12 Trend of the dominant external excitation frequency obtained by the HHT

The process of shifting gears begins at 21 s and ends at 27 s. During this period,
the signal dominant frequencies are the dominant rotation frequencies of the engine,
which are 32 Hz and 64 Hz, corresponding to the strong and main harmonics 2 and 4
of the inline 4-cylinder engine, respectively. The signal dominant frequency changes
suddenly at 24.5 s and 25.5 s, which has little effect on the dominant excitation
frequency during the whole gear shifting process. Gear shifting is a transient process

with a short duration that has little effect on the overall stable acceleration signal. The
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process of engaging the clutch can significantly affect the powertrain, but this impact
would be reflected in the vibration magnitude and not the vibration frequency.

The fundamental principle that defines the application of vibration absorbers is
that it follows the dominant external excitation frequency. The gear shifting process
has little impact on the dominant external excitation frequency and acts only briefly,
and the vibration absorber has a limited ability to change characteristics instantly.
Although the vibration magnitude is reduced in this process with the vibration
absorber, the reduction of the magnitude is a damping effect and is outside the
effective application scope of the ATVA. The vibration problem of the transient gear

shifting process should be solved in another way.

3.2 Influence of the engine speed and gear ratio on the torque excitation dominant

frequency

Similarly, based on the dual lay-shaft DCT model, the engine excitation

parameters are set as follows: 7, is 100 Nm; the magnitudes of 4, and 4, are 1.8

and 0.7, respectively; n, and n, are 2 and 4, respectively; 6, ranges from 1500

r/min to 4500 r/min, corresponding to 157 rad/s and 471 rad/s, respectively; the gear
ratios i1 from 1% gear to 6 gear are 3.46, 2.05, 1.30, 0.90, 0.91, and 0.76; the
differential gear ratios i» are 4.12 and 3.04, corresponding to 1° to 4™ gear and 5" to
6 gear, respectively; and the differential gear ratios i3 are 3.04 and 4.12,
corresponding to 1% to 4" gear and 5™ to 6™ gear, respectively.

To study the influence of the engine speed and gear ratio on the torque excitation
dominant frequency, the engine speed changes with linear growth in different gears.

The engine speed, gear ratio and differential gear ratio are shown in Fig. 13.
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Fig. 13 Engine speed, gear ratio and differential gear ratio

The acceleration time-domain signal is studied between Ji and J> to investigate
the influence of the engine speed and different gear ratios on the torque excitation
dominant frequency. The acceleration time-domain signal cannot describe the system
dynamic characteristics, and thus, transformation to the frequency domain is required,

as shown in Fig. 14.
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Fig. 14 Trends of the engine speed and torque excitation dominant frequency for

different gear ratios

Fig. 14 illustrates that in each gear, the torque excitation dominant frequency
15



linearly increases with the linear increase of the engine speed. The starting and ending
points are different and increase with the increment of the gear ratios. As shown in Fig.
14, the dominant torque excitation frequency is affected mainly by the engine speed
and gear ratios.

The torque excitation in the powertrain is a mixture of signals with various
frequencies and magnitudes. It is challenging to identify the dominant frequency of
the torque excitation in real time. Thus, extracting the dominant torque excitation
frequency ranges of the normal engine working speeds at each gear ratio is necessary
to improve the accuracy and reliability of the complex signal frequency identification,
which is beneficial for following the frequency of the ATVA. According to Fig. 14, the
frequency ranges of the torque excitation for the engine working at different gear

ratios can be attained, as shown in Table 4.

Table 4 Dominant excitation frequency ranges at the normal engine working speeds in

different gears

Gear Frequency (Hz)
Ist 64-320

2nd 180-420
3rd 320-560
4th 420-680
Sth 560-800
6th 680-960

As shown in Table 4, the gear ratios can be used to divide the dominant
frequency of the torque excitation into different segments, which is beneficial for the
real-time signal frequency identification of the complex torque excitation and for

improving the calculation efficiency.

4. Relationships among the system natural frequencies, dominant external
excitation frequency and inherent frequency of the ATVA

The ATVA can be used to reduce the powertrain vibration, and the relationships
among the system natural frequencies, dominant external excitation frequency and
inherent frequency of the ATVA should be studied in detail and optimally matched.
The ATVA with the best vibration reduction performance should be mounted in a

proper position to achieve the optimal vibration reduction effect.
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The system natural frequencies reflect the vibration characteristics of the
powertrain system and depend on the powertrain system itself. The natural vibration
characteristics cannot change under different external excitations, and thus the torque
excitation frequency and system natural frequencies appear to be independent.
However, if these two frequencies are near each other, resonance occurs. In addition,
the system natural frequencies will change with ATVA installation on the powertrain.

The dominant frequency of torque excitation is determined by engine speed and
gear ratios. Transient processes, such as the gear shifting process, have little impact on
the dominant excitation frequency. Resonance occurs if the torque excitation
frequency approaches the system natural frequencies, thus degrading the system NVH
characteristics. When the torque excitation frequency approaches the ATVA natural
frequency, resonance occurs in the vibration absorber, and the vibration energy is
absorbed by the ATVA, thereby improving the system NVH characteristics. The
torque excitation frequency is the main factor in the relationships among the three
frequencies.

The inherent frequency of the ATVA reflects the absorber's vibration
characteristics and depends on the vibration absorber mass and changeable stiffness
elastomer. The ATVA's natural frequency can be tuned as the torque excitation
frequency changes. Resonance occurs on the moving mass, and the powertrain
vibration energy can be absorbed from the driveline. The ATVA is semi-active, and
thus the vibration absorber natural frequency is the only controllable factor in the
relationships among the three frequencies. The relationships of the three frequencies
can be optimized by controlling the inherent frequency of the ATVA to achieve the

best vibration reduction effect.

4.1 Relationship between the dominant external excitation frequency and system
natural frequencies

Resonance occurs in the powertrain system when the dominant excitation
frequency approaches the system natural frequencies. The dominant torque excitation
frequency is determined mainly by the engine speed and gear ratios. The system
natural frequencies reflect only the system’s dynamic characteristics and depend on
the powertrain system itself. At different gear ratios, the torque excitation dominant
frequency linearly increases with the linear increase of the engine speed and is

compared with the system natural frequencies in Fig. 15.
17
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At different gear ratios, the powertrain system frequencies are similar and are
nearly constant under the entire working range.

When the powertrain system is in 1% gear, the 4" natural frequency, 84.2 Hz,
passes through the torque excitation range (64-320 Hz). Resonance can occur at this
intersection, which is labelled resonance point 1. When the powertrain system is in 2™
gear and 3™ gear, the 5" natural frequency, 356.8 Hz, passes through the torque
excitation dominant frequencies (180-420 Hz) and (320-560 Hz), respectively.
Resonance occurs at these two intersections, which are labelled resonance points 2
and 3. When the powertrain system is in 3™ gear and 4" gear, the 6" natural frequency,
522.6 Hz, passes through the torque excitation ranges (320-560 Hz) and (420-680 Hz),
respectively. Resonance occurs at these two intersections, which are labelled
resonance points 4 and 5.

The above analysis results and the results of the system sensitivity analysis in
Section 2 can provide theoretical guidance for determining the absorber installation
position and changeable stiffness range. Resonance point 1 is related to the 4™ natural
frequency and 1% gear. From the sensitivity analysis results, J3 and Js have a strong
influence on the 4" natural vibration, and the vibration absorber could be installed

near these two inertial elements. The 1% gear corresponds to a torque excitation
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frequency range of 64-320 Hz. The absorber stiffness range can be calculated
according to this range and Eq. (15). Resonance points 2 and 3 are related to the 5"
natural frequency and 2" and 3™ gears, respectively. According to the sensitivity
analysis results, J3 has a strong influence on the 5" natural vibration, and the vibration
absorber should be installed near this inertial element. The 2" gear- and 3™
gear-related torque excitation frequency ranges are 180-420 Hz and 320-560 Hz,
respectively. The absorber stiffness range can be calculated according to these two
ranges and Eq. (15). Resonance points 4 and 5 are related to the 6™ natural frequency
and 3™ and 4™ gears, respectively. According to the sensitivity analysis results, Js has
a strong influence on the 6™ natural vibration, and the vibration absorber could be
installed near this inertial element. The 3™ gear- and 4™ gear-related torque excitation
frequency ranges are 320-560 Hz and 420-680 Hz, respectively. The absorber stiffness

range can be calculated according to these two ranges and Eq. (15).

k,=(27-w) - J, (15)
where k, is the changeable stiffness, ® is the natural frequency of the

vibration absorber, and J, is the moving inertia of the vibration absorber.

4.2 Relationship between the dominant external excitation frequency and inherent
frequency of the dynamic vibration absorber

According to vibration absorption theory, the ATVA natural frequency follows
the external excitation frequency. The vibration absorber then generates resonance, the
vibration on the main powertrain is reduced, and the NVH characteristics are
improved. According to reference [19], the inherent frequency of the ATVA follows
the torque excitation frequency exactly and may not be the best frequency tuning
scheme. After the ATVA is installed, its variable natural frequency alters the vibration
characteristics of the powertrain. Vibration coupling between the new variable natural
vibration frequency and other relative constant natural system vibrations should be
taken into consideration. In addition, the new variable vibration frequency may enter
the resonance area of the torque excitation dominant frequency, which would degrade
the NVH characteristics of the powertrain system. For example, when powertrain is in
2" gear, the engine speed increases from 1500 r/min to 4500 r/min, and the torque
excitation frequency increases from 180 Hz to 420 Hz. A vibration absorber with a

100% following frequency tuning scheme is installed on Ji. The powertrain model is

19



shown in Fig. 16. The absorber parameters are Ja= J1/5 = 0.08 kg'm? and ca= 1.23
N'm's'rad”. The changeable stiffness ka can be calculated according to the frequency

tuning scheme adopted and Eq. (15).
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Fig. 16 Powertrain model with the vibration absorber

Between J; and J» the relative displacement time response between these two
inertial values is studied. The average torque of the powertrain is filtered. The relative

displacement responses without and with the vibration absorber are shown in Fig. 17.
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Fig. 17 6,-0 displacement

The vibration response is generally improved with the ATVA, and the vibration

magnitude is reduced significantly. However, in the period from 10 s to 16 s, the
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vibration response deteriorates. The system natural frequencies may have changed
after installing the ATVA, or one of the system natural frequencies may have entered
the resonance area of the external excitation frequency. To study the reason in greater
detail, the system variable natural frequencies of the powertrain with the ATVA are

calculated, and the results are shown in Fig. 18.
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Fig. 18 System transient changeable natural vibration frequencies of the powertrain

with the ATVA in 100% following frequency tuning scheme

The ATVA generates a new variable natural frequency in the powertrain fa. This
frequency continuously increases along the edge of the excitation resonance area.
Over time, the new transient changeable natural vibration frequency passes through
the 5™ natural frequency, forming a coupling point, and these two system natural
vibrations couple in this period. In addition, the coupling point is close to the
resonance area of the external excitation. Therefore, the new transient changeable
natural vibration frequency fa enters the excitation resonance area, and the coupling of
two system natural vibrations appears in this period from 10 s to 16 s. These are the
essential reasons for the vibration deterioration in Fig. 17. According to the trends of
the new variable natural frequency the 6™ natural frequency and the torque excitation
frequency, the transient changeable natural vibration frequency passes through the 6
natural frequency, forming another coupling point. This coupling point is also close to
the resonance area of the external excitation, which is expected to degrade the system

vibration response.
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The above analysis indicates that if the ATVA natural frequency follows the
external excitation frequency with absolute fidelity, the vibration reduction effect
cannot reach the optimal state, and thus the frequency tuning scheme of the ATVA
should be modified. According the literature [19,32], the minimum following
frequency is reduced by 30%, and the maximum frequency is increased by 30%. The
system variable natural frequency of the powertrain with the modified frequency

tuning scheme is shown in Fig. 19.
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Fig. 19 System transient changeable natural vibration frequencies of the powertrain

with the ATVA in modified frequency tuning scheme

After modifying the frequency tuning scheme, the natural frequency fa is still
variable and can couple with the 5™ vibration and 6% vibration at 6 s and 22 s,
respectively, to form two coupling points. However, these two coupling points are far
from the resonance area of the external excitation. Therefore, the modified frequency
tuning scheme never leads to vibration deterioration at any time. To investigate this
the relative vibration of Ji and J2 is studied. Fig. 20 shows the relative displacement
responses without the ATVA, with the ATVA in the 100% frequency following scheme,
and with the ATVA in the modified frequency tuning scheme.
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Fig. 20 Relative displacement responses of the three schemes

The improved frequency tuning scheme can prevent the coupling of the variable
natural vibration frequencies entering torque excitation resonance area; thus, optimal
vibration reduction effects can be attained over the entire working range.

Based on the above analysis, the best vibration reduction effect can be obtained
only by considering the overall relationships of the three frequencies (system natural
frequencies, dominant external excitation frequency and inherent frequency of the

dynamic vibration absorber).

5. Application of the ATVA to the DCT powertrain

Based on the analysis of the influencing factors of the dominant external
excitation frequency in Section 3, gear shifting is a transient process with a short
duration and thus has little influence on the dominant frequency. The ATVA can only
follow the dominant frequency and cannot effectively reduce vibration during the gear
shifting process. Therefore, the transient gear shifting process is not the effective
application scope of the current ATVA. As the change in the torque excitation
dominant frequency depends on the engine speed and gear ratios, the ATVA can be
used in the powertrain in a certain gear with continuously changing engine speed.
According to the analysis results in Section 4, the ATVA is applied on the DCT

powertrain for system vibration reduction.
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5.1 Application of the ATVA on the DCT powertrain in 2" gear

According to the analysis of the relationship between the dominant external
excitation frequency and system natural frequencies in Section 4.1, when the
powertrain works in 2" gear, the 5™ natural frequency, 356.8 Hz, passes through the
torque excitation frequency range (180-420 Hz) to form resonance point 2. According
to the sensitivity analysis result in Section 2.2, J; has a significant effect on the 5"
order natural vibration; thus, the vibration absorber should be installed near Js.
However, J3 are gear pairs in the powertrain model, and the vibration absorber cannot
be easily installed at this inertial point. Instead, we install the ATVA near that inertial

point, at J>. The dynamic model is shown in Fig. 21.
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Fig. 21 Dynamic model of the powertrain with the ATVA

Two ATVA frequency tuning schemes are adopted. One is a 100% frequency
following scheme; the other is the improved frequency tuning schemes described in
Section 4.2. The vibration absorber parameters are as follows: moving inertia Ja= J2/5
= 0.08 kg'm? and damping ca= 1.23 N'm's'rad’'. The changeable stiffness ka can be
calculated according to the frequency tuning scheme and Eq. (15).

Analysis is performed using the relative displacement time response between
these two inertial elements. A comparison is made among the vibration response
without the ATVA, with the ATVA in the 100% frequency following scheme, and with
the ATVA in the modified frequency tuning scheme. The results are shown in Fig. 22.
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Fig. 22 Comparison of the relative 03-0, displacement responses of the three schemes

When the vibration absorber’s natural frequency follows the torque excitation
100%, natural vibration coupling appears, and the coupling point enters the resonance
area of the excitation frequency, thus degrading the vibration response over a certain
time period. The improved frequency tuning scheme can effectively prevent entry of
the coupling point into the torque excitation resonance area. The vibration magnitude
is reduced by 25.0%. The above result verifies the results of the analysis of the
relationship between the dominant external excitation frequency and inherent

frequency of the dynamic vibration absorber in Section 4.2.

5.2 Application of the ATVA on the DCT powertrain in 4" gear

According to the analysis of the relationship between the torque excitation
frequency and system natural frequencies in Section 4.1, when the powertrain works
in 4™ gear, the 6™ natural frequency, 522.6 Hz, passes through the torque excitation
frequency range (420-680 Hz), forming resonance point 5. According to the
sensitivity analysis in Section 2.2, Js has a significant impact on the 6" natural
vibration. Therefore, the ATVA should be installed near Js. However, J1 is a
synchronizer in the powertrain model, precluding absorber installation at this location.
J3 and Js correspond to gear pairs and the differential in the powertrain, respectively,
and the absorber cannot be easily installed on these two inertial points either.
According to engineering experience, a satisfactory vibration reduction effect can be

attained by installing the absorber near the vibration source. Thus, the ATVA is
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installed on the engine inertial point Ji. The dynamic model is shown in Fig. 16.

Two ATVA frequency tuning schemes are adopted. One is the 100% frequency
following scheme, whereas the other frequency tuning scheme is the improved one
described in Section 4.2. The vibration absorber parameters are moving inertia Ja =
J1/5 = 0.08 kg'm? and damping ca= 1.23 N'm-s'rad’'; the variable stiffness ka can be
calculated according to the frequency tuning scheme adopted and Eq. (15).

Using the relative displacement of J; and J> as reference points a comparison is
made among the vibration response without the ATVA, with the ATVA in the 100%
frequency following scheme and with the ATVA in the modified frequency tuning

scheme. The results are shown in Fig. 23.
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The vibration magnitude is reduced by 20% by installing the absorber near the
vibration source. Relative to the 25.0% vibration magnitude reduction observed in the
sensitivity analysis, this result is not optimal but is still notable. There is no vibration
deterioration at any time when the 100% following frequency tuning scheme is
adopted. The two frequency tuning schemes of the ATVA achieve similar vibration
reduction effects. The reason is that the variable natural frequency caused by the
ATVA does not couple with any other system natural vibrations, and the variable
natural vibrations of the powertrain do not enter the excitation resonance area. This
result verifies the necessity of studying the relationship between the torque excitation

frequency and absorber natural frequency. In addition, a comparison of the vibration
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magnitude reductions in Fig. 22 and in Fig. 23 shows the importance of the ATVA
installation position. The ATVA installation position can be obtained by studying the
relationship between the torque excitation frequency and system natural frequencies
in Section 4.1 and the sensitivity analysis of the eigenvalues of each order for each
inertial element in Section 2.2.

From the above analysis, according to the relationship between the torque
excitation frequency and system natural frequencies and the sensitivity analysis
results, the absorber installation position and stiffness range can be determined.
According to the relationship between the torque excitation frequency and absorber
natural frequency, if the coupling point of the transient changeable natural vibration
frequencies of the powertrain is prevented from entering the torque excitation
resonance area, the optimal frequency tuning scheme can be attained. In engineering
applications, to ensure that the ATVA can accommodate all working conditions and
achieve the optimal vibration reduction effect, we should install an ATVA group on
the powertrain in the proper position and perform parameter optimization and

coordinate control to achieve a satisfactory vibration response.

6. Conclusion

In this paper a dynamic model of the dual lay-shaft format of the DCT
powertrain was established, and a natural vibration characteristic analysis of the
powertrain system and sensitivity analysis of the eigenvalues of each order for each
inertial point were performed. A detailed engine model and vehicle resistance model
were integrated into the dynamic model, improving the boundary conditions of the
dynamic model.

Based on the dynamic model, the main factors affecting the torque excitation
dominant frequency were studied, such as the transient gear shifting process, engine
speed and gear ratios. Gear shifting is a transient process with a short duration and
thus has little influence on the dominant frequency of torque excitation. The ATVA
can only follow the dominant frequency and cannot accurately follow the gear shifting
process. Therefore, the transient gear shifting process is outside the effective
application scope of the ATVA. The external torque frequency increases linearly with
engine speed, and the start point and end point increase with gear upshifting. The

engine speed and gears are the key factors affecting the torque excitation frequency.
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The overall relationships among the system natural frequencies, dominant
external excitation frequency and inherent frequency of the ATVA were analysed.
Based on the relationship between the dominant external excitation frequency and
system natural frequency and the system sensitivity analysis, the absorber installation
position and stiffness range were determined. According to the relationship between
the excitation frequency and absorber natural frequency, the optimal absorber
frequency tuning scheme was designed. Based on our analysis, the ATVA was applied
on the DCT powertrain in 2™ gear and 4™ gear with continuously changing engine
speed. The simulation results verified the effectiveness and reliability of the ATVA
installation position, the stiffness range and the optimal frequency tuning scheme

proposed based on the analysis results in this research.
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