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Abstract

This research investigates the fuel economy and powertrain vibration characteristics of a
parallel hydraulic hybrid vehicle (PHHV). The main work includes: Hydraulic driving
system parameter design, energy management strategy (EMS) design, powertrain
vibration analysis and transient process control.

Firstly, hydraulic driving system parameters are selected based on vehicle power analysis
with the Chinese typical urban driving cycle (CTUDC) which is a typical urban driving
cycle. PHHV powertrain dynamics are analyzed and components such as engine,
hydraulic pump/motor (HPM) and accumulator are modelled to demonstrate the PHHV
working principle. PHHV fuel economy is verified by both dynamic programming (DP)
optimization and practical rule-based EMS. DP optimization is conducted to explore the
optimal PHHV fuel economy. The practical rule-based EMS includes driving torque
allocation strategy, regenerative braking control strategy and gear shift schedule.

A lumped parameter dynamic model is built to capture the PHHV powertrain vibration
characteristics including the natural frequencies and mode shapes. Then model reduction
is conducted to simplify the model complexity while retaining the model fidelity in
interested frequency range. The natural frequencies and mode shapes of PHHV
powertrain are compared with the original vehicle powertrain which is the vehicle that
PHHYV refitted from. Results show that the vibration characteristics of PHHV powertrain
are not significantly influenced by the addition of hydraulic driving system.

Based on the powertrain dynamic model, control strategies are designed for transient
process control such as mode switching and power on gear shifting. During mode
switching, engine, HPM and engine clutch are coordinately controlled. LQR based
closed-loop control strategy is adopted to analyze the effect of engine clutch engaging
speed on vehicle jerk, clutch frictional work and hydraulic energy consumption. HPM
torque is adjusted to compensate the engine clutch torque to maintain vehicle dynamic
performance. The effectiveness of the proposed mode switching control strategy is
verified by simulation.

To avoid vehicle driving torque interruption during gear shifting, power on gear shifting
control strategy is designed. In the control strategy, HPM compensates engine torque
when engine clutch is disengaged for gear shifting. Engine clutch engagement process is

also controlled by LQR controller to mitigate PHHV powertrain vibration and improve
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vehicle driving comfort. Extended Kalman filter (EKF) is adopted to estimate the
powertrain states required by LQR controller. Because the available HPM torque depends
on its working pressure which varies a lot with different accumulator pressure state, the
HPM torque compensation capability is investigated by analyzing the traction force
requirement during gear shifting under typical urban driving cycles.

With the motivation of taking the advantage of high power density of HPM for in-wheel
drive, a novel in-wheel drive electric hydraulic hybrid vehicle (IHV) is proposed as a case
study. Its energy economy and vertical vibration characteristics are researched and
compared with the centralized motor drive electric vehicle (CEV) and in-wheel drive

electric vehicle (IEV).



Chapter 1 Introduction

1.1 Background

The massive production and use of vehicle have led to serious environmental pollution
and energy shortage. Research on reducing vehicle emission and increasing energy
efficiency has been vigorously promoted in the past decades. Numerous effective
solutions have been achieved. From the powertrain perspective, efforts are made on
increasing efficiency of power source and reducing energy loss in powertrain.

In recent years, alternative power systems have been developed for vehicle driving while
electric motor and hydraulic motor are the most popular ones [1-6]. Regarding to energy
storage systems, battery, fuel cell, ultra-capacitor, flywheel and hydraulic accumulator
are considered as promising alternative vehicle energy storages [7-9]. Among these
energy storages, battery is mostly used in vehicle combined with electric motor. Electric
motor is used to drive vehicle individually or combined with engine, which are called
battery electric vehicle and hybrid electric vehicle (HEV).

However, electric driving system is mainly used in passenger vehicles and light duty
commercial vehicles due to the high cost and low energy density of battery. Engine is still
the main power source for medium and heavy duty vehicles. For medium and heavy duty
vehicles working in urban area such as refuse collection vehicle, bus and delivery vehicle,
their energy efficiencies are remarkably deteriorated with frequent start-stop during
operating and traffic waiting [10, 11]. With added power source to launch vehicle from
standstill and drive vehicle in low speed, low efficiency working area of engine could be
avoided. Besides, considerable braking energy could be recovered. With the hybridization
of more than one power source, energy efficiency of these vehicles can be improved.
Considering controllability and torque characteristics, electric motor is a suitable choice.
Electric motor has high efficiency in a broad area. However, high power is needed for
battery and electric motor when starting and braking a medium or heavy duty vehicle
because of its heavy mass. This means large electric motor and battery are required, so
that high manufacturing cost is unavoidable [12, 13].

Comparing to electric power source, hydraulic power source takes the advantages of high
power density and low cost [14]. It could help launch vehicle quickly and recover more

braking energy without adding too much cost. The working condition determines the city



use vehicles have to start and stop frequently. At each start and stop, high power is needed
but not very much energy is consumed or generated. This helps to reduce the negative
effect of hydraulic accumulator’s low energy density [15].

Hydraulic driving system mainly consists of high pressure accumulator (HPA), low
pressure accumulator (LPA), control valve, hydraulic motor and hydraulic pump [16].
Hydraulic motor is used as the driving unit in hydraulic hybrid vehicle. Oil flows from
HPA to LPA when hydraulic motor drives vehicle. When vehicle works in regenerative
braking mode, hydraulic pump is used to transfer the vehicle kinetic energy to hydraulic
energy and store it in HPA. Oil is pumped from LPA to HPA during braking [17]. There
are generally three types of hydraulic hybrid vehicles, named series hydraulic hybrid
vehicle (SHHV), parallel hydraulic hybrid vehicle (PHHV) and power-split hydraulic
hybrid vehicle (PSHHV) respectively [18, 19].

In SHHV, engine is used to drive hydraulic pump and vehicle is driven by dual function
hydraulic pump/motor (HPM). Hydraulic components are connected by tubes by which
hydraulic energy is transferred [20, 21]. Engine is disconnected from wheels, so it can
work in high efficiency area most of the time. HPM could also be installed in wheels so
that vehicle powertrain could be simplified and vehicle handling and stability could be
increased by torque vectoring control [22]. Accumulators can adjust driving torque and
reduce engine torque fluctuation. However, a long hydraulic powertrain deteriorates the
system efficiency. To satisfy the vehicle power and torque demand, large HPM size is
required.

In PHHV, hydraulic driving system is added to vehicle powertrain [23]. Engine and HPM
could drive vehicle together or independently. In PHHYV, braking energy is recovered by
HPM and stored in HPA. This energy is used for launching and driving vehicle, by which
the engine low efficiency operating regions are avoided and vehicle fuel economy is
improved [24].

PSHHV combines SHHV structure and PHHYV structure by parallel shaft or planetary
gear set [25] to realize torque coupling and speed coupling [26, 27]. It could work in
either series mode or parallel mode. Complicated SPHHV powertrain structure increases
the control difficulty.

Among various hydraulic hybrid vehicles, PHHV can be refitted from conventional
engine driving vehicle by adding a HPM on it driveshaft, which helps reduce the design
cost and simplify the system configuration [28-30]. A thorough investigation on PHHV



is necessary to prove its economical and societal values for commercialization, especially
its fuel economy and dynamic performance.

Firstly, hydraulic driving system parameter design methods should be researched. So that
based on certain vehicle specifications and working conditions, tailored hydraulic driving
systems could be designed and selected to maximize the vehicle fuel economy. Vehicle
energy management strategy (EMS) should also be investigated to coordinate the engine
driving system, hydraulic driving system and braking system. Besides, with the added
hydraulic driving system on driveshaft, the vehicle powertrain vibration characteristics
such as natural frequency and mode shape are changed which should also be researched
to make sure that the powertrain vibrations are acceptable. In PHHV, mode switching
would happen between HPM driving mode and engine driving mode, so control strategy
should be designed for this transient process. The implementation of HPM brings another
benefit to vehicle dynamic performance which is the power on gear shifting. In the
original engine driving vehicle which is equipped with automated manual transmission
(AMT), driving torque is cut off to conduct gear shifting. In PHHV, by using HPM to
compensate the driving torque during gear shifting, vehicle dynamic performance could
be improved.

The above mentioned points are important for PHHV, but not well explored at the
moment. The following literature review will give a detailed introduction on the state of

the art of PHHV research and the gaps which should be further investigated.

1.2 Literature review

Hydraulic driving system parameters have a great impact on vehicle energy efficiency
[31]. Hydraulic driving system parameters mainly refer to HPM size and accumulator
size. It is a multi-objects optimization process to choose hydraulic driving system
parameters [30]. The effect of accumulator size on vehicle energy efficiency is researched
in [32] based on a delivery truck. With different accumulator size, the cost, weight and
energy efficiency are compared. Compromise should be made according to producer
preference when choosing accumulator size. In [33], HPM size and accumulator size are
jointly optimized. According to certain driving cycles based on predefined vehicle
routine, energy efficiency is set as the target. The best combination of HPM and
accumulator is obtained through simulation and the results are verified by experiments.

In [29], accumulator size was selected according to the power demand of a bus.



To design PHHV EMS, dynamic programming (DP) is used in [34] to find the maximal
PHHYV energy saving potential which works as a benchmark for other EMS. A more
practical rule-based EMS is designed and compared with the DP optimization results.
Based on vehicle working condition and predefined target functions related to fuel
economy, local optimization EMS can be designed. Researches show that local
optimization EMS can get better energy efficiency than rule-based EMS. In [35], a real
time EMS is designed using a cerebellar model articulation controller combined with RBF
neural networks. Parameters are trained by the results obtained from DP optimization.
Model predictive control strategy is used in [36], the local optimization algorithm is
demonstrated to achieve better energy efficiency over ruled-based EMS. Besides, it
doesn’t need future driving condition information, making it more applicable for real
implementation. However, the implementation of local optimization EMS is restricted by
limitation of hardware because massive high-speed calculation is required in work.

Some researchers have made significant contributions to PHHV regenerative braking
control strategy. PHHV is normally rear wheel driving so more braking force should be
allocated to rear wheels in PHHV to maximize the recovered braking energy. However,
to maintain vehicle stability during braking, rear wheels should be locked after front
wheels. The braking force distribution between front wheels and rear wheels have to be
well designed based on the requirements of braking energy recovery and safety
restrictions [37, 38]. Hydraulic braking force and mechanical braking force should be
allocated considering both safety and energy efficiency. Toque coupler gear shifting
schedule is considered in [39] when designing braking control strategy. An optimal
braking torque distribution curve and gear shifting schedule are developed for an urban
driving condition. Optimization of the PHHV braking process using a hydraulic pump is
conducted in [40] with the target of increasing the braking energy recovery rate. In [41],
economic commission of Europe regulation is considered when designing regenerative
braking control strategy. Some typical urban driving cycles are adopted to validate the
control strategy. Vehicle load is taken into consideration when designing regenerative
braking control strategy in [42]. The braking force distribution lines are designed
respectively for full load and no load cases. This control strategy can improve vehicle
fuel economy and braking performance, but the vehicle load identification during braking

is a challenge. It is considered in [28, 41, 43] that HPM torque is proportional to its



working pressure. So a minimum working pressure is guaranteed to provide adequate
torque for regenerative braking.

Some studies have been completed to validate the fuel economy of PHHV. In [44], a
typical driving circle is extracted from a conventional routine to research the energy
efficiency of a refuse collection vehicle. Through simulation, 20% energy efficiency
improvement is achieved compared to a conventional engine driving vehicle. In [29], tests
are conducted where HPM is used for regenerative braking and launching. The PHHV
energy benefits during an entire urban driving cycle are verified.

Compared with the massive researches on PHHV energy benefits, vibration of the PHHV
powertrain is still under researched. Powertrain dynamic model is the foundation of
vibration analysis. By establishing powertrain dynamic model and hydraulic components
model, the source of vibration and the vibration transferring routine can be determined.
Vertical vibration problems on vehicle chassis caused by hydraulic driving system are
analyzed in [45, 46] and magnetorheological fluid mounts are adopted for vibration
isolation. In [47], HPM toque is modelled in detail and the effect of piston numbers is
analyzed. The frequency characteristics of HPM excitation are revealed in this paper.
However, vehicle powertrain model is not built so the effect of HPM torque on vehicle
powertrain vibration is not studied. HPM caused pressure pulsation is researched in [48].
Lower speed and bigger swashplate angle are recommended to reduce total noise and
vibration. An accumulator model is built in [49] to investigate the pressure pulsations in
hydraulic driving system. Accumulator can be used to reduce the pressure pulsation
generated by HPM like a capacitor in the electric circuit. This research shows that more
accumulators connected can reduce the system pressure pulsation while increasing
accumulator volume seems ineffective. The pipe damping effect on hydraulic hybrid
vehicle powertrain vibration is researched in [50]. The response time of accumulator
under different temperature is researched in [51]. Results show that temperature can affect
accumulator characteristics by changing the oil viscosity.

Current research on HEV powertrain vibration provides useful references to PHHV
powertrain vibration research. A dynamic model of HEV is built in [52]. The frequency
response of powertrain to engine excitation is analyzed. Different dual-mass flywheel
inertia, stiffness and damping characteristics are compared in the model to find the
parameters that cause the least vibration. Model reduction of a HEV powertrain is

conducted in [53]. The simplified model is compared with the full order model. Results



show that the simplified model could correctly capture the powertrain low frequency
vibration characteristics. In [54], a HEV powertrain is simplified as a two mass model to
research the powertrain vibration caused by electric motor during vehicle launching. A
15 degree of freedom model and a simplified 4 degree of freedom model of a dual clutch
transmission equipped powertrain are compared in [55]. Results show that the simplified
model provides a reasonable representation of the detailed model, especially at lower
natural frequencies. Experiments are conducted in [56] to validate the fidelity of a 3
degree of freedom powertrain model. Simulation results and experimental results show
great consistency. In [57], only the driveshaft stiffness is considered and a two degree of
freedom model is built for a power-split HEV. This model has less complexity while is
still sufficient to research the powertrain vibration during rapid accelerating and
decelerating. In [58], a HEV simulation model is built and validated by tests. Active
torsional vibration control is used for vehicle launching and mode switching. Vehicle jerk
is reduced remarkably with active control. A bus powertrain model is established in [59]
by finite element method to research powertrain vibration during accelerating and gear
shifting. It is concluded that the changing rate of driving torque and clutch torque should
be restricted otherwise significant powertrain vibration could occur.

From above references, it could be found research on vehicle powertrain vibration is
necessary and significant. Conventional engine driving vehicle and HEV powertrain
modelling and vibration analysis have been deeply investigated. However, modelling and
vibration analysis of PHHV powertrain have not been researched yet.

In PHHV, mode switching and gear shifting happen according to EMS. Torque
coordinated control and speed control are required in these transient processes. No
research on PHHV powertrain coordinated control could be found although it is
important. These control strategies could only be designed referring to coordinated
control in HEV. Control of vehicle launching [60, 61], mode switching [62, 63], gear
shifting [64] and regenerative braking [65] of HEV has been investigated [66].

A hierarchical mode switching control strategy is proposed in [67, 68]. Robust controllers
are designed for clutch target toque trajectory design and tracking. To reduce the effects
of external disturbance and parameters perturbation, a robust control strategy is developed
in [69]. In [70], model reference control is used to coordinately control the engine torque,
clutch torque and motor torque. By choosing suitable controllers, benefits regarding to

torque interruption, vehicle jerk and clutch frictional losses are gained compared to



conventional control strategies. The mode switching process is divided into four phases
in [71], they are engine cranking phase, synchronization phase, clutch engagement phase
and torque switching phase. Control strategies are designed for each phase. A disturbance
observer is used to improve the control accuracy and tracking performance. Data-driven
mode switching control strategy is proposed in [72]. The best advantage of the proposed
control strategy is that accurate model is not necessary. In [73], model predictive control
strategy is used for mode switching control. The object function is defined according to
the requirements of suppressing vehicle jerk and clutch wear. In [74], engine cranking
and ignition process are modelled in detail to investigate their impacts on powertrain
vibration. In [75], the condition that the mode switching and gear shifting happen
simultaneously is considered. The coordinated control strategy is designed to shorten the
duration of this process.

In mode switching control, engine can be started by electric motor through clutch torque
[76]. Clutch engagement brings vehicle jerk which affects the vehicle driving comfort.
Clutch friction also leads to clutch wear which is represented by clutch frictional work.
Vehicle jerk and clutch frictional work are conflict targets. Slow clutch engagement helps
decrease vehicle jerk but increase clutch frictional work. Fast clutch engagement brings
an opposite effect [77]. LQR control strategy is designed for clutch control to compromise
vehicle jerk and clutch frictional work. Fast mode switching and slow mode switching
can be achieved according to the driver intention. In [78], a feedforward-LQR feedback
controller is adopted to improve the mode switching control performance. Nonlinearity,
disturbance and parameter uncertainties are considered in HEV modelling. In [67], LQR
control strategy is used for clutch torque control when starting engine.

PHHYV is normally equipped with AMT, which makes it is inevitable to have torque
interruption during gear shifting and thus vehicle dynamic performance and driving
comfort are degraded [79]. In PHHV, power on gear shifting could be realized with the
help of HPM to drive vehicle when engine torque is cut off. However, research on PHHV
power on gear shifting are quite scarce. Meanwhile, AMT power on gear shifting in other
applications is deeply researched. In [80], power on gear shifting of a parallel HEV is
researched. The effectiveness of using an electric motor to compensate engine torque
during gear shifting is validated by simulation. Parameter sensitivity analysis is conducted
to investigate the torque compensation capability with different electric motor size. A

flywheel is adopted as the secondary driving unit in [4]. During gear shifting, the flywheel



stored kinetic energy is used to drive vehicle so that torque gap is reduced. In [81], a two
electric motor driving system is proposed. The primary motor drives vehicle via AMT
and the second motor is installed on vehicle driveshaft and used to drive vehicle during
gear shifting. Motor torque transfer control strategy is designed based on a modified bump
function. In [82], an electric motor is integrated into AMT output shaft by a two speed
epicyclical gear set to enlarge the electric motor torque compensation range. An assist
clutch is used to replace the fifth gear synchronizer of AMT in [83]. In the revised
transmission, the assist clutch helps to transfer engine torque during gear shifting so that
torque interruption is solved.

To improve PHHV driving comfort and dynamic performance, it is worthy to research
and design mode switching and power on gear shifting control strategies [84]. There are
several specific characteristics of PHHV powertrain that should be considered when
designing control strategies. Engine inertia is much larger in medium and heavy duty
vehicles, which means the powertrain equivalent inertia notably changes with or without
engine [85]. It potentially causes vibration to powertrain when engine clutch is engaged
and disengaged, depending on vehicle acceleration. Besides, HPM torque is directly
determined by its working pressure, which means the available HPM torque is restricted
by accumulator pressure state [86]. Therefore, the HPM torque compensation capability
under different accumulator pressure should also be investigated.

Accurate powertrain state parameters are the foundation of control. However, it is hard to
measure the powertrain state parameters such as clutch speed and torque for technical or
cost reasons [87]. For these measurable state parameters such as vehicle speed and
acceleration, noise also affects measurement accuracy. To estimate the unmeasurable
state parameters and reduce the measurement noise effect, various estimation algorithms
have been proposed [88, 89]. In [90], a self-adaptive unscented Kalman filter is adopted
to estimate vehicle speed. The estimation is based on wheel speed, vehicle acceleration
and wheel braking torque which could be measured by sensors. In [91], a model based
estimator is used to estimate vehicle mass. To conduct active vibration control, dual
extended Kalman filter is used in [92] to estimate the driveshaft torsional angle and
vehicle mass. Unscented Kalman filter algorithm is designed in [93] to estimate clutch
torque. Experimental results verify that the proposed algorithm is capable of practical use.
Engine torque estimation is researched in [94]. Through simulation and experiment, the

proposed unknown input observer is demonstrated to be robust under sensor noise. The



unknown input observer is also used in [95] to estimate road bank and slope. Tyre

resistant torque is affected by road roughness which is changing with different road

conditions. In [96], road roughness is estimated by a discrete Kalman filter. In [97], a dual

H infinity filter is designed for electric vehicle inertial parameters estimation. The

convergence rate is verified by hardware-in-loop experiment, which proves the

practicality of the estimator.

1.3 Research objectives

This research targets on improving the PHHV fuel economy, driving comfort and

dynamic performance, which are presented as following in detail:

1)

2)

3)

4)

5)

Propose a comprehensive PHHV hydraulic driving system parameter design
method that could be used for different vehicle specifications and driving
conditions.

Design PHHV EMS to properly coordinate engine driving system, hydraulic
driving system and braking system during vehicle driving and braking.
Investigate the effect of hydraulic driving system on PHHV powertrain vibration
characteristics.

Design mode switching and gear shifting control strategies to reduce powertrain
vibration and increase vehicle dynamic performance and driving comfort during
these transient processes.

Investigate the prospect of using HPM for in-wheel drive applications considering

its high power density advantage.

1.4 Contribution to the knowledge

1))

2)

A comprehensive method is proposed for PHHV hydraulic driving system
parameter design. It provides a completed process to select the hydraulic driving
system parameters based on power analysis under different vehicle specifications
and driving conditions.

A practical rule-based EMS is designed for PHHV including the driving torque
allocation strategy, gear shifting schedule, regenerative braking control strategy.
All of the vehicle fuel economy, vehicle dynamic performance and braking safety

are considered.
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3) For the first time, the impact of hydraulic driving system on PHHV powertrain
vibration characteristics is researched. The change of powertrain natural
frequencies and mode shapes are revealed. The HPM excitation is modelled and
its impact on powertrain vibration is analyzed.

4) For the first time, PHHV mode switching and power on gear shifting is researched
and control strategies are designed to improve vehicle driving comfort and
dynamic performance during these transient process.

5) A novel in-wheel drive electric hydraulic hybrid vehicle (IHV) is proposed which
takes the HPM high power density advantage. Its energy economy and vertical
vibration characteristics are researched and compared with centralized motor

drive electric vehicle (CEV) and in-wheel drive electric vehicle (IEV).

1.5 Outline of thesis

The remainder of this thesis is organized as following:

In chapter 2, PHHV powertrain structure is introduced and modelled to reveal its working
principle. According to power analysis results based on the Chinese typical urban driving
cycle (CTUDC), hydraulic driving system parameters are designed.

In chapter 3, the optimal PHHYV fuel economy is investigated by DP optimization. Then
arule-based EMS is designed to improve the PHHYV practicality, including driving torque
allocation control strategy, gear shifting schedule and regenerative braking control
strategy.

In chapter 4, PHHV powertrain vibration characteristics are researched and compared
with the original engine driving vehicle. A 14 degree of freedom powertrain dynamic
model is established based on the lumped parameter method and then simplified to a 6
degree of freedom model. The frequency response of PHHV powertrain under the engine
excitation and HPM excitation is researched based on the simplified model.

In chapter 5, mode switching control strategy is designed. Distinctive characteristics of
PHHV such as relatively slower HPM torque response and larger engine inertia are
considered. Due to the low energy density of accumulator, hydraulic energy consumption
is also considered during mode switching.

In chapter 6, power on gear shifting control strategy is designed to maintain vehicle
dynamic performance and improve vehicle driving comfort during gear shifting.

Extended Kalman filter (EKF) is adopted for powertrain state estimation to provide more
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accurate state feedback for power on gear shifting control strategy as well as mode

switching control strategy. HPM torque compensation capability is researched based on

the designed gear shifting schedule and typical driving cycles.

In chapter 7, a novel IHV is proposed and its energy economy and vertical vibration

characteristics are researched and compared with CEV and IEV. DP optimization is used

to explore the optimal energy consumption of each vehicle. Their vertical vibration

characteristics are researched with a simplified quarter vehicle dynamic model.

In chapter 8, main works of this thesis are concluded.
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Chapter 2 Powertrain modelling and parameter design

2.1 Introduction

PHHYV powertrain structure is shown in Figure 2.1. Hydraulic driving system is added to
the driveshaft of a conventional rear wheel driving vehicle. This modification does not
change the original engine driving powertrain. Engine torque is transmitted to rear wheels
via engine clutch, AMT, driveshaft, differential and halfshaft. HPM is the driving unit in
hydraulic driving system. It could provide both positive torque and negative torque for
vehicle driving and braking. HPA is used to store the energy recovered from regenerative
braking by compressing the inert gas in it. LPA works as a reservoir and its pressure is
much lower than HPA. HPM works under the pressure difference between HPA and LPA.
A valve is used to control oil flow in the system. When hydraulic driving system works,
valve is opened and oil could flow between HPA and LPA. When hydraulic driving
system does not work, valve is closed and oil flow is prevented.

During vehicle launching and driving, HPM works as a motor and oil flows from HPA to
LPA. By adjusting the swashplate angle and direction, positive torque is generated by
HPM under the pressure difference to propel vehicle. During regenerative braking, HPM
works as a pump and oil flows from LPA to HPA. Negative HPM torque is applied to
vehicle. Braking energy is recovered and stored in HPA. HPM gear is adopted to adjust
HPM torque and speed. HPM clutch is used to protect HPM from over-speed operations.

When HPM speed reaches its maximum working speed, HPM clutch is disengaged.
HPA Valve HPM  HPM clutch

HPM swashplate

Figure 2.1. Structure of PHHV powertrain.
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2.2 PHHYV powertrain modelling

2.2.1 PHHYV Powertrain modelling

PHHYV is driven by engine and HPM individually or in combination. Engine and HPM
torque is adjusted by AMT, HPM gear and main reducer, as described following:

SMa=(Tjiin,+Tin,~T,-T,)/R, @2.1)
where O is vehicle rotational inertia factor, M is vehicle mass, a is vehicle

acceleration, 7, is engine torque, i, is AMT gear ratio, i, is main reducer gear ratio, 7,

is engine powertrain efficiency, 7, is HPM torque, i, is HPM gear ratio, 7, is hydraulic
powertrain efficiency, 7, is vehicle resistant torque, 7, is mechanical braking torque.
R, is tyre dynamic radius. Vehicle resistant torque is mainly caused by air resistance,

slope resistance and rolling resistance:
T, :(Mgsin(ngﬁ)+%pai,,AfCDV2 + Mgf. cos(¢)}&, (2.2)

where g is gravitational acceleration, ¢ is road slope, p

air

is air density, 4, is vehicle
frontal area, C, is air drag coefficient, V' is vehicle speed, f, is rolling resistance

coefficient.
2.2.2 HPM modelling

Figure 2.2 illustrates HPM structure. In HPM, the valve plate divides the hydraulic circuit
into high pressure circuit and low pressure circuit. When HPM shaft rotates, cylinders
connect with high pressure circuit and low pressure circuit alternatively. High pressure
cylinders are connected to HPA and low pressure cylinders are connected to LPA. The
pressure difference between high pressure cylinders and low pressure cylinders generates
torque on HPM shaft. The direction and value of HPM torque are controlled by adjusting
the swashplate angle.

A three position four way proportional directional valve is adopted to control oil flow.

Spool is kept at the regular position under the spring force without control. When a control

current i, is added to solenoid, spool moves as following:

mspxsp + cspxsp + ksp‘xsp = ki lsp (2 3 )
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where m,, is spool mass, x,, is spool displacement, c¢,, is spool damping, k

4 18 spool

spring stiffness, &, is solenoid electromagnetic coefficient.

+«— Solenoid

clld isp
T

p1/\ ' /\\Pz
LV VIV V]

Control cylinder Piston

Reset spring | 1 |R
DT N I lllqlﬂ -

|

Low pressure cylinder

Swashplate

High pressure cylinder

Valve plate

Figure 2.2. Structure of HPM.
Spool displacement controls oil flow through its four control gaps. Assuming constant
discharge coefficient and neglecting the valve leakage, flow rates through the four control

gaps can be described by equations:

2|pl_pT|

0,=Com ot 2 sunt, ) 2.9
0, = Cyw,Jx, | e(-x,) 2]’V—:”Jsgn(pv—pl) 2.5)
0. = Con i, |ee, ). PPl i~ ) 2.6)
0, = Con Jx, e, ), | P~ Prl gnp, ) 2.7)

c

where C, is discharge rate, w, is valve port width, £(x) is a function defined as:
g&(x)=1,when x>0; ¢(x)=0,when x<0; p, isproportional valve pressure, p, and
p, are pressure acting on the two sides of control cylinder piston, p_ is density of oil in

control cylinder, p, is tank pressure. p, and p, could be described by equation (2.8)
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and equation (2.9). In control cylinder, the internal and external leakage is very small and

can be neglected [98, 99].

P =§ J0,-0,~ 4,5, ~ Fo 2.8)
B . D
P, =72J.(QC ~0,+ 4%, +R—Z)dt (2.9)
where
P.=P= P, (2.10)
V=V, +Ax, 2.11)
V,=V,—A4,x, (2.12)

where B is effective oil bulk modulus, ¥, and V, are volumes of the two sides of control
cylinder piston, A4, is control cylinder piston cross sectional area, x, is control cylinder
piston displacement, p, is the pressure difference between the two sides of control

cylinder piston, R, is leakage resistance, V}, and V,, are the initial volumes of the two

sides of control cylinder piston.
Swashplate movement is represented by following equation:

J, 0= BAp’lW -k, a-c,a+M_, (2.13)
where J is the equivalent inertia of swashplate and control cylinder piston, & is
swashplate angle, », is the distance between swashplate rotating axle and control
cylinder piston acting point, &k, is equivalent reset spring stiffness, c,, is equivalent

swashplate damping, M is pumping pistons lateral moment acting on swashplate.

HPM oil flow rate ¥, and HPM torque 7, could be described by:

2
v, = ”Z z Rtana (2.14)
V A
;_p Mo when HPM works as motor
=11 A (2.15)
ZwlP when HPM works as pump
27[77mh

Where where d is HPM cylinder diameter, z, is HPM cylinder number, R is HPM

cylinder pitch radius [99, 100], Ap is HPM working pressure which is the pressure
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difference between HPA and LPA, 5, is HPM mechanical efficiency which is mainly

affected by HPM working pressure, speed and displacement.
2.2.3 Accumulator modelling

Accumulator layout is shown in Figure 2.3, here pressurized inert gas is contained in
bladder. When oil flows into accumulator, bladder is compressed and inert gas pressure
increases. When oil flows out of accumulator, bladder expands and inert gas pressure
decreases. The energy stored in accumulator is described by equation (2.16). In this
model, the compression and expansion process is considered as an adiabatic process [40].

So the thermal loss of accumulator is neglected as it is much less than the energy

Inert gas >

Figure 2.3. Layout of accumulator.

transferred in charging and discharging process.

Bladder

k-1

k,
g [g} . o

0

where E, is the energy stored in accumulator, F, is accumulator pre-charged pressure,
V, isinert gas volume under pressure F,, k, is inert gas ploy index and P is accumulator

working pressure.
2.2.4 Engine modelling

Engine torque and fuel consumption are modelled as a lookup table, as shown in Figure
2.4. Engine fuel consumption is described by brake specific fuel consumption (BSFC).
Smaller BSFC value indicates engine consumes less fuel to provide the same power,
which also means vehicle gets better fuel economy.

During vehicle driving, engine torque is controlled by driver through throttle, as described
by following equation:

T=aT._ (n) (2.17)

e emax

where «a, is engine throttle, 7, (n,) is the maximum engine torque at speed n, .

emax



18

800 . .
193 \

«_Jl\\?\- h

03 06
wm____,z//’l

5 —
————— g 219 336-—
200 — 29—
.___.-235———-——-‘235 278 —
— cag—01 46
/‘309“—-‘

— 28— 718

~

Torque (Nm)
£
]

800 1000 1200 1400 1600 1800 2000 2200 2400
Speed (rpm)

Figure 2.4. Engine BSFC map.
2.2.5 Clutch modelling

In PHHYV, dry clutch is adopted to transmit engine torque and HPM torque. When clutch
is disengaged, clutch torque is 0. When clutch is engaged, clutch torque is determined by
engine and HPM torque. When clutch is slipping, clutch torque is determined by the
normal force acting on clutch and the clutch structure parameters [101], which can be

expressed by following equation:
T, =FN.uR sgn(6,-6,) (2.13)
where T, is torque transmitted by clutch, F, is the normal force acting on clutch. N, is

clutch frictional surface number. g, is clutch frictional coefficient, R, is clutch disc

equivalent radius, 9 is clutch driving disc speed, 0 ., 1s clutch driven disc speed.

2.3 Hydraulic driving system parameter design

HPM working efficiency is much affected by its working pressure, displacement and
speed. However, most of the current research does not consider all of these factors. HPM
working efficiency is only analysed based on one or two factors. Besides, accumulator
parameters such as working pressure and gas volume have significant impacts on vehicle
dynamic performance and fuel economy. However, its parameters are often selected
intuitively or by simple calculations. An effective and practical method to find the most
suitable hydraulic driving system parameters is necessary. Only with matched parameters,

EMS will be able to fulfil its potential and the maximal PHHV fuel economy could be
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attained. In this section, hydraulic driving system parameters are designed according to
vehicle power analysis.

With high power density, hydraulic driving system gets more energy benefits in city used
medium and heavy duty vehicles with frequent starting and braking [18, 102]. Therefore,
a medium duty truck which is widely revised to refuse collection vehicle is selected as
the original vehicle. Hydraulic driving system is added to its driveshaft to build a PHHV.
The original vehicle parameters are shown in Table 2.1. Hydraulic driving system
parameters are designed based on the original vehicle parameters and the typical urban
driving cycle CTUDC.

Table 2.1. Original vehicle parameters.

Symbol  Parameter Value Unit
M, Gross vehicle mass 10700 kg
M. Cab chassis mass 3300 kg

f, Road rolling resistance coefficient 0.018 -

A4, Vehicle frontal area 5.63 m?

Cp Air drag coefficient 0.7 -

Lair Air density 1.2255 kg/ m?
R, Tyre dynamic radius 0.439 m

L Wheelbase 4.06 m

I Main reducer gear ratio 4.55 -

1" =6.62 , 2M =4.1
Iy AMT gear ratio 3"=236 4"=153 -

5" =1 6" =0.72

b

2.3.1 HPM parameter design

To find suitable HPM parameters, power analysis is necessary to obtain the vehicle torque
demand and power demand during normal urban working conditions. As mentioned
before, hydraulic driving system helps reduce fuel consumption by recovering braking
energy and reusing the recovered energy for vehicle launching and driving, as such these
platforms attain more energy benefits with working conditions that require frequent

braking and launching. The typical urban driving cycle CTUDC is selected as a
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representative of PHHV urban working conditions. The profile of CTUDC is shown in
Figure 2.5.
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Figure 2.5. Profile of CTUDC.

=]
<

Power analysis is conducted with half load condition in which vehicle mass is 7000 kg.
The wheel torque demand and power demand of PHHV during CTUDC are shown in
Figure 2.6. It could be found at most of the time, PHHV power demand is lower than 100

kW. However, torque demand is quite high during acceleration and deceleration events.
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Figure 2.6. PHHV power analysis results.
In PHHV powertrain, only one gear is adopted to reduce the system complexity, which
restricts the ability to adjust HPM torque. Furthermore, HPM torque is proportional to its
working pressure as described in equation (2.15). Working pressure varies a lot as oil
flows into and out of HPA. So HPM should be chosen with oversized displacement and
power than is required by power analysis to guarantee the torque availability under lower
working pressure conditions. A HPM on the market is selected and its parameters are

shown in Table 2.2. HPM efficiency with 20%, 60% and 100% of its maximum
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displacement is shown in Figure 2.7. HPM gear ratio is designed as 2 to coordinate with

vehicle speed.

Table 2.2. HPM parameters.

Parameter Value Unit
Maximum displacement 107 cm’/rev
Nominal working pressure 40 MPa
Peak working pressure 45 MPa
Maximum operating speed 3550 rpm
Maximum output torque 681 Nm
Maximum power 253 kW
HPM gear ratio 2 -
1 - 100% displacement
0.9 -
0.8
60% displacement
0.7
-
2 0.6 |
¥
k3]
' 0.5 -
m
0.4 -
20% displacement
0.3
0.2 -
0.1+ __—___‘——j———(__———r_; -
40 20 00 2000 4000
Pressure (MPa) Speed (rpm)

Figure 2.7. HPM efficiency maps.

2.3.2 Accumulator parameter design

From Figure 2.7, it is shown that HPM efficiency varies a lot under different working

pressure, speed and displacement, so suitable accumulator parameters should be selected

to maximize HPM dynamic performance and minimize losses. The parameters include

accumulator gas volume and working pressure. In hydraulic driving system, LPA is only

used to store oil. So it is only charged with a low pressure to prevent HPM cavitation [26,

103]. For HPA, there are two parameters needed to be designed: the minimum working
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pressure and the corresponding inert gas volume at the minimum pressure. These
parameters affect HPM working efficiency and PHHV fuel economy. So PHHV fuel
consumption with different minimum HPA working pressure and corresponding gas
volume at this pressure are investigated. Results are shown in Figure 2.8. It could be found
that PHHV minimizes its fuel consumption if the minimum working pressure is between
10 MPa to 18 MPa. This pressure is the high efficiency region of HPM, as shown in
Figure 2.7.

At the same minimum working pressure, when gas volume increases, PHHV fuel
consumption decreases. The reason is that with larger gas volume, HPA pressure could
be more stable at the HPM high efficiency region. However, larger gas volume requires
larger accumulator installation space and increases accumulator cost, which are
drawbacks for PHHV application and commercialization. Besides, higher HPA working
pressure provides higher HPM torque, which improves vehicle dynamic performance and
is especially important during regenerative braking in reducing the use of mechanical
braking components. Equation (2.15) demonstrates that HPM torque is proportional to its
working pressure. When HPA energy is used up for vehicle launching and driving, HPA
is normally with its minimum pressure when braking starts. To provide adequate torque
for regenerative braking, a certain HPA minimum pressure should also be maintained.
By compromising the accumulator size, PHHV fuel economy and regenerative braking
requirement, the minimum HPA working pressure is chosen as 17 MPa, and the

corresponding gas volume at this pressure is 70 L.
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Figure 2.8. PHHV fuel consumption during CTUDC with different HPA parameters.



23

2.4 Summary

In this chapter, PHHV powertrain structure and working principle are introduced with the
modelling of powertrain components. Hydraulic driving system parameters are designed
through vehicle power analysis based on the typical urban driving cycle CTUDC. During
parameter design process, all of the HPM working pressure, displacement and speed
which affect HPM efficiency are considered. The designed parameters include HPM size,
HPM gear ratio, HPA minimum working pressure and corresponding gas volume at this
pressure. Vehicle dynamic performance, fuel economy, manufacturing cost and

installation space are compromised during parameter selection.
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Chapter 3 Energy management strategy design

3.1 Introduction

Among various PHHV EMS, rule-based EMS is practical and widely used. Rule-based
control strategy is normally designed according to powertrain parameters and vehicle
working conditions, such as energy storage efficiency map, power source torque
characteristics, transmission gear ratio, driver torque demand and vehicle speed. Because
the rules are designed ahead, their effect is limited when vehicle works in various
conditions. The global optimization control strategy could achieve the maximum energy
efficiency towards a known driving cycle. However, vehicle routine is hard to be known
in advance. Therefore, global optimization is not suitable for practical applications.
Global optimization is often conducted through DP optimization and the results are used
as benchmark to evaluate the effects of other EMS [104-106].

To investigate the maximal PHHV fuel economy potential, DP optimization is firstly
adopted in this section. Then, based on the DP optimization results, a rule-based EMS is

designed and evaluated.
3.2 PHHYV fuel consumption analysis based on DP optimization

In this research, the target of DP optimization is to minimize the PHHV fuel consumption

during CTUDC, as described by following equation:
N-1
j=Y L(X(n),U(n))+v(B, x5 ,) 3.1)
n=0

where is cost function to be minimized. N is DP optimization steps, X is the state variable

which is HPA pressure. U are the control variables including HPM displacement and

AMT gear. L(X , U ) is PHHV instantaneous fuel consumption determined by X and U.
y(P,L v —I’,to) is a penalty function to restrict the final HPA pressure to be consistent

with its initial pressure , where 7 is penalty factor, P, is HPA pressure.

State variable at step n+/ is determined by the state variable and the control variables at

step n, which is described as following:

X(n+1)=f(X(n),U(n)) (3.2)



25

The minimum fuel consumption could be obtained by solving the following recursive

equations:

For (N-1)-th step:

j(N=1)=min (L(X (N-1),U(N=1))+v(B,_y=F_,)) (3.3)

U(N-1)
For n-th (0 <n< N—l) step:

j(n)=min(L(X (n),U(n))+j(n+1)) (3.4)

U(n)
where j(N —1) is the minimum fuel consumption at step N-1 when the control variables

U(N-1) are applied on the state variable X (N—1). j(n) is the minimum fuel

consumption from #n-th step to (NV-1)-th step.
There are constraints on the state variable and the control variables which are determined
by PHHV powertrain components physical characteristics. These constraints should be

satisfied at all the time:

(3.5)

where n, 1s HPM speed.

Based on DP optimization, PHHV fuel consumption during CTUDC is obtained as shown
in Figure 3.1. As a comparison, fuel consumption of original vehicle is also calculated by
DP optimization and shown in Figure 3.1. Original vehicle is the vehicle PHHV refitted
from, so it has the same parameters as PHHV. Results show that fuel consumption is
776.4 g in original vehicle and 563.2 g in PHHV, indicating a fuel consumption reduction
0f 27.5%.

PHHYV working mode during CTUDC is obtained by analyzing engine torque and HPM
torque at each step, as shown in Figure 3.2. It is illustrated that engine driving accounts
for most of the vehicle driving. Hybrid driving mostly happens with small engine torque.
At these points, HPM is the main driving unit. Although engine charging accounts for
21.7% of all working modes, it could be found that most of the engine charging mode

happens with small engine torque. In these scenarios, HPM provides negative torque to
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recover braking energy and engine torque is used to adjust HPM torque to high efficiency
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Figure 3.1. Fuel consumption of PHHV and original vehicle.
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Figure 3.2. PHHV driving mode obtained by DP optimization, (a) Engine torque and
HPM torque, (b) Percentage of each driving mode.

3.3 Rule-based EMS design

3.3.1 Driving torque allocation strategy design

The optimal PHHV fuel economy potential is obtained by DP optimization. However, DP
optimization is a global optimization method and requires prior knowledge of the driving
condition which is hard to be satisfied in real applications. So a practical rule-based EMS
is designed based on DP optimization results.

Due to low energy density of accumulator, engine is not used to charge HPA to reserve
its space for regenerative braking. During vehicle launching and driving, HPM functions
independently if it can meet the driver torque demand. When HPM torque doesn’t satisfy
the driver torque demand, engine is used to drive vehicle together with HPM. If HPA

energy is used up, HPM doesn’t work and only engine drives vehicle.
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3.3.2 Regenerative braking control strategy design

During braking, braking force is composed of mechanical braking force provided by
braking discs and regenerative braking force provided by HPM:

F,=F, +F,
P;)r :F +P;)l‘]’l

brm

(3.6)

where F, is total braking force, F,, is front wheel braking force which is all provided by

mechanical braking, F, 1is rear wheel braking force, F, ~1is rear wheel mechanical

brm

braking force, F,, is hydraulic regenerative braking force.

The maximum available braking force is determined by vertical wheel load and the road
adhesion coefficient:

F,

bmax

=gF, (3.7)

where F,

»mae 1S the maximum available braking force. F, is vertical wheel load, ¢ isroad
adhesion coefficient.

When braking force is greater than the maximum available braking force, wheel will be
locked. Front vertical wheel load and rear vertical wheel load during braking is:
F,=G(L,+zH,)/ L

F,=G(L,-zH,)/L

(3.8)
By = PFy
Ferax = ¢F;r
where £, is front wheel vertical load, F,, is rear wheel vertical load, £, . 1is the

maximum available front wheel braking force, F, is the maximum available rear

brmax

wheel braking force, G is vehicle gravity, L, is the distance between vehicle center of
gravity and rear axle, L, is the distance between vehicle center of gravity and front axle,
H, is the height of vehicle center of gravity, L is wheelbase, z is braking intensity which

is defined as:
dv
— = 3.9
8 (3.9)
When front wheels and rear wheels lock up simultaneously, the braking intensity is equal

to the road adhesion coefficient. That is z = ¢ and equation (3.10) can be derived from

equation (3.8).
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F,=9G(L,+pH,)/L 5,10
F,=¢G(L,~¢H,)/L '
By eliminating ¢, the relationship between £, and F,, is described by equation (3.11)

and shown as I curve in Figure 3.3.

4H L
Fbr:l{i Li+—ngf_(%+2beH (3.11)
2| H, G H,
x 10*

Vel Qurve

F (N) x 10"

Figure 3.3. Regenerative braking control strategy.

PHHV is a rear wheel driving vehicle. To recover more braking energy, braking force
should be allocated to rear wheels as much as it can be without compromising vehicle
safety and HPM should be the first option to provide rear wheel braking force. However,
if rear wheels are locked before front wheels, vehicle will be in unstable state [107]. That
is to say, the braking force distribution line should not be above the I curve in Figure 3.3
generally.

When braking intensity is much less than road adhesion coefficient, braking force could
be all allocated to rear wheels without causing wheel lockup. This braking control strategy
c increase the braking energy recovery rate [108]. To guarantee adequate braking safety
redundancy, a 0.2 road adhesion coefficient is chosen as the boundary to which over
hydraulic regenerative braking force could be applied. This is equivalent to operating on
low adhesion surfaces such as snow or ice covered roads. The rear wheel lockup curve

with 0.2 road adhesion coefficient is shown as line BD in Figure 3.3.
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Considering braking safety and braking energy recovery rate, when braking intensity is
less than 0.1, braking force is all provided by HPM, shown as line OA in Figure 3.3.

On medium and heavy duty vehicles, the ratio of mechanical braking force between front
and rear wheels is normally fixed, shown as the £ curve in Figure 3.3.

When braking intensity is higher than 0.2, braking force is distributed to front wheels and
rear wheels according to the I curve, which is shown as curve BC in Figure 3.3. In this
scenario, front braking force is all provided by mechanical braking. Rear mechanical

braking force is determined by front wheel braking force according to the £ curve. HPM
regenerative braking force compensates for the rest rear braking force between I curve
and S curve.

When braking intensity is within 0.1 to 0.2, braking force is distributed along the line AB.
Rear wheel mechanical braking force is determined by the f curve and HPM
regenerative braking force compensates for the rest rear braking force between I curve
and [ curve.

When braking intensity is greater than 0.8, only mechanical braking is used for the sake
of braking safety. Regenerative braking force is 0 and mechanical braking force is
allocated according to the £ curve.

Regenerative braking control strategy is shown in Figure 3.3 and also described by
equation (3.12) to equation (3.15).

OA: z<0.1, sole hydraulic regenerative braking:

£y =0
E =0 (3.12)
F;)rh :F;

AB: 0.1<z <0.2, blended mechanical and hydraulic regenerative braking:

2(z-0.1)(L,+02H,)G

Fy = i
1-—
F,, = -5 F,, (3.13)
ﬂ !

F :ZG_E;f_F;

rm

BC: 0.2< z <0.8, blended mechanical and hydraulic regenerative braking:
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G
F, = zz(Lb +zHg)
1-p
F;)rh :ZE(La _ZHg) F;)rm
After C: z>0.8, sole mechanical braking:
Fy =BG
E. =(1—,B)zg (3.15)
F'brh = O

According to the proposed regenerative braking control strategy, the regenerative braking
force required for every braking intensity and the regenerative braking force ratio is
shown in Figure 3.4. From Figure 3.4(a), the maximum required regenerative braking

force is about 6860 N when braking intensity is 0.1.
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Figure 3.4. (a) Required regenerative braking force against braking intensity, (b)
Regenerative braking force ratio against braking intensity.
The rule-based driving torque allocation strategy and regenerative braking control

strategy is shown in Figure 3.5. In Figure 3.5, T ,. is the driver torque demand.

3.4 Gear shifting schedule design

Engine torque is adjusted by AMT to satisfy a larger range of vehicle speed and driver
torque demand. Under certain vehicle speed and torque demand, vehicle could work with

different gears with which engine has different working points, determined by gear
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shifting schedule. Vehicle dynamic performance and fuel economy are greatly affected

by gear shifting schedule.

Engine driving
mode

A

Idle mode

HPM driving

mode Hybrid driving mode
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HPM
braking mode
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A 4
Mechanical Blended
braking mode braking mode

Figure 3.5. Rule-based driving torque allocation and regenerative braking control

strategy.
3.4.1 Economic and dynamic gear shifting schedule design

Economic gear shifting schedule is designed by comparing engine fuel consumption with
different gears. As shown in Figure 3.6(a), the traction force lines of 1% gear and 2" gear
with different throttle are drawn. For a required traction force, the intersection of required
traction force line and the 1% gear traction force line determines the throttle at different
vehicle speed. For example, point ‘a’ denotes that if vehicle speed is 5.05 km/h with 1%
gear, engine throttle should be 60% to provide 25000 N traction force. Vehicle speed and
engine throttle are converted to engine speed and torque. Fuel consumption is determined
by interpolation in engine BSFC map and illustrated in Figure 3.6(b). Repeat the same
process for different vehicle speed, fuel consumption lines are attained for 1% gear and
2" gear. Fuel consumption lines of 1% gear and 2™ gear intersect at point ‘A’. If vehicle
speed is lower than point ‘A’ vehicle speed, fuel consumption with 1% gear is lower than
2" gear. If vehicle speed is higher than point ‘A’ vehicle speed, fuel consumption with
1% gear is higher than 2™ gear. So point ‘A’ is the gear shifting point of 25000 N traction

force. With the same vehicle speed and traction force, engine throttle are different with
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different gears, which are depicted as ‘A" and ‘A"’ in Figure 3.6(c). ‘A" determines the
15t gear to 2™ gear upshifting point and ‘A" determines the 2™ gear to 1% gear
downshifting point. By adopting different traction force, gear shifting lines of 1% gear and
2" gear are designed. Gear shifting lines of other gears are also designed in the same

method. Figure 3.6(d) depicts the economic gear shifting schedule.
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Figure 3.6. Economic gear shifting schedule.

Dynamic gear shifting schedule targets on providing maximal vehicle acceleration under
each throttle. Vehicle acceleration is described by:

a= 5M;Rw(7’8igifne ~T,) (3.16)
Gear shifting schedule between 1% gear and 2" gear is introduced as an example of
dynamic gear shifting schedule design. Under the same throttle, such as 20%, vehicle
acceleration with 1°t gear and 2" gear are drawn respectively in Figure 3.7(a). Looking at
a same vehicle speed, if vehicle acceleration with 1% gear is higher than 2" gear, 1% gear
should be used at this vehicle speed and engine throttle, and vice versa. The intersection
of acceleration lines is the gear shifting point. If there is no intersection which means 1*

gear acceleration is greater than 2™ gear acceleration at all speed, 1° gear should be used
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until engine speed reaches its maximum limit. The same comparison is conducted with
different throttle and the intersections are connected. The line is 1% gear and 2" gear
shifting line. In this research, 1% gear acceleration is always greater than 2" gear
acceleration, so gear shifting should be conducted at the maximum vehicle speed with 1%
gear. Gear shifting schedules of other gears are designed with the same method which is
shown in Figure 3.7(b). Figure 3.7(b) demonstrates that to achieve the best dynamic

performance, vehicle should work with the lowest possible gears.
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Figure 3.7. Dynamic gear shifting schedule.
Comparing economic and dynamic gear shifting schedules, dynamic gear shifting
schedule tends to use lower gears which have larger gear ratios and provide higher driving
torque. In contrast, economic gear shifting schedule tends to use higher gears at much
lower vehicle speed, which saves fuel consumption but degrades vehicle dynamic

performance.
3.4.2 Gear shifting schedule design based on DP optimization

In this section, gear shifting schedules are designed based on DP optimization results.
The gear position distribution obtained by DP during CTUDC is categorized in Figure
3.8. It could be found that gear positions are mostly divided by vehicle speed at low
throttle working condition. This indicates gear shifting schedule could be designed
according to vehicle speed at low throttle. However, upshifting of higher gears are
postponed at high throttle. It is because, at high throttle, more driving torque is required.
Lower gears provide larger driving torque while higher gears couldn’t provide enough
torque. So upshifting needs to be delayed at high throttle to achieve better vehicle
dynamic performance. A two parameters gear shifting schedule is designed based on

above analysis, as shown in Figure 3.9. Comparing with economic and dynamic gear
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shifting schedules, fuel economy is paid more attention to when throttle is small. At larger
throttle which means higher traction force is demanded by driver, gear shifting is delayed
to improve vehicle dynamic performance. So DP optimization based gear shifting
schedule gets a balanced vehicle fuel economy and dynamic performance. The upshifting

schedules are adjusted to offset the downshifting schedules to avoid excessive gear

shifting [2, 109].
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Figure 3.8. Gear position distribution obtained by DP, (a) PHHYV, (b) Original vehicle.
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Figure 3.9. Gear shifting schedule based on DP optimization.

3.5 PHHY fuel consumption analysis with rule-based EMS

To verify PHHV fuel economy under the proposed rule-based EMS, a PHHV simulation

model is built with Matlab/Simulink. An original vehicle simulation model is also built
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as a comparison for PHHV. Through simulation, fuel consumption of PHHV and original
vehicle during CTUDC with rule-based EMS is attained, as shown in Figure 3.10. It is

shown that original vehicle consumes 787.3 g of fuel while PHHV consumes only 581.7
g of fuel.
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Figure 3.10. Comparison of fuel consumption during CTUDC.
HPA pressure during CTUDC is shown in Figure 3.11. The HPA end pressure is 36.42
MPa which is higher than its initial pressure of 30 MPa. It could be treated as HPA is

charged by engine.
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Figure 3.11. HPA pressure during CTUDC.
The energy stored in HPA is transformed into equivalent fuel saving so that PHHV fuel

consumption is deducted. The equivalent fuel saving is calculated by following equation:

Equ_fuel = E, eff 11, BSFCp,, (3.17)
where Equ_fuel is the equivalent fuel saving of the energy stored in HPA at the end of
the driving cycle, E,,, is the energy stored in HPA at the end of the driving cycle which
15 0.0553 kWh from 30 MPa to 36.42 MPa. eff,,,, is the average HPM efficiency during
the whole driving cycle which is calculated as 0.77. BSFC,, is the average engine BSFC

during the whole driving cycle which is calculated as 232.9 g/kWh. Finally, the energy
stored in the HPA is equivalent to 9.9 g fuel saving.
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The final fuel consumption of two vehicles is listed in Table 3.1. In PHHV, the equivalent
fuel saving is deducted. It is demonstrated that PHHV could reduce fuel consumption by
27.4% with rule-based EMS. Comparing with DP results, PHHV fuel consumption is
increased by 1.53%, which demonstrates that rule-based EMS attains both fuel economy
and practicality. Original vehicle fuel consumption with rule-based EMS is very close to
DP optimization, which demonstrates the gear shifting schedule extracted from DP
optimization is effective and efficient.

Table 3.1. PHHYV and original vehicle fuel consumption comparison.

Original vehicle =~ PHHV Reduction rate
Fuel consumption (DP) (g) 776.4 563.2 27.5%
Fuel consumption (Rule-based) (g) 787.3 571.8 27.4%

Figure 3.11 shows HPA pressure increases during braking and decreases during launching
and driving. During the whole driving cycle, HPA pressure is less than the maximum
working pressure of 40 MPa, which means HPA capacity is enough for these driving
conditions. HPA mostly works between 17 MPa and 23 MPa, which is the high efficiency
region of HPM. So HPM working efficiency is increased and PHHV fuel economy is
improved.

Figure 3.12 shows PHHV and benchmark vehicle engine working points. It is found
engine working points in PHHV is sparser than in original vehicle especially in the area
between 50 Nm and 150 Nm, which means engine is less used in PHHV. The reason is
that in PHHV, HPM is used for part of the vehicle launching and driving. But in original

vehicle, engine has to drive vehicle all the time.
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Figure 3.12. Engine working points, (a) Original vehicle, (b) PHHV.
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Figure 3.13 shows the engine torque of PHHV and original vehicle during the whole
driving cycle. It could also be found there are many times when engine in PHHV doesn’t
work while engine in original vehicle has to output torque to drive vehicle. It is shown in
Figure 3.13 that in PHHV, engine is replaced by HPM to launch vehicle. During vehicle
launching, engine speed is low where engine efficiency is relatively lower. So avoiding

using engine to launch vehicle brings significant benefits to reduce fuel consumption.
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Figure 3.13. Engine torque during CTUDC by rule-based EMS.
HPM torque is shown in Figure 3.14. In Figure 3.14, positive HPM torque means HPM
is used for vehicle launching and driving while negative HPM torque means HPM is used
for regenerative braking. Figure 3.14 demonstrates that HPM torque is smaller than its
maximum torque, which verifies that HPM satisfies vehicle torque and power demand.
From HPM efficiency map, HPM has higher efficiency with higher displacement. So
HPM should not be too much oversized otherwise it will work under smaller displacement

with which it has relatively lower efficiency.
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Figure 3.14. HPM torque during CTUDC.
As shown in Figure 3.15, HPM efficiency is higher than 0.75 most of the time. This
illustrates that HPM works with proper pressure and displacement, verifying HPA

parameters are suitable for this vehicle.
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Figure 3.15. HPM working efficiency during CTUDC.
Gear position during the driving cycle is shown in Figure 3.16. It is demonstrated that

excessive gear shifting is successfully avoided by the offset between downshifting and

upshifting schedules.
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Figure 3.16. Gear position during CTUDC.
PHHV fuel consumption attained by rule-based EMS is slightly higher than DP
optimization. The main reason is that the engine charging mode is cancelled in rule-based
EMS. Besides, in DP optimization, braking force is provided by HPM as much as it can
be to explore the optimal fuel economy. However, in practical rule-based EMS, braking
safety and braking force allocation between front wheels and rear wheels are considered.
Braking force allocation under rule-based EMS is shown in Figure 3.17. It is shown that
mechanical braking is only used between 1289 s and 1305 s when PHHV decelerates
from 60 km/h to 0 rapidly. During this period, braking intensity is greater than 0.1 so

mechanical braking is included for safety consideration.
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Figure 3.17. Braking force allocation by rule-based EMS.
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Most of the braking energy is recovered by the designed regenerative braking control
strategy as shown in Figure 3.18. The total kinetic energy generated in braking is 1.33
kWh and 1.03 kWh is recovered, indicating a recovering rate of 77.4%.
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Figure 3.18. Regenerative braking results.
3.6 PHHYV fuel consumption analysis with different vehicle mass

Hydraulic driving system parameters are selected based on half load condition with which
vehicle mass is 7000 kg. From no load to full load conditions, vehicle mass varies from
3300 kg to 10700 kg. It is necessary to analyze PHHV fuel consumption under different
vehicle mass. Figure 3.19 shows the fuel consumption comparison with different vehicle

mass.
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Figure 3.19. Fuel consumption comparison with different vehicle mass
From Figure 3.19, PHHV gets good fuel economy from no load to full load conditions. It
could be found at low vehicle mass, PHHV energy saving benefit is relatively lower. The
reason is that with low vehicle mass, HPM is more likely to work with low displacement
and low pressure with which the overall efficiency is relatively low. With large vehicle

mass, PHHV energy saving benefit also decreases slightly. This is because more
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hydraulic torque is required for regenerative braking for large vehicle mass. HPM is not
able to provide enough braking torque so that mechanical braking takes more share of
braking and the regenerative braking potential is not fully realized. Besides, with large
vehicle mass, more braking energy is generated. When HPA is fully charged and can’t do

regenerative braking, braking energy is wasted by mechanical braking.
3.7 Summary

This chapter verifies PHHV fuel economy by DP optimization and rule-based EMS. With
the designed hydraulic driving system parameters, PHHV has the potential to reduce fuel
consumption by 27.5% compared with the original engine driving vehicle. Based on DP
optimization results, practical rule-based EMS is designed including driving torque
allocation strategy, regenerative braking control strategy and gear shifting schedule.

PHHYV achieves better fuel economy than original vehicle by regenerative braking and
reusing the recovered energy for vehicle driving. With HPM assisting driving, engine
working time is reduced especially during vehicle launching with which engine efficiency
is comparatively low. PHHV achieves good energy saving benefit across a complete
range of load conditions. To achieve optimal fuel economy, hydraulic driving system
should be carefully designed because HPM efficiency is greatly affected by its working
pressure, speed and displacement. The distinctive characteristic of HPM that its torque is
proportional to its working pressure is worthy of notice. Considering that, the minimum
working pressure and gas volume of HPA should be optimized with the compromise of

vehicle fuel economy, dynamic performance, mass and cost.
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Chapter 4 Powertrain vibration analysis

4.1 Introduction

With the additional hydraulic driving system attached to vehicle driveshaft, the vehicle
powertrain vibration characteristics are changed [46]. Besides, HPM also introduces extra
excitation to vehicle powertrain [110]. Excessive vibration could degrade driving comfort
and potentially cause damage to powertrain. So it is important to study the impact of
hydraulic driving system on vehicle powertrain vibration characteristics to make sure the

PHHYV powertrain vibration is within the safe and comfortable region.
4.2 PHHYV powertrain dynamic modelling

4.2.1 PHHYV powertrain multi body dynamic model

PHHV could work under three driving modes with clutches engaged or disengaged. The
working modes and corresponding clutch states are listed in Table 4.1.

Table 4.1. PHHV working mode.

Mode Engine clutch state HPM clutch state
HPM driving mode Disengaged Engaged

Engine driving mode Engaged Disengaged
Hybrid driving mode Engaged Engaged

To study PHHV powertrain vibration characteristics, a multi-body dynamic model is
established as shown in Figure 4.1. In this model, engine clutch and HPM clutch are
assumed to be in slipping state. PHHV powertrain is modelled as a free-free system and
a linear time-invariant system. Compared with engine excitation and HPM excitation, the
excitation from gear meshing is much smaller so ignored in modelling. The model is

described by equation (4.1) to equation (4.16) [111].
The K13
J1aa HH J1ab g ﬂ
_ Cl3 }
K, ' y K
KK K Ka K. Te T K 12
co—1 c

Figure 4.1. PHHV powertrain multi body dynamic model.
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J.6, =K (0,-6) (4.1)

J,0, = K,(6,-6,)-K,(6,-6) (4.2)
J.6,=K,(0,-6,)-K,(6,-0,) (4.3)
J,0,=K,(6,-6,)-K,(0,-6,) (4.4)
J0,=K.(0,—6,)-K,(0,—-86,) (4.5)

J. 0. =T —K.(6,,—6,) (4.6)
J,0.,=K.(8,-8,)+C.(6,-0,)-T (4.7)
J,0,=K,(6,-6,1i)/i,-K(0,-6,)-C,(6,-6,,) (4.8)
Job, =K (6,-6,)- K, (6,0, /i,) (4.9)

J,6, =K, (0,—6,)— K6, -6, (4.10)

Jloélo =Ky (‘911 - ‘910) - K, (‘910 - ‘99) -K; (‘910ih - ‘914h )i —Cis (éloih - ‘914h)i/z (4.11)

Jn6, =K, (0,-6,1i)/i,—K (6, -6,) (4.12)
Jibhy =Ky (0 —0,)+Cy (6, —6,))— K, (6,6, /i) (4.13)
Ty ==K, (05 =60,) =G, (6, —6,) (4.14)

Jb., =T, (4.15)

Sy = KOty = 0)+ Gy (B = 0,) T, (4.16)

In the equations, J, K and C indicate inertia, stiffness and damping of powertrain
components. Their descriptions and values are shown in Table 4.2. 6 indicates the

angular displacement of each inertia, 7, is engine clutch torque, 7, is HPM clutch

torque.
4.2.2 Engine transient torque modelling

Engine has many parts including reciprocating pistons and conrods and its working
condition is very complicated. It is difficult to exactly describe engine transient torque.
Therefore, a simplified cylinder model which includes the indicated torque and the
reciprocating inertia torque is adopted in this work [61, 112]. The indicated torque is

caused by cylinder pressure and related to crankshaft angle, as described in equation
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(4.17). The reciprocating inertia torque is used to express the inertial effect of piston

which is related to engine speed and crankshaft angle, as shown in equation (4.18):

zD’ ) r
T, =—>"r,p,sin(¢)(1+-=cos(¢)) (4.17)
4 L.
ST AP B 3 .
T =mr o [_4L, sin(&) 5 sin(2¢) 4, sin(34) e sin(4¢)] (4.18)

Table 4.2. Parameters of PHHV powertrain multi body dynamic model.

Symbol Parameter Value Symbol Parameter Value

Inertia (kg-m?)

Ji Engine accessory 0.0117 Js  AMT output shaft 0.3792
J>  Piston assembly 1 0.034 Jo  Driveshaft part 1 0.1167
Js;  Piston assembly 2 0.034 Jio  Driveshaft part 2 0.1367
Js  Piston assembly 3 0.034 Ji1 Main reducer 0.0527
Js  Piston assembly 4 0.034 Ji2  Differential to wheel 0.64
Jsa  Flywheel 0.615 Ji3 Vehicle body 1349
Js»  Engine clutch 0.03 Jis.a HPM 0.096
J7  AMT input shaft 0.03567  Jiss  HPM clutch 0.03
Stiffness (Nm/rad)
K;  Engine accessory shaft 165000 Ks  Driveshaft part 1 356000

Shaft between piston 1
K> 1646400 K9  Driveshaft part 2 356000
and piston 2

Shaft between piston 2
K; _ 1646400  K;p Main reducer 1163000
and piston 3

Shaft between piston 3

K4 _ 1646400  K;;  Differential shaft 1302400
and piston 4
Shaft between piston 4

Ks 1667000 K;» Tyre 1332900
and flywheel

Ks  Engine clutch 19480 K3 HPM clutch 1000

K7 AMT output shaft 255700

Damping (Nm-s/rad)
Cs  Engine clutch 10 Ci;3  HPM clutch 10
Ciz  Tyre 460
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In the equations (4.17) and (4.18), T, is engine piston torque, D, is engine piston
diameter, 7, is engine crank radius, p, is cylinder pressure which is modelled as a
lookup table as shown in Figure 4.2(a), L, is connecting rod length, ¢ is engine
crankshaft angle, 7, is reciprocating inertia torque, m, is engine piston reciprocating

mass, @, is engine crankshaft speed.
C

Engine torque versus crankshaft angle is attained by combing all the four cylinders torque,

as shown in Figure 4.2 (b).
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Figure 4.2. Engine characteristics, (a) Cylinder pressure, (b) Transient torque.
4.2.3 HPM transient torque modelling

HPM cylinders are divided by the valve plate as shown in Figure 4.3. When HPM rotates,
cylinders connect with HPA and LPA alternately. In working process, the pressure in a

single cylinder could be described by equation(4.19) [48].

ia, Swashplate
! High pressure cylinder

L Valve plate

Low pressure cylinder

Figure 4.3. Schematic diagram of the HPM swashplate.

2

p ﬁc(ﬂj a)pRtanasin(oc—Q—Qlj
p _ (4.19)

d 2
G a)p[Vco—Rﬁj (l—cosgoc)tanaj
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In the equation, p is oil pressure in cylinder, ¢, is cylinder angular displacement, £, is
cylinder oil bulk modulus, @, is cylinder rotational speed, O is cylinder flowrate, Q, is

cylinder leakage which could be neglected in this research because its influence on

pressure is very small [113]. V, is cylinder volume when swashplate angle is 0. Flowrate

is described by equation (4.20):

2
0= Sign(p—pd)CdAd\/zlp - (4.20)

where p, is pressure of the cylinder connected circuit, C, is cylinder discharge
coefficient, A4, is cylinder discharge area. The cylinder discharge area change in one

circle is shown in Figure 4.4(a). Normalized discharge area is the ratio of real time

discharge area and the maximum discharge area.
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Figure 4.4. HPM characteristics, (a) Cylinder normalized discharge area, (b) transient
torque.
The cylinder pressure generates torque on HPM shaft. The total HPM torque could be
described by:

1, = i ”Zﬂ p;tanaRsing, (4.21)
=1

HPM toque in one revolution is shown in Figure 4.4(b). It could be found that HPM torque
fluctuation is much smaller than engine torque fluctuation.

Frequency analysis of engine torque and HPM torque is shown in Figure 4.5. Engine
speed and HPM speed are both set to 900 rpm as examples. It is shown that the maximum
engine torque excitation is 309% of its average torque while the maximum HPM torque
excitation is only 0.64% of its average torque. This makes it possible to launch vehicle

by HPM without causing large vibration at low vehicle speed.
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Figure 4.5. Frequency analysis, (a) Engine torque, (b) HPM torque.
4.3 Vibration analysis and model reduction

In hybrid driving mode, engine clutch and HPM clutch are all engaged. So engine clutch
inertia and flywheel inertia are combined. HPM inertia and HPM clutch inertia are

combined. The 16 degree of freedom model becomes a 14 degrees of freedom model, as

shown in Figure 4.6.

1,

f
g K
Kl Ll
Ji g lJi
Ci

Figure 4.6. Multi body dynamic model of PHHV powertrain in hybrid driving mode.

In Figure 4.6, J,=J,, +J,,,J,, =J,,, +J,,, - The dynamic equations are deduced and

described in matrix form in equation (4.22):
JO+CO+K0=0 (4.22)

where
J=diaglJ,,J,,J;,ccc.. /15, J 15,714 ] (4.23)

0=[(6,6,.0,,.....,0,,0,,0,1 (4.24)
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0
0
0
0
0
G G
C= G G (4.25)
0
0
C13i112 —Cisiy
0
G Co
_CIZ CIZ
L _C13ih C13 ]
[ K, K, 0
-K, K,+K, -K, 0
-K, K,+K, -K, 0
-K, K,+K, -K, 0
-K, K,+K, -K, 0
K, K. +K, -K,
K K
-K, /i,
0
0
0
0
0
L 0
0 -
0
0
0
0
0
K, /i,
K, +K, -K
-K, K,+K, -K, (4.26)
0 _K9 K9 + Kl() +K13i; _Kl() —K13ih
0 -K, K, +K, /i; K, /i
0 _Kll /if Ku +K12 _K12
0 _Ku K12
0 _K13ih K13 i
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By using the eigenvalue method, the natural frequencies and mode shapes of PHHV
powertrain are attained. The natural frequencies are listed in Table 4.3 and the
corresponding mode shapes are shown in Figure 4.7 to Figure 4.10. The 0 Hz frequency
means a rigid body motion of PHHV powertrain.

Table 4.3. PHHV powertrain natural frequencies in hybrid driving mode.

Order RBM I8t ond 3 4t 5th 6™
Frequency(Hz) 0 5 14.2 84.2 138.8 212 325.9
Order 7th gth gth 1ot 11t 12t 13t

Frequency(Hz) 378.5 4377 6492 9047 11453 17102 2084.7

Normalized amplitude
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Figure 4.7. 1*' to 3 mode shapes of PHHV powertrain.
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Figure 4.8. 4™ to 6™ mode shapes of PHHV powertrain.
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Figure 4.9. 7" to 9" mode shapes of PHHV powertrain.
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Normalized amplitude

Components

Figure 4.10. 10" to 13" mode shapes of PHHV powertrain.
From Table 4.3, some of the PHHV powertrain natural frequencies are quite high and
unlikely to be excited considering the frequency range and amplitude of engine and HPM
torque excitation. The mode shapes also illustrate that engine crankshaft and driveshaft
are more sensitive to the high frequencies. To focus on the natural frequencies within
interest and reduce model complexity [55], the PHHV powertrain 14 degrees of freedom
dynamic model is simplified into a 6 degrees of freedom model as shown in Figure 4.11.
In the simplified model, engine accessories, engine crankshaft and flywheel are
combined. Driveshaft, main reducer and differential are combined. Descriptions and

values of the parameters in simplified model are listed in Table 4.4.
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Figure 4.11. Simplified PHHV powertrain model.
4.3.1 Vibration analysis in hybrid driving mode

The natural frequencies of the simplified PHHV powertrain model in hybrid driving mode
are shown in Table 4.5. Compared with the 14 degrees of freedom model in Figure 4.6,
the first 5 natural frequencies are retained. The highest natural frequency of the simplified
model is 193.6 Hz which is sufficient to research PHHV powertrain vibration under
engine and HPM excitation. As a comparison, the original vehicle powertrain model

which doesn’t include hydraulic driving system is also built and its vibration
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characteristics when engine clutch is engaged are also researched. Its natural frequencies
are shown in Table 4.5 as well.

Table 4.4. Parameters of the simplified PHHV powertrain model.

Symbol Parameter Value Symbol Parameter Value

Inertia (kg-m?)

J,  Engine 0.7927 J,  Main reducer 0.2203
J.  Engine clutch 0.03 J,  Vehicle body 1349
J; AMT input shaft 0.03567 J, HPM 0.126
J AMT output shaft 0.4959

and driveshaft

Stiffness (Nm/rad)

K.  Engine clutch 19480 K,  Tyre 641200
K,  AMT output shaft 255700 K, HPM clutch 1000
K,  Driveshaft 178000

Damping (Nm-s/rad)
C.  Engine clutch 10 C, Tyre 460

C, HPM clutch 10

Compared with original vehicle powertrain, there is a new natural frequency in PHHV
powertrain which is the 2" natural frequency of 14.2 Hz. Other PHHV powertrain natural
frequencies are close to original vehicle powertrain. The 2™, 3™ and 4" natural
frequencies of original vehicle powertrain become the 3", 4™ and 5™ natural frequencies
of PHHV powertrain.

Table 4.5. Natural frequencies of PHHV powertrain (in hybrid driving mode) and

Original vehicle powertrain (engine clutch engaged).

Order RBM 1% ond 3rd 4th 5th
PHHV

Frequency (Hz) 0 5 142 842 1405 193.6

Order RBM 1t ond 3rd 4th

Original vehicle
Frequency (Hz) 0 5 84 139.6 194.7

Mode shapes of PHHV powertrain and original vehicle powertrain are shown in Figure
4.12. Mode shapes are normalized and drawn according to the corresponding natural

frequencies. The 2", 3™ and 4™ mode shapes of original vehicle powertrain become the
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31 4% and 5™ mode shapes of PHHV powertrain. There is one more degree of freedom

in PHHV mode shapes caused by HPM.

1 1

—*—PHHV-1" —*—pHHV2™

& Original vehicle-1""

0.5+ 0.5+

-0.5

Normalized amplitude
=
Normalized amplitude
=

i 3 J I J ] J i J T J
e i o f v h e i o f v h
Components Components

(@ (b)

o *—PHHV-3" o —*—pHHV-4"
—g ©- Original vehicle-2™ —g 05 @ Original vehicle-3™
& &
=) =)
< <
"8 "8 03 .
N N
= =
= =
E - E-05
5] 5]
Z Z

1 - 1

J J J I, J I J ] ] J J J

€ i o f v h € i o f v h
Components Components
(c) (d)
Lo}
<
=
o
=)
[+
i
o
N
E
’g‘ B 1l
c —— <t
2 — e
e @ Original vehicle-4
b | . N " 1
J ] J ] J ]
e i o f v h
Components

(©
Figure 4.12. Mode shapes of PHHV powertrain (in hybrid driving mode) and original
vehicle powertrain (engine clutch engaged).
Figure 4.12(a) and Figure 4.12(d) demonstrates that the 1% and 3" mode shapes of original
vehicle powertrain are almost unchanged. Figure 4.12(b) shows the 2"! mode shape of
PHHV powertrain. In this mode shape, HPM has the biggest vibration and other
components do not vibrate a lot. This means HPM is much more sensitive to the 2™
natural frequency than other components. The 2™ and 4™ mode shapes of original vehicle
powertrain are changed by HPM inertia. As shown in Figure 4.12(c), amplitude of the

final reducer vibration is not changed but the direction is changed to the opposite
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direction. In Figure 4.12(e), amplitude of the AMT input shaft vibration is not changed

but the direction is changed to the opposite direction.
4.3.2 Vibration analysis in HPM driving mode

In HPM driving mode, engine clutch is disengaged so engine crankshaft inertia and
flywheel inertia are not included in PHHV powertrain. PHHV powertrain natural
frequencies in this driving mode are shown in Table 4.6 and mode shapes are shown in
Figure 4.13. Natural frequencies and mode shapes of original vehicle powertrain with
engine clutch disengaged are also shown in Table 4.6 and Figure 4.13 as comparison.
Compared with the natural frequencies when engine clutch is engaged, the 1%, 2" and 3™
natural frequencies of original vehicle powertrain are increased obviously. It could be
explained that when engine clutch is disengaged, engine and flywheel inertia are excluded
and only clutch inertia remains. This inertia is more sensitive to the 1*, 2" and 3" natural
frequencies. When inertia reduces, the relative natural frequencies increase.
Table 4.6. Natural frequencies of PHHV powertrain (in HPM driving mode) and

Original vehicle powertrain (engine clutch disengaged).

Order RBM 1 20 34t 5
PHHV
Frequency (Hz) 0 129 15 103 1784 192.8
Order RBM 1 20 3 g4
Original vehicle
Frequency (Hz) 0 13.6 1024 178.8 1934

Natural frequencies of PHHV powertrain remain close to original vehicle powertrain in
this driving mode. The additional natural frequency caused by HPM is 15 Hz. Figure 4.13
shows that mode shapes of PHHV powertrain and original vehicle powertrain are very
similar, which demonstrates that adding a hydraulic driving system doesn’t remarkably
change original vehicle powertrain mode shapes. In the additional mode shape brought
by HPM as shown in Figure 4.13(b), HPM has the largest vibration, which means HPM
is very sensitive to the 2" natural frequency. It should be noticed that engine clutch and
AMT input shaft also have considerable vibration in this mode shape, indicating engine
clutch and AMT input shaft are sensitive to the 2" natural frequency. So the frequency
response of these two components to HPM excitation with the 2" natural frequency
should be investigated to avoid engine clutch and AMT input shaft failure in HPM driving

mode.
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Figure 4.13. Mode shapes of PHHV powertrain (in HPM driving mode) and original

vehicle powertrain (engine clutch disengaged).
4.4 Frequency response analysis

Various excitations could stimulate PHHV powertrain vibration. But engine torque
fluctuation and HPM torque fluctuation are the dominant factors [114, 115]. So the
frequency response of PHHV powertrain and original vehicle powertrain under engine

torque and HPM torque excitation are investigated in this section.
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4.4.1 Frequency response analysis in hybrid driving mode

In hybrid mode, engine and HPM are both included in PHHV powertrain, so excitation
could come from either of them. Frequency response of PHHV powertrain under engine
and HPM excitation is shown in Figure 4.14. As a comparison, frequency response of
original vehicle powertrain under engine excitation is also shown in Figure 4.14. In the

figure legends, J indicates powertrain components, 7, is engine excitation and 7, is HPM

excitation.

In PHHV powertrain, at the 1% natural frequency, frequency response to engine excitation
is increased by around 40% compared with original vehicle powertrain. However,
considering that in this mode, engine clutch is engaged so engine speed should be higher
than its idle speed which is normally higher than 800 rpm. The consequent minimum
engine excitation frequency is 26.7 Hz according to engine torque frequency analysis.
This frequency is higher than the first natural frequency so the first mode response will
never be excited by engine.

The 2" natural frequency is introduced by HPM inertia. At this frequency, frequency
response of PHHV powertrain to engine excitation does not show obvious difference to
original vehicle powertrain. At higher natural frequencies, frequency response of PHHV
powertrain to engine excitation is reduced to lower than original vehicle powertrain.
HPM torque also introduces excitation to PHHV powertrain. At the 1% natural frequency,
PHHV powertrain has a larger response to HPM excitation. But this dangerous scenario
is also avoided because in this mode, engine clutch is engaged, so vehicle should have a
minimum speed determined by the minimum engine speed and AMT gear ratios. HPM
also has a minimum speed according to vehicle speed in this mode. HPM excitation
frequency is higher than the 1% natural frequency even with the minimum working speed.
For the 2™ natural frequency, frequency response of engine, AMT input shaft and AMT
output shaft to HPM excitation are smaller than their response to engine excitation.
However, frequency response of final reducer and vehicle body to HPM excitation are
higher than their response to engine excitation. It is demonstrated in Figure 4.5 that HPM
has much smaller torque fluctuation than engine, so it will not generate significant
vibrations to PHHV powertrain.

HPM also vibrates under engine and its own excitation as shown in Figure 4.14(f). At the

1* natural frequency, frequency response of HPM to engine excitation is smaller than
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frequency response of engine and AMT input shaft but higher than other components.
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Figure 4.14. Amplitude of frequency response function of PHHV powertrain (in hybrid

driving mode) and original vehicle powertrain (engine clutch engaged).
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Frequency response of HPM to its own excitation is much smaller than its response to
engine excitation. HPM shows significant frequency response to its own excitation at the
2" natural frequency. However large vibration is also avoided due to the small torque
fluctuation of HPM. For higher natural frequencies, HPM does not show significant

frequency response to engine excitation or its own excitation.
4.4.2 Frequency response analysis in HPM driving mode

In HPM driving mode, there is only HPM excitation to PHHV powertrain. HPM
excitation frequency could start from 0 Hz when launching vehicle. Frequency response
of PHHV powertrain to HPM excitation is shown in Figure 4.15. Each component has a
big response to HPM excitation at the 1% natural frequency. HPM has considerable
frequency response at the 2™ natural frequency while other components do not show
significant frequency response at this frequency. For higher natural frequencies, all

components have small responses.
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Figure 4.15. Amplitude of frequency response function of PHHV powertrain (in HPM

driving mode).
4.4.3 PHHYV powertrain response under normalized engine and HPM excitation

From above analysis, in PHHV powertrain, frequency response to engine excitation is not
changed very much compared with original vehicle, but response to HPM excitation in
HPM driving mode is remarkable, especially at the 1% natural frequency. It is necessary
to investigate if the original powertrain strength is still qualified after hydraulic driving

system is added.
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The relationship of HPM speed and engine speed could be described by:

(4.27)
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In hybrid driving mode, engine clutch is engaged. The minimum engine speed is its idle
speed. In this research, the engine idle speed is 800 rpm. So the minimum HPM speed is
241.7 rpm by equation (4.27). The corresponding lowest frequencies of engine excitation
and HPM excitation are 26.7 Hz and 72.5 Hz respectively. To attain the angular response
of each component in PHHV powertrain and original powertrain, normalized excitations
are adopted, which means the average engine torque and HPM torque are considered to
be 1 Nm. Results are shown in Figure 4.16. AMT has six gear ratios. The 1° and the 6
gear ratio are shown as representatives. Response with other gear ratios should be
between these two gear ratios.

As shown in Figure 4.16, the engine caused vibration in hybrid driving mode doesn’t
exceed the vibration in engine driving mode, so the original powertrain is still qualified
for engine excitation. Due to small HPM torque fluctuation, vibration caused by HPM is
very small. This means PHHV powertrain is safe in hybrid driving mode.

In HPM driving mode, the first natural frequency 12.8 Hz could be excited by HPM. From
Figure 4.16, PHHV powertrain response to HPM excitation is smaller than the response
to engine excitation in original vehicle powertrain. So the original powertrain is still
qualified for HPM driving after the modification. At the 2" natural frequency of 15 Hz
which is brought by HPM, only HPM shows obvious resonance but the amplitude is much
smaller than the 1 natural frequency. Other components don’t show obvious resonance
at this natural frequency, which means powertrain vibration is not remarkable in the

additional mode shape.
4.5 Parameter sensitivity analysis of powertrain frequency response

In PHHV, HPM clutch could be designed with different stiffness. PHHV could also work

with different load conditions so have different vehicle mass.
4.5.1 HPM clutch stiffness sensitivity analysis

The effect of different HPM clutch stiffness on PHHV powertrain vibration
characteristics are analysed in this section. Results are shown in Figure 4.17. With higher
HPM clutch stiffness, The PHHV powertrain natural frequency brought by HPM is
increased. Figure 4.17(f) shows that if HPM clutch stiffness is reduced, HPM response to
its own excitation is increased at frequency lower than the 1% natural frequency. So

smaller HPM clutch stiffness brings increased HPM vibration under low frequency HPM
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excitation. This indicates a conflict between HPM vibration and other components
vibration. In engineering design, a balanced HPM clutch stiffness should be selected. In

this research, HPM clutch stiffness is designed as 1000 Nm/rad with a compromise

considering HPM vibration and other components vibration.
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Figure 4.17. Sensitivity analysis with different HPM clutch stiffness.
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In this section, PHHV powertrain vibration characteristics are researched with no load,

half load and full load respectively. Results are shown in Figure 4.18.
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When vehicle mass is increased, the 1% natural frequency is decreased while other natural
frequencies are kept unchanged. The vehicle body response to HPM excitation decreases
with bigger vehicle mass. However, for other PHHV powertrain components, their

response to HPM excitation increases with vehicle mass.
4.6 Summary

In this chapter, a 14 degrees of freedom PHHV powertrain model is built and its natural
frequencies and mode shapes are researched. This model is then simplified into a 6
degrees of freedom model to reduce model complexity considering engine and HPM
excitation characteristics. Natural frequencies and mode shapes of PHHV powertrain and
original vehicle powertrain are compared. It is demonstrated that the additional HPM
inertia brings a new natural frequency and a new mode shape to vehicle powertrain. The
original vehicle powertrain natural frequencies are not changed too much by HPM. In
hybrid driving mode, powertrain response to engine excitation is increased 40% at the 1%
natural frequency. But because the minimum engine excitation frequency and HPM
excitation frequency are higher than the 1% natural frequency, the first mode shape is
never excited. In HPM driving mode, the powertrain frequency response to HPM
excitation is quite big at the 1 frequency. However, HPM excitation amplitude is small,
so it does not introduce too much vibration to powertrain. Parameter analysis indicates
that HPM clutch stiffness has a great influence on PHHV powertrain natural frequencies.
It should be designed by compromising HPM vibration and other powertrain components
vibration. Different load conditions are considered to investigate the effect of vehicle
mass. Simulation results reveal that larger vehicle mass slightly decreases the 1% natural
frequency. Vehicle body response to HPM excitation decreases with increasing vehicle
mass while other powertrain components response to HPM excitation increases with
increasing vehicle mass. From above analysis, original vehicle powertrain strength is still

qualified after it is modified into PHHV.
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Chapter S Mode switching control

5.1 Introduction

To avoid engine working at low efficiency and poor emission regions, HPM is used to
launch vehicle. When the hydraulic energy stored in HPA is used up, mode switching is
conducted to transfer PHHV from HPM driving mode to engine driving mode. During
mode switching, engine is ignited and driving torque is transferred from HPM to engine.

After mode switching, vehicle is driven by engine and HPM stops driving vehicle.
5.2 Powertrain modelling for mode switching control

Vehicle is driven by HPM before mode switching. In this scenario, HPM clutch is
engaged and engine clutch is disengaged. From vibration analysis in Chapter 4 high order
powertrain mode shapes are hard to be excited. So to reduce model complexity, the
simplified model is adopted to research the vibration during mode switching, as shown in

Figure 5.1. Dynamic equations are developed as shown in (5.1) to (5.7).
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Figure 5.1. PHHV Powertrain dynamic model for mode switching control.

J.6. =TT, (5.1)

J.6. =K. (6,-0)+C(0,-0)+T, (5.2)

J6 =K, 0,-6/i)/i,~K.(6,-6,)-C.(6,-6,) (53)

J,0,=K(6,-6,)-K,(6,-6,/i,) (5.4)

J,0,=K(0,-0,/i)]i + C ©®, fe'f li)li, =K. (6,-6,) 55
—K,(8,i,-6,)i, - C,(0,i, - ,)i,

J.0, =T, +K,(6,i,—0,)+C,(6,i,-6,) (5.6)

Jvew = _Kr(ew _Hf /if)_C;(g'W _éf’ /l/f)_T'L (57)
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In the equations, J. is engine clutch inertia, 6. is engine clutch angular displacement.

5.3 Mode switching process analysis and control strategy design

Mode switching is divided into 5 phases as shown in Figure 5.2.

A

Engine torque
— Engine clutch pressure

"""" HPM torque

\j

Engine speed
Engine clutch speed

\j

to

Figure 5.2. Mode switching process.
(1) Phase 1: HPM driving

Phase 1 starts from ¢, and ends at ¢, . In this phase, HPM launches vehicle from standstill

and drives vehicle. Engine clutch is disengaged and engine doesn’t work.
(2) Phase 2: Engine cranking

This phase is from ¢, to ¢#,. When mode switching condition is satisfied, engine clutch

pressure is increased. Engine clutch torque speeds up engine crankshaft. In this phase
engine speed is lower than engine clutch speed, so engine clutch torque direction on
driveshaft is opposite to clutch rotational direction. Vehicle acceleration tends to be
decreased by engine clutch torque. To maintain vehicle dynamic performance, HPM
torque is adjusted to compensate for engine clutch torque.

(3) Phase 3: Engine speed regulation

This phase is between ¢, and #,. When engine speed reaches its ignition speed, engine is

ignited then begins speed regulation. After ignition, engine begins to output torque.
Engine speed is regulated by both engine torque and engine clutch torque. Engine speed
target is the engine clutch speed. During engine speed regulation, engine clutch torque is
also adjusted. Before engagement, engine clutch torque is proportional to its pressure.

However, after engagement, engine clutch torque is determined by engine torque and



64

engine crank acceleration. Efforts should be made to achieve consistent engine clutch
torque before and after engagement [78]. In this control strategy, engine torque is set to
be 0 at the moment when engine clutch is engaged. So after engagement, engine clutch
torque is the torque needed for engine crank acceleration. This torque is set as the target
engine clutch torque in phase 3.

(4) Phase 4: Engine clutch engagement and torque transfer

Phase 4 starts from ¢, and ends at #,. When the speed difference between engine and

engine clutch is reduced to a target value by engine speed regulation and engine clutch
reaches its target torque, start engaging engine clutch. Due to engine speed control
accuracy, the speed difference is still too big to engage engine clutch rapidly. Therefore,
clutch pressure is increased slowly at the beginning of this phase. When the speed
difference reaches a small value, clutch pressure is increased rapidly and engine clutch is
fully engaged. Driving torque is transferred from HPM to engine in this phase. Engine
torque increases and HPM torque decreases at the same time. Vehicle is driven by engine
and HPM simultaneously in this phase.

(5) Phase 5: Engine driving

At t,, HPM torque reaches 0 and phase 5 starts. In phase 5, HPM doesn’t drive vehicle.
Vehicle is only driven by engine. Engine torque is determined by driver torque demand.
A flowchart is used to describe the mode switching control strategy, as shown in Figure

5.3.
5.4 Control strategy design for each phase

(1) Phase 1 control strategy
In phase 1, HPM launches and drives vehicle independently. Engine torque is 0 and
engine clutch pressure is 0. To satisfy driver torque demand, HPM driving mode should

have the same vehicle driving torque as engine driving mode. HPM torque and engine

torque are:
7=
Lty (5.8)
T,=0

In vehicle launching, if the target driver demand torque is applied on vehicle rapidly,

powertrain could vibrate heavily under the impulse torque input [116]. To reduce
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powertrain vibration, vehicle driving torque changing rate is controlled [117]. In this
phase, vehicle is launched by HPM. Throttle changing rate is designed for different

launching intentions.

Phase 1 Phase 4
HPM drives vehicle

A
Phase 2 y

Adjust clutch pressure Increase engine torque
Adjust HPM torque to Decrease HPM torque
compensate clutch drag torque

W e>target
value

Phase 3
Adjust clutch pressure -t
Ignite engine and speed regulation

Clutch speed
difference<target
value2

A

Slowly increase Rapidly increase
clutch pressure clutch pressure

HPM Torque
is zero

Clutch speed difference<target
valuel &&

Clutch torque reaches target

value

Phase 5
Engine drives vehicle

Figure 5.3. Mode switching control strategy.

(2) Phase 2 control strategy

The target of this phase is to start engine with engine clutch torque. In this phase, engine
is started by engine clutch and the clutch torque on powertrain is compensated by HPM.
Vehicle acceleration is controlled to be constant, as a representative of stable vehicle
dynamic performance.

During engine start process, clutch slipping introduces vehicle jerk and clutch frictional
work [118]. Vehicle jerk is the derivative of vehicle acceleration. For the convenience of
control strategy design, driveshaft is treated as a rigid body [67, 119]. So vehicle jerk is
further determined by engine clutch torque and HPM torque changing rate. Vehicle jerk

and clutch frictional work are indicated as equation (5.9) and equation (5.10).

~da (Tim.+Tin,)i,
J,=—= (5.9)
d SMR

w

T.(6.-0,)

W= dt (5.10)
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where j, is vehicle jerk, W, is clutch frictional work. ¢, and ¢ , are the start time and

end time of engine clutch slipping process.

Vehicle jerk and clutch frictional work are contradictory targets. Generally, faster clutch
engagement process causes higher vehicle jerk but less clutch frictional work, while
slower clutch engagement brings lower vehicle jerk and more clutch frictional work. To
analyse the conflict between vehicle jerk and clutch frictional work, LQR controller is
used in this phase. LQR controller makes compromise among different targets [120-122].
In this section, LQR weighting matrices are selected to reflect different driver intentions
on vehicle driving comfort and dynamic performance. According to the equations of

vehicle powertrain model, the state variables are selected as equation (5.11):

x, =0,
=0 -0
ERRCEG (5.11)
x3:9c_ee’
x, =1,

where é‘er is engine speed target which is set as engine ignition speed in this phase.

Vehicle dynamic performance is guaranteed by keeping a constant vehicle acceleration
during mode switching. Powertrain is treated as a rigid body for mode switching control

strategy design, so engine clutch acceleration is:

.. ai,l
0 = ]gg (5.12)

w

Engine clutch torque changing rate is set as the control variable:

u=T (5.13)
So, the system state space function is:
X=AX+BU+E (5.14)
in which X, U, E are:
X =[x,%,%,%] , U=u, E=[0,0,4,,0]" (5.15)

The system parameter matrices are shown as following:
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0 00 1
Je
0
1
00 0 —— 0
A= J, |, B= 0 (5.16)
0 00 1 1
Je
00 0 0 |
The boundary condition is set as:
0<T, <T, (5.17)

The cost function is shown in equation (5.18). In the cost function, Q and R are
weighting matrices which reflect driver intentions. In this research, vehicle jerk and clutch
frictional work are investigated so weighting matrices elements are selected as equation

(5.19). In matrix Q, g, =4q,;

. 1 Lr2 T T
=— |’ X"QX+ U'RU |t 5.18
=3 t[ Q la (5.18)
0O 0 0 O
0 0 O
Q=| ¥  R=r (5.19)
0 0 0 gy
0 0 ¢, O

With the selected Q and R, the cost function is:

. 1 ¢tr2 . - . . .5

/= Ej.tiz |:q22 (ger _06) + 2Q34(06 _0(’)]—;‘ + }"]:, :|dt (520)
In equation (5.20), j is cost function. #,, and ¢,, are the start time and end time of LQR
control process, g,,(6, —6.)* represents the requirement of adjusting engine speed to its
target speed. If ¢g,, is larger, engine speed should be adjusted to its target value faster.

G4 (Q —Q)Y; represents the requirement of clutch frictional work. Larger ¢,, requires
lower clutch frictional work. »7.> represents the requirement of restricting engine clutch
torque changing rate which affects vehicle jerk. Larger 7 requires engine clutch torque
to change slower, which helps to decrease vehicle jerk. The values of weighting matrices
elements determine the requirements on different targets.
In LQR control, the control variable U is attained by state feedback, as shown in equation
(5.21):

U=-R'B'GX (5.21)
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G is attained through solving the following Riccati equation [123]:
0=-GA-A'G+GBR'B'G-Q (5.22)

(3) Phase 3 control strategy

At ., engine speed reaches its ignition speed 19‘8,‘ so engine is ignited. After ignition,

engine speed is regulated by engine torque and engine clutch torque simultaneously. The
target of this phase is to reduce the difference between engine speed and engine clutch
speed.

PID controller is adopted to control engine torque. The control strategy is shown in Figure
5.4. The difference between target engine speed and actual engine speed is set as PID
input. PID output is the required engine torque which is combined with engine clutch

torque to regulate engine speed.

Engine clutch torque

Target engine + .
: Actual engine speed
speed 2 -PID . Engine crankshaft .

+ . inertia
- Engine torque

Figure 5.4. Engine speed control strategy.
Before engagement, engine clutch torque is proportional to the normal force acting on it.
After engagement, engine clutch torque is determined by engine torque. Sudden clutch
torque change can cause impact and vibration on vehicle powertrain, which degrades
vehicle driving comfort. So engine clutch torque before and after engagement should be
kept consistent [78]. The engine clutch torque needed for engine crankshaft acceleration

after engagement is described as:

(5.23)

where T.

"o 1s the target engine clutch torque after engagement.
Engine clutch torque should transfer to its target value smoothly to avoid powertrain
impact, so a third order polynomial is adopted to design the trajectory of engine clutch

torque changing from its initial value to target value [124]:

I=T. +(

cinit

(t_ts)z (l‘_l‘g)3
-7, )1-3 —+2 : 5.24
ctw)( At2 At3 ) ( )
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where T

" 18 the engine clutch torque at the beginning of phase 3. 7, is the initial time
of phase 3. At is the designed time range for the third order polynomial. At the end of

engine clutch torque control, engine clutch torque is 7,

tar *
(4) Phase 4 control strategy

At the beginning of phase 4, engine speed regulation and engine clutch torque adjustment
are both finished. Engine clutch pressure is slowly then rapidly increased. At the same
time, vehicle driving torque is transferred from HPM to engine. To reduce powertrain
impact and vehicle jerk, output shaft torque should change smoothly [125]. The third
order polynomials are used to design HPM torque and engine torque transfer trajectories.

The engine reference torque at time ¢ is:

— 3A7;(t_ti4)2 _ 2ATe(f—fi4)3

T 5.25
‘ At} At} (6-25)
The HPM reference torque at time ¢ is:
2AT,(t-1,) 3AT,(t-t,)
]-;1 :AT;I + h( 14) _ h( 14) (526)

At} %
where AT, is the difference between engine target torque and its initial torque in phase 4.
Engine target torque is determined by driver torque demand. 7,, is the initial time of
phase 4. At, is the time range designed for torque transfer. A7, is the difference between

HPM target torque and its initial toque. HPM target torque in this phase is 0.
(5) Phase 5 control strategy
In phase 5, vehicle is only driven by engine. Engine torque is determined by driver torque

demand. HPM doesn’t work and its torque is 0.

T, =0
7L (5.27)
’ igif

5.5 Vehicle speed control strategy

During mode switching, vehicle dynamic performance is maintained by using HPM to
compensate for engine clutch torque. Vehicle dynamic performance is indicated by a
constant acceleration [78]. Vehicle acceleration is captured at the beginning of mode

switching. The target vehicle speed during mode switching is described as:
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4

tar

=V, +a,At, (5.28)
where V,  is the target vehicle speed, V, is the vehicle speed at the beginning of mode

switching, a,

. 1s the vehicle acceleration at the beginning of mode switching. Az, is the
time from the beginning of mode switching.

To follow the target vehicle speed, feedforward and feedback control strategy is designed.
In the strategy, feedforward HPM torque is set as driver torque demand. PID controller is
used for feedback control. The difference between target vehicle speed and actual vehicle
speed is set as the input of PID controller, and the output of PID controller is the feedback
HPM torque, final HPM torque is the combination of feedforward HPM torque and
feedback HPM torque. The vehicle speed control strategy is shown in Figure 5.5.

Feedforward control torque
(Driver demand torque)

Target vehicle speed " ‘ Actual vehicle speed
- % ; >
—@—.—’i Foedback * —= HPM —+ vehicle

IRanVe®
T control torque

Figure 5.5. Vehicle speed control strategy.
5.6 Simulation and analysis

To verify the proposed mode switching control strategy, a simulation model is built in
Matlab/Simulink. Simscape is used to build powertrain model and control strategy is

realized with the help of Stateflow.
5.6.1 Hydraulic launching process analysis

Hydraulic launching process in phase 1 is shown in Figure 5.6. K is used to represent the
maximum throttle changing rate, which is defined as the derivative of throttle. It is shown
that with bigger maximum throttle changing rate, vehicle driving torque increases faster,
which causes higher vibration to powertrain. Powertrain vibration is indicated by
driveshaft speed fluctuation. Although rapidly changing torque degrades driving comfort,
which is demonstrated by higher vehicle jerk in Figure 5.6(c), it helps to improve vehicle
dynamic performance which is demonstrated by faster increased vehicle speed in Figure

5.6(d).
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Figure 5.6. Simulation results of hydraulic launching process.
5.6.2 Demonstration of mode switching control strategy performance

Mode switching process simulation results are shown in Figure 5.7. Mode switching starts
at 8.1 s. Engine clutch begins to engage by increasing clutch pressure, and engine
crankshaft is accelerated. At the same time, HPM torque is increased to compensate
engine clutch torque. Due to different torque response time of engine and HPM, driveshaft
torque slightly changes and causes an impact on powertrain, which is illustrated by the
fluctuating vehicle acceleration in Figure 5.7(d).

When engine speed reaches the threshold at 9.05 s, engine is ignited and starts speed
regulation. Engine clutch torque is transferred to its target value following a three order
polynomial. As shown in Figure 5.7(a), engine clutch reaches its target torque earlier than
engine speed regulation. Then clutch pressure is kept constant until engine speed
regulation is finished. In other scenarios, engine speed regulation can be faster than engine
clutch torque control.

At 9.31 s, engine clutch torque control and engine speed regulation are both finished, so
engine clutch is engaged. In phase 3, the target engine clutch torque is set to be the torque

required for accelerating engine crank after engine clutch engagement, and the engine
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clutch torque is compensated by HPM at the same time. Engine clutch engagement causes

powertrain vibration, which is reflected by vehicle acceleration fluctuation in Figure

5.7(d). Engine torque and HPM torque are coordinately controlled in phase 4.
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Figure 5.7. Simulation results of mode switching.
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At 9.81 s, vehicle driving torque is all transferred from HPM to engine. Mode switching
process is finished, and vehicle is driven by engine solely. Figure 5.7(d) shows that
vehicle acceleration is maintained during mode switching, which means good vehicle
dynamic performance. Figure 5.7(f) illustrates the continuously increasing vehicle speed,

which also demonstrates the vehicle dynamic performance during mode switching.
5.6.3 Vehicle speed control effect during mode switching

To maintain vehicle dynamic performance and realize smooth mode switching,
feedforward and PID feedback control strategy is adopted for vehicle speed control. The
strategy is compared with only feedforward control, and results are shown in Figure 5.8.
It is illustrated that with feedback control, vehicle speed is closer to the desired speed

while speed error is relatively higher with only feedforward control.

15 : = i ;
= ===~ Desired b= 02 - - - - Feedforward
= Feedforward = ——Feedforward+PID Feedback
B Feedforward +PID Feedback =
C— O
3 5
2. 10 2
o ) 2-0.2
T) w
= =
) [5)
2 2-0.4
82 84 86 88 9 92 82 84 86 88 9 92
Time (s) Time (s)
(a) (b)

Figure 5.8. Vehicle speed control effect during mode switching.
5.6.4 LQR control during engine speed up process

LQR controller is used to compromise vehicle jerk and clutch frictional work during
engine speed up process. Results are shown in Figure 5.9 and Figure 5.10. As shown in
Figure 5.9, clutch torque changing rate and peak clutch torque are both reduced with
increasing . Engine clutch speed fluctuation is considerably higher when » =1, and
decreases when 7 is increased. This is because when » =1, engine clutch torque increases
faster. Higher clutch torque changing rate introduces more vibration on vehicle
powertrain. Figure 5.10(a) and Figure 5.10(b) illustrate that slower engine clutch
engagement brings less vehicle jerk while faster engine clutch engagement brings less
clutch frictional work. Mode switching time is also increased due to lower clutch torque.

Figure 5.10(c) and Figure 5.10(f) demonstrate the vehicle dynamic performance in all
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cases. Hydraulic energy consumption is reduced with faster mode switching. This is
worth to noticing in PHHV, considering the low energy density of accumulator.

The comparison gives several solutions for different driver intentions. Bigger  puts more
demands on restricting vehicle jerk, which improves vehicle driving comfort during mode
switching process. Smaller » allows engine clutch to engage faster so mode switching

process can be finished quicker.
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Figure 5.9. Mode switching process with different driver intention.
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Figure 5.10. Comparison of mode switching quality.
5.7 Summary

In this chapter, PHHV launching and mode switching control strategy is proposed. In the
control strategy, engine is started by HPM through engine clutch, and vehicle dynamic
performance is maintained by HPM torque compensation. During hydraulic launching,
throttle changing rate is controlled to reduce powertrain vibration. Based on LQR
controller, vehicle jerk, clutch frictional work and hydraulic energy consumption can be
compromised according to driver intention. It is concluded that faster mode switching
brings better vehicle dynamic performance while slower mode switching brings better

driving comfort. To maintain a constant vehicle acceleration during mode switching,
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feedforward and feedback vehicle speed control strategy is used. With a constant vehicle
acceleration, engine clutch torque is controlled to satisfy the engine acceleration
requirement, so sudden driving torque change before and after engine clutch engagement

is avoided.
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Chapter 6 Power on gear shifting control

6.1 Introduction

In PHHYV, the original engine driving powertrain is equipped with AMT. Engine clutch
has to be disengaged to conduct gear shifting, so vehicle driving torque is cut off during
gear shifting. The torque interruption degrades vehicle dynamic performance. Besides, it
also causes excessive vibration to vehicle powertrain, which decreases vehicle driving

comfort. In PHHV, HPM could be used to compensate driving torque during gear shifting.
6.2 Powertrain modelling for power on gear shifting control

Based on the modelling and vibration analysis in Chapter 4 a PHHV powertrain dynamic
model is built as shown in Figure 6.1 to research powertrain vibration and vehicle
dynamic performance during gear shifting. This model is described by equation (6.1) to

equation (6.8):

Figure 6.1. PHHV powertrain model for power on gear shifting control.

J.6,=T~T, 6.1)
J.6.=K(6,-0)+C0,-0)+T, (6.2)
J6,=T,~K.(6,-6,)~C,(6,~6,) (6.3)

JgHg =K (0, —Qg) —Eig (6.4)

Joéo = KA(Hf _00) _Ko (00 _gg) (65)

Jfé[ :KI(HW _Hf /if)/if +C1(9w _9_/ /if)/l‘f _K«*(Hf _‘90) (6.6)
_Kh (efih _‘9/, )ih _Ch (efih B Hh )ih

Jhéh =1, +K, (Hfih -6,)+C, (9fi11 _911) (6.7)

Jvew = _Kr(ew _Hf /if)_C;(g'W _éf’ /l/f)_T'L (68)
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where J, is AMT gears inertia. 6, is angular displacement of AMT gears on output

shaft. T is synchronizer torque.

6.3 Power on gear shifting control strategy design

Before gear shifting, engine drives vehicle according to the diver torque demand:
=4 (69)
Lol y
During power on gear shifting process, HPM replaces engine to provide vehicle driving
torque when engine clutch is disengaged. In this step, engine torque is gradually decreased
and HPM torque is increased simultaneously. Engine torque and HPM torque are
combined at driveshaft. Thus to keep vehicle dynamic performance, driveshaft torque
should be maintained during gear shifting. In torque transfer phase, engine and HPM
torque changing rates satisfy the following equation:
AT
— (6.10)

L

1

AT, =

Rapid driving torque variation causes vibration to vehicle powertrain. So third order
polynomials are adopted to control the toque transfer process [126]. Engine torque and
HPM torque trajectories during torque transfer process are dominated by equation (6.11)

and equation (6.12) , as shown in Figure 6.2.

3T, (1) . 2T (¢ —t,)

Tt 6.11

e ei At2 At3 ( )
J— 2 - 3 ]

T - 3T.(¢ 24) 2T, : L)k (6.12)
At At i,

In the equations, T, is the engine torque when torque transfer process starts, Az is the

time range designed for torque transfer, ¢ is the time when torque transfer process starts.
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Figure 6.2. Trajectories of engine and HPM torque during torque transfer.
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When engine torque is reduced to zero, engine clutch is disengaged. Then, synchronizer
is disengaged from the original gear and engaged to the target gear. After gear shifting is
finished, engine clutch is engaged again and engine torque is restored.

During engine clutch engagement process, engine clutch torque also works on vehicle
powertrain so it should be compensated by HPM otherwise it will generate impact on

vehicle powertrain:

e (6.13)
As previously mentioned in mode switching control, engine clutch torque is controlled
by its normal force when slipping but determined by engine torque when engaged. If
engine clutch torque changes a lot before and after engagement, significant vibration will
occur on vehicle powertrain. Therefore, LQR controller is again adopted here for engine
clutch engagement control.
In LQR control, the state variables are selected as:
X=[60,-6,.T,.T..T,~-T.] (6.14)
The control variables are selected as:
U=[7.7.] (6.15)
According to PHHV powertrain model described by equation (6.1) to equation (6.8), the

following state space function is attained:

X=AX+BU+E (6.16)
11 )
0 — — 0 0 0 g
JE‘ J@ ¢
1 0 0
A=/0 0 0 0| B= ,E= (6.17)
0 1 0
00 0 0
1 -1 0
00 0 0

The cost function of LQR control is described by:

. Lpnrer T

j=5 j [ X"QX+U'RU Jir (6.18)
where ¢, and ¢,, are the start and finish time of engine clutch engagement process. Q and

R are weighing matrices. In power on gear shifting control, the weighing matrices are

selected as following:
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9, 0 g5 O
0O 0 0 O rn, 0
Q= , R= (6.19)
9 0 0 0 0 n,
00 0 g,

With the weighing matrices, the cost function is attained as equation (6.20). ¢,,(6. —6.)’
aims to reduce the engine and engine clutch speed difference. ¢,,(6, —6,)T. aims to
reduce clutch frictional work. ¢, (7, —7.)* aims to reduce the engine clutch torque
difference before and after engagement. 7,7 aims to restrict engine torque changing
rate. ,,7° aims to restrict engine clutch torque changing rate to reduce powertrain
vibration. ¢q,,, q;5, 45,» qu4> 7;, and 7,, are weighing factors. g, =¢,,. Lager weighing

factor means stronger intention of restricting the corresponding variable.
R . . . . . .
/= 5 Lf I:% (0, -0, )’ + 2936, —0.)T, +q,, (T, — Tc)z +n 17;2 + rzzTcz ]dt (6.20)

The LQR control variables are determined by equation (6.21):
U=-R'B'GX (6.21)
where G is the feedback matrix and is obtained by solving the Riccati equation:
0=-GA-A'G+GBR'B'G-Q (6.22)
HPM torque is transferred back to engine after engine clutch is engaged. The third order
polynomial is used to mitigate powertrain vibration. Power on upshifting control strategy

is illustrated in Figure 6.3 as a flowchart.

Gear shifting start l l

| Synchronizer gear change |<— Increase engine torque
Reduce HPM torque

Reduce engine torque
Adjust HPM torque to
compensate driving torque

Synchronizer reaches
target gear

Control engine torque and engine

| Engine drives vehicle |
clutch pressure

!

| Gear shifting end |

Engine clutch engaged

Figure 6.3. Power on upshifting control strategy.
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Power on downshifting process is similar to power on upshifting process as shown in
Figure 6.5. However, in downshifting process, the target gear has a larger gear ratio,
which means engine speed should be increased after gear shifting. So engine torque is
used for its speed regulation. PID controller is adopted for engine speed regulation during
power on downshifting, as shown in Figure 6.4:

Engine clutch

speed Engine torque

PID » Engine inertia

Engine speed

+

Figure 6.4. Engine speed regulation control strategy.

Gear shifting start

Reduce engine torque
Adjust HPM torque to
compensate driving torque

!

Synchronizer gear change
Engine speed regulation

Y

P

Increase engine torque
Reduce HPM torque

Torque transfer
finished

| Engine drives vehicle |

Control engine torque and engine |
clutch pressure D
Gear shifting end
Engine clutch engaged

Yes

Clutch pressure is 0
Yes

Figure 6.5. Power on downshifting control strategy.

6.4 Power on gear shifting simulation and analysis

PHHV simulation model is built with Matlab/Simulink and power on gear shifting is
simulated to validate the power on gear shifting control strategy. The 3™ gear to 4™ gear
upshifting and the 6™ gear to 5™ downshifting are simulated and analyzed as
representatives of power on gear shifting. Simulation results are shown in Figure 6.6 and
Figure 6.7.

From Figure 6.6(a), when upshifting starts, engine torque decreases and HPM torque
increases. So vehicle driving torque is maintained. When torque transfer is finished,
engine clutch is disengaged. Then, synchronizer is disengaged from the 3™ gear and

engaged to the 4™ gear. Figure 6.6(c) depicts the engine clutch speed synchronization
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process. At the beginning of synchronization, AMT input shaft speed is same as the 3™
gear speed and then adjusted by the synchronizer cone clutch torque. The synchronizer
cone clutch torque causes slight vibration to vehicle powertrain, which can be found from
the fluctuating gear speeds in Figure 6.6(c). When AMT input shaft speed equals the 4"
gear speed, synchronizer is engaged to the 4™ gear. Because the 3™ gear has higher gear
ratio than the 4™ gear, AMT input shaft speed is reduced after gear change. Engine speed
has to be reduced to engage engine clutch. As shown in Figure 6.6(b), engine clutch
pressure is increased under the control of LQR controller and engine speed is reduced by
engine clutch torque. Engine clutch pressure decreases to a small value when engine and
engine clutch speeds are close. So that engine clutch torque doesn’t change a lot after
clutch engagement and large vehicle powertrain vibration is avoided. Engine clutch
torque also works on vehicle powertrain, which brings extra driving torque to vehicle. So
HPM torque is reduced to maintain a stable vehicle dynamic performance. The stable
vehicle acceleration in Figure 6.6(f) demonstrates the effectiveness of HPM torque

control on stabilizing vehicle dynamic performance.
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Figure 6.6. 3™ gear to 4" gear upshifting process.
PHHYV dynamic performance during gear shifting is compared with the original vehicle.

In original vehicle, there is no torque compensation during gear shifting, so vehicle
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dynamic performance is degraded due to torque interruption. Figure 6.6(f) illustrates that
PHHV acceleration is maintained during gear shifting while the original vehicle
acceleration drops remarkably. Vehicle speed in Figure 6.6(e) also demonstrates that
PHHYV speed keeps increasing owning to torque compensation, but original vehicle speed
is decreased due to resistance.

Figure 6.7 shows the 6 gear to the 5 gear downshifting process which is used to
demonstrate the high speed overtaking scenario. During downshifting process, HPM is
also used to compensate for driving torque to maintain vehicle dynamic performance. As
mentioned before, in downshifting, engine clutch speed is higher than engine speed after
synchronizer is engaged to the target gear, so engine torque is used for its own speed
regulation. When engine speed and engine clutch speed are synchronized, engine clutch
pressure increases under the control of LQR controller. Because the speed difference has
been cancelled by engine speed regulation, engine clutch is engaged in a very short time.
From Figure 6.7(f), it is found that during power on gear shifting, PHHV acceleration is

maintained but the original vehicle dynamic performance is deteriorated due to torque

interruption.
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Figure 6.7. 6™ gear to 5™ gear downshifting process.
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6.5 Powertrain state estimation based on EKF

6.5.1 EKF state estimator design

During power on gear shifting process as well as mode switching process, engine clutch
engagement control is the most complicated part. In engine clutch engagement process,
engine torque, engine clutch torque and HPM torque need to be coordinately controlled
by LQR controller. To implement LOR controller, engine torque, engine speed, engine
clutch torque, engine clutch speed, HPM torque and vehicle speed should be known as
state feedback. In real vehicle applications, clutch torque and speed couldn’t be measured
directly. Engine speed, HPM speed, AMT input shaft speed and wheel speed could be
measured by onboard sensors. Engine torque and HPM torque could be calibrated by
engine throttle and by HPM swashplate angle which are also measurable [127, 128].
However, the measured values contain noise which affects control effect. Engine torque
and HPM torque uncertainties also introduce transfer noise to gear shifting control
process [129]. In this part, EFK is used to estimate engine clutch states and reduce the
noise effect.
In engine clutch engaging process, synchronizer is engaged, so PHHV model in Figure
6.1 1s described by the following equation:

JO+CO+KO=T (6.23)
In equation (6.23), the matrices are:

J=diag|J,,J ,J + J; o sy, |5 9=[6’e,6’c,¢9i,00,6’f,9h,ﬁw]7

lg

0 0 0 0 0 0 0 |
0 C -C. 0 0 0 0 T -T]
0 -C. C. 0 0 0 0 T
0 0 0 0 0 0 0 0
C=lo 0 0 o Suce ¢ ST O
i L 0
0 0 0 0 C,i, c, 0 T,
-T
0 0 0 0 —Q 0 c, L L
L Ly i
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0 0 0 0 0 0 |
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In EKF state estimator design, the state variables are selected as:

. T
x=[0,0,7.7.T, | (6.24)
The control variables are augmented as:
u=[1.7.7,] (6.25)
According to the powertrain dynamic model, the state space function is described as:
Xx=ax+bu+v (6.26)
T
07><7 I7><7 07><3 1 0 0 0]3><I
a=|-J'’K -J'C J'N|,b=|0,,, O 1 O|,v=|-T,/J,|,
0, 0 0 1 0,
3x17 . 3x1 (627)
1 000 0O0OO
N=|-1 1. 0 0 0 0 O
0 000O0T1FP0

From the LQR controller, the augmented control variables are determined by the state
variables as described in following equation:
T U -R'B'G(l,)
u=|\T |= {T } =|-R'B'G(2,) X =smx,
T, =" |R'B'G(2.)i, /i,

_ (6.28)
1 1000000 0 0 _RB'G(LY)
0, 00 0000O0T1 0 0 e
e s=| -R'B'G(2,)
00 0000O0GO0 1 0 o -
00 0000O0T1 -1 0 R™B G(2.)1, /i,

The state space function could be converted to:



86

x=(a+bsm)x+v(x)+1 (6.29)
where / is the process noise caused by model uncertainties. It is defined as white Gaussian
noise with zero mean and covariance matrix of L.

The measurable PHHV powertrain states are selected as the output variables as shown in

equation (6.30) and the output function is described by equation (6.31).

y=[0..6.6,.6,.T.T,] (6.30)

y=Hx+w (6.31)
where y are output variables, H is output matrix as shown in equation (6.32). w denotes

the measurement noise which is modelled as white Gaussian noise with zero mean and

covariance matrix of W.

0
o7 (6.32)

S O O O O O
S O O O O O
S O O O O O
S O = O O O

— o O O O
S O O O O O
-_ o O O O O

S O O O O =
S O O O = O
S O O = O O

0

To implement EKF, the state space function and output function are discretized. EKF
includes prediction process and correction process [130]. In prediction process, the

predicted posterior state variables x, ., are computed based on the prior state variables:
X :f(xk) (6.33)
The predicted error covariance matrix 13k+l is computed by the prior error covariance

matrix P, and the Jacobian matrix deduced from the linearization of state space function,

as described in equation (6.34) and equation (6.35).

A

P =FPF +L (6.34)
T
F, g =a+bsm——= (6.35)
ox|,, J,0x

X
In the correction process, the EKF filter gain K, , is attained from the predicted error

covariance matrix and the output matrix as well as the measurement noise covariance

matrix:

K, =P, H (HP_ H + W)_l (6.36)
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The state variables at step k+1 are then computed from the predicted state variables and
the measured output variables as described by equation (6.37). The error covariance
matrix is updated based on the EKF filter gain and the predicted error covariance matrix

as shown in equation (6.38).

X =X, K, (yk+1 - mk+1) (6.37)

P

k+1

=(I-K,, H)P,, (6.38)
6.5.2 EKF state estimator simulation and analysis

EKF is used to estimate the PHHV powertrain state for engine clutch engagement control.
Figure 6.8 to Figure 6.10 show the simulation results during upshifting from 3™ gear to
4™ gear as an example. In LQR controller, engine speed, engine torque, engine clutch
speed, engine clutch torque and HPM torque are required as state feedback. Wheel speed
is observed as an indicator of vehicle dynamic performance. Figure 6.8 shows engine
state estimation results. The measured value, model computed value and EKF estimated
value are compared. In real application, sensors measure the states of powertrain
components and the obtained signals are the real values accompanied by noise. So in
simulation, the real components’ states are firstly obtained directly from model which is
defined as the model value in figures. Then noise is added to model value to represent
sensor noise in real application. So the simulated measured signals are constructed which
is defined as the measured value in figures. EKF is applied based on the measured value
and the estimated states are obtained which are defined as the EKF estimated value in
figures. It could be found the measured engine speed and torque fluctuates significantly
due to noise. With the help of EKF, engine speed and torque are corrected to be close to
the real value. The small speed error and torque error between the model computed value
and EKF estimated value demonstrate the EKF effectiveness. Figure 6.9 shows EKF is
capable of HPM torque and wheel speed estimation. Engine clutch speed and torque
couldn’t be measured directly so need to be estimated by other measurable states. Figure
6.10 illustrates engine clutch speed and torque are estimated correctly which provides

proper powertrain states for LQR controller.
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6.6 HPM torque compensation capability analysis during power on gear

shifting

HPM working pressure determines its capability for torque compensation. During
working condition, HPM working pressure could range from 17 MPa to 40 MPa, which
means the available HPM torque varies a lot under different accumulator charging states.
So it is necessary to investigate the HPM torque compensation capability for power on

gear shifting.
6.6.1 Capability analysis based on designed gear shifting schedule

According to the designed gear shifting schedule, traction force of all gear shifting points
are extracted and shown in Figure 6.11. Traction force need to be compensated during
power on gear shifting. The available HPM traction force with maximum and minimum
HPA working pressure is drawn in Figure 6.11 and compared with the required traction
force. It is shown that when HPM works with its maximum working pressure of 40 MPa,
most of the traction force during gear shifting could be compensated by HPM. The 1%
gear to 2™ gear upshifting, 2" gear to 3™ gear upshifting, 3™ gear to 4™ gear upshifting
and 2" gear to 1% gear downshifting torque compensation couldn’t be fully satisfied at
high throttle. When HPM works with the minimum working pressure of 17 MPa, it is

capable to compensate for driving torque with lower throttle.
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Figure 6.11. Capability analysis based on designed gear shifting schedule.
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6.6.2 Capability analysis based on typical driving cycles

Above analysis demonstrates that HPM can’t maintain vehicle dynamic performance
when gear shifting happens at high throttle or high vehicle speed condition. However, in
real driving condition, vehicle normally works at modest throttle and speed. So gear
shifting during typical driving cycles is analysed to investigate the HPM torque
compensation capability for real working conditions. In addition to the CTUDC driving
cycle, the UDDS and NEDC driving cycles are also used to analyse the traction force
requirement during gear shifting. Based on the designed gear shifting schedule, gear states
during each driving cycle are shown in Figure 6.12. Traction force and vehicle speed of
the gear shifting points are summarized in Figure 6.13 and compared with the HPM
available traction force. It is shown that in typical driving cycles, all of the gear shifting
traction force could be compensated by HPM when HPM works with the maximum
working pressure. However, its torque compensation capability is affected by lower HPA

charging condition.
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Figure 6.12. Gear state of typical driving cycles, (a) CTUDC, (b) UDDS, (¢) NEDC.
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6.7 Summary

In this chapter, PHHV power on gear shifting is researched. During power on gear
shifting, LQR controller is used to control engine clutch engagement process which could
cause excessive powertrain vibration and deteriorate vehicle driving comfort. Simulation
results show that power on gear shifting is successfully conducted based on the designed
control strategy. It is demonstrated that vehicle dynamic performance is maintained
during gear shifting while the original vehicle experiences torque interruption. EKF is
used to estimate PHHV powertrain states which are required by LQR controller for state
feedback control. Power analysis of all potential gear shifting according to the gear
shifting schedule demonstrates that HPM could compensate for most of the traction force
during gear shifting with maximum working pressure. However, if HPA is not fully
charged, only the gear shifting with lower throttle could be satisfied. Investigation of
typical driving cycles gear shifting proves the HPM capability of torque compensation in

real driving conditions which is also affected by its working pressure.
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Chapter 7 Case study of an in-wheel drive electric

hydraulic hybrid vehicle

7.1 Introduction

Transportation electrification is an important solution for environmental degradation and
non-renewable energy shortage. Various electric powertrains have been proposed in
academia and industry. At the moment, most of the electric vehicles on the market such
as Tesla, Mercedez-Benz EQC, Nissan Leaf and BMW i3 are equipped with single gear
transmission owning to the large speed range and low-speed-high-torque characteristics
of electric motors [131]. Some electric vehicles use two motors on front axle and rear axle
respectively to further improve vehicle dynamic performance [132]. Multi-gear and
multi-motor powertrains are widely researched in academia with the motivation of
improving electric vehicle energy economy and dynamic performance. AMT [133, 134],
Dual clutch transmission [135], Automatic transmission [136, 137] and continuous
variable transmission [138, 139] have been implemented on electric vehicles.

In-wheel drive electric vehicle (IEV) in which electric motors are connected to wheels
directly has been considered as one of the most important formats of electric vehicles
[140]. IEV eliminates all of the intermediate shafts so transmission power loss is
cancelled. Vehicle handling and stability performance are significantly improved by
torque vectoring control based on quick torque response and outstanding controllability
of electric motor [141, 142]. In addition to the attractive advantages of IEV, there are also
some unsolved problems which hinder its implementation. Limited installation space
makes it difficult for heat dissipation [143]. Vibration caused by increased unsprung mass
reduces vehicle driving comfort, deteriorating suspension and motor bearing working
conditions, which accelerates the components failure [144].

Inspired by the research on PHHV, HPM has higher power density than electric motor,
which means less unsprung mass will be added if HPM is used for in-wheel drive [22,
145]. So vibration problems caused by increased unsprung mass could be mitigated.
Besides, HPM is driven by fluids which naturally constitutes the cooling system. Wheels
have to work under complicated environment like in water and off-road, which proposes

challenges for high voltage electrical system. In contrast, HPM is more reliable in these
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complicated working conditions. These advantages make HPM a potential candidate for
in-wheel drive [146].

With the motivation of combining the advantages of electrification, HPM and in-wheel
drive, this chapter aims to conduct a concept study of an in-wheel drive electric hydraulic
hybrid vehicle (IHV). Energy economy and vertical vibration characteristics of IHV are

researched and compared with centralized motor drive electric vehicle (CEV) and IEV.
7.2 Powertrain configurations and working principles

Configurations of CEV, IEV and IHV are shown in Figure 7.1. In CEV, two central
electric motors (CEM) are installed on front axle and rear axle respectively. Single speed
transmission is used to adjust CEM speed and torque to coordinate with vehicle maximum
speed and dynamic performance demand.

In IEV, in-wheel electric motor (IEM) is used to drive vehicle. In this research, an I[EM
produced by Protean electric is used for analysis. The IEM parameters such as speed,
torque and power are specifically designed for in-wheel drive so it could be directly
installed in wheel without any gears for speed and torque adjustment.

In IHV, in-wheel HPM (IHM) are installed to drive vehicle. HPA is used to store energy
and LPA is used as a reservoir. During driving, IHM works as motor and oil flows from
HPA to LPA. During regenerative braking, IHM works as pump and oil flows from LPA
to HPA. In addition to regenerative braking, HPA could also be charged by the central
HPM (CHM). In this charging condition, CEM drives CHM to charge HPA. HPA can
also be used to charge battery through CHM and CEM.

ﬂ T, | oo P
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Figure 7.1. Configurations of different vehicles, (a) CEV, (b) IEV, (c) IHV.
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7.3 Modelling of vehicle powertrains

7.3.1 Electric motor modelling

The electromagnetic response of power electronics presents higher frequency than that of
mechanical powertrain so frequency oscillations from power electronics systems can be
overlooked to improve the computation efficiency and simplify the control problems
[147]. The maximum electric motor torque is modelled as a lookup table regarding to
motor speed. The real-time electric motor torque according to driver command can be

expressed as:

T,=a,T, .(a,) (7.1)

m p~ m_max

where «, is the accelerator pedal opening and 7, (w,) is the maximum electric

m_max

motor torque at speed o, .

7.3.2 Battery modelling

Battery parameters are affected by many factors like temperature, state of charge (SoC)
and charging rate. In this research, battery is modelled as an internal resistance model
[148, 149]. Battery parameters are obtained from test which could truly reflect the battery
characteristics. Based on the model, battery SoC changing rate is described by following

equation:

- JUA-4RP -U
SOC: oc b" b oc (72)

2QmaxRb
where U, is battery open circuit voltage, R, is battery internal resistance, O, . 1S
battery maximum capacity and B, is battery power which is calculated by following

equation:

"\ T,o,m, T, <0

P = (7.3)
where 77, 1s electric motor efficiency which is modelled as a 2-D lookup table regarding

to electric motor torque and speed.

Figure 7.2 shows battery U, and R, against its SoC. In this model, battery

characteristics are calibrated with 25 °C temperature.
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Figure 7.2. Battery characteristics, (a) Open circuit voltage, (b) Internal resistance.
7.4 Energy management strategy design with DP optimization

For a new powertrain configuration, it is significant to explore its optimal energy
economy, which not only verifies the proposal rationality but also work as a benchmark
to evaluate other practical EMS. In this section, DP optimization is adopted to explore the
optimal energy economy of each vehicle so that the comparison of energy economy is
more convincing. Energy consumption of each vehicle is set as the DP optimization cost
function as described in equation (7.4). The target is to find the optimal control input

sequence which minimizes the cost function:

N-1
j=Y L(X(n),U(n)) (7.4)
n=0
In the equation, j is cost function. N is DP optimization steps, X is the state variable, U is

the control variable. L (X U ) is instantaneous energy consumption determined by X and

U. In CEV and IEV, the state variable is battery SoC. In IHV, the state variables are
battery SoC and HPA pressure. In CEV, the control variables are front CEM torque and
rear CEM torque. In IEV, four IEM are adopted so there are potentially four control
variables. However, driving torque is normally allocated to left wheels and right wheels
evenly to reduce control complexity [150, 151]. Only when there are stability control or
steering control requirements, all four IEM are independently controlled to generate yaw
moment for vehicle lateral dynamic control.

The state variables at step n+/ are determined by the state variables and the control

variables at step n, which is described as following:

X(n+1)=f(X(n),U(n)) (7.5)
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The minimum energy consumption could be obtained by solving the following recursive
equations:

For step N-1:
j(N=1)=min L(X (N-1),U(N-1)) (7.6)

U(N-1)

For step n (OSn<N—1):

j(n) = min(L(X(n),U(n))Jrj(nJrl)) (7.7)

U(n)
where j(N —1) is the minimum energy consumption at step N-1. j(N) is the minimum
total energy consumption from step » to step N-1.

There are also boundary conditions for the state variables and the control variables.

In CEV, the control variables are front CEM torque T, ., and rear CEM torque 7, .,

r

U= []}'7CEM’ T;LCEM:| (7.8)
CEM torque is restricted between the minimum and maximum torque:
TfﬁCEMﬁmin = TfﬁCEM < TfﬁCEMﬁmax (7.9)
T;’iCEMimin < Z;CEM < T;fCEMimax

In IEV, there are four IEM. However, driving torque is only allocated between front

wheels and rear wheels. Left wheels and right wheels are allocated with the same torque.

So the control variables are front [EM torque 7, ,,, and rear IEM torque 7, ,,,:

U= [TfJEMa 7;71EM:| (7.10)
IEM torque is restricted between the minimum and maximum torque:

Tf_[EM_min < Tf_lEM < Tf_lEM_max
T <T <T

r IEM min r IEM — “r_IEM max

(7.11)

Similar to IEV, driving torque is evenly allocated between left wheels and right wheels
in [HV. Besides, CEM and CHM are used to transfer energy between battery and HPA.
CEM and CHM are decoupled from wheels so their speed and torque could be optimized

to achieve the best energy economy. The control variables in IHV are selected as front

IHM torque 7, ,,, , rear IHM torque 7, ,,, , CHM torque T,,, and speed n,, :

7

U= I:T/'JHM o T s> Tomas> Mewn ] (7.12)
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In IHV, IHM and CHM swashplate angle could only be adjusted between the minimum
and maximum values, so they have limited output torque. CHM speed and CEM speed

are restricted by their speed limits. HPA pressure F, should also be maintained between

its maximum and minimum values. The boundary conditions in IHV are:

T

f_IHM _min S TfﬁIHM = T/‘;IHMfmax

T <T

r_IHM min r_IHM < 7—;71HM7max

1, <T

CHM _min < CHM — = CHM _max

TCEMﬁmin = TCEM < TCEMﬁmax (713)

<

Memns min < e < Memy max

<

nCEMimin < nCEM nCEMimax

Bz_min < Ph < Ph_max

7.5 Energy consumption simulation and analysis

Vehicle simulation models are built with Matlab/Simulink to investigate their energy
consumption. In this research, a production SUV with CEV configuration is selected as
the benchmark vehicle. Its parameters are shown in Table 7.1.

Table 7.1. Parameters of CEV.

Vehicle parameter Value CEM parameter Value
Tyre dynamic radius 0.382 m Maximum power 175 kW
Rolling resistance coefficient 0.018 Maximum torque 800 Nm
Air drag coefficient 0.36 Maximum speed 4200 rpm
Frontal area 2.45 m? Continuous power 119 kW
Mass 2200 kg Continuous torque 455 Nm
Gear ratio 3 Mass 140 kg

Energy consumption research is based on the world harmonized light-duty vehicles test
procedure class 3 (WLTP-3). The WLTP-3 profile is shown in Figure 7.3. It combines
urban and high speed driving conditions, which is widely used to investigate the energy

consumption of hybrid vehicles and electric vehicles.
7.5.1 Energy consumption of CEV

Front CEM and rear CEM working points are shown in Figure 7.4. It could be found at

most of the time, only rear CEM is used to drive vehicle. This indicates the CEV driving
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system is much oversized for normal driving conditions. Vehicle power demand and
torque demand during WLTP-3 are shown in Figure 7.5. It is demonstrated that the power
demand is much less than the equipped motor power. However, large motor improves

vehicle dynamic performance.
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Figure 7.3. WLTP-3 driving cycle.
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Figure 7.4. CEM working points during WLTP-3, (a) Front CEM, (b) Rear CEM.
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Figure 7.5. CEV power demand during WLTP-3.
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7.5.2 Energy consumption of IEV

There is no IEV on the market at the moment. However, the PD18 IEM designed by
Protean electric has been produced and promoted to the market. This IEM targets on in-
wheel drive passenger vehicle. So it is selected to drive the benchmark vehicle to
investigate the IEV energy consumption. The IEM parameters are shown in Table 7.2 and
its efficiency map is shown in Figure 7.6. The IEM is designed for in-wheel drive so it is
installed in wheel directly without any gears.

Table 7.2. Parameters of IEM.

Parameter Value Parameter Value
Maximum torque 1250 Nm Continuous torque 650 Nm
Maximum power 80 kW Continuous power 60 kW
Maximum speed 1600 rpm Mass 36 kg

By simulation, IEM working points during WLTP-3 are shown in Figure 7.6. It is shown
that rear IEM covers most of the driving torque which means powertrain is also oversized

in [EV.
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Figure 7.6. IEM working points during WLTP-3, (a) Front IEM, (b) Rear IEM.

7.5.3 Energy consumption of IHV

IHV is a novel vehicle configuration proposed in this research. So its powertrain
parameters are designed here. To make IHV have similar vehicle dynamic performance
with CEV and IEV, IHM power is selected same as IEM. In IHV, a gear is adopted to
adjust IHM speed and torque. CHM and CEM are disconnected with wheels, so they just

need to satisfy vehicle power demand but not torque demand. From Figure 7.5, the vehicle
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power demand is moderate while the torque demand is remarkable. So only one CEM is

reserved in IHV powertrain. CHM is selected as the same power as CEM. Parameters of

IHV are listed in Table 7.3.

Table 7.3. Parameters of IHV.

Parameter Value Parameter Value
IHM CHM

Maximum speed 8750 rpm  Maximum speed 6150 rpm
Maximum displacement 28 cm’® Maximum displacement 80 cm’
Maximum working pressure 40 MPa Maximum working pressure 40 MPa
Maximum torque 160 Nm Maximum torque 455 Nm
Maximum power 96 kW Maximum power 185 kW
Mass 16 kg Mass 36kg
IHM gear ratio 5.47

HPA LPA

Maximum working pressure 40 MPa Maximum working pressure 33 MPa
Mass 71 kg Mass 33 kg
Nominal volume 20L Nominal volume 10L

IHM working points during WLTP-3 is shown in Figure 7.7. It is shown that IHV also

tries to use only rear IHM for driving. It could also be found that the distribution of rear

IHM working points is different from rear IEM. This is determined by different efficiency
maps of IHM and IEM.
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HPA pressure and gas volume are shown in Figure 7.8. It is shown that HPA pressure is
always lower than its maximum working pressure which means HPA capacity is
sufficient for regenerative braking. When HPA is used for regenerative braking, battery

charging burden is relieved.
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Figure 7.8. HPA pressure and gas volume change during WLTP-3.
Figure 7.9 shows the distribution of CEM and CHM working points during WLTP-3. As
mentioned above, in IHV, CEM and CHM are disconnected with wheels. So under a

certain power demand, CEM and CHM could work at the most efficient point.
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Figure 7.9. CEM and CHM working points during WLTP-3.

7.5.4 Energy consumption comparison

Energy consumption and SoC change of each vehicle during WLTP-3 are shown in Figure
7.10. It could be found that IEV consumes slightly more energy than CEV. The main

reason is that IEM has lower efficiency than CEM, especially in low speed area. These
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results indicate that although powertrain is simplified in IEV which helps reduce power
loss, lower IEM efficiency makes IEV not very competitive in energy economy. Energy
consumption of IHV is 40% more than CEV and 34% more than IEV, which demonstrates
a bad energy economy of IHV. The reason is that hydraulic accumulator has much lower
energy density than battery, so when CEM is used to charge HPA, it is equivalent to use
CEM to drive vehicle. The total powertrain efficiency is degraded by hydraulic circuit.
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Figure 7.10. Energy consumption and SoC change of each vehicle.

Table 7.4. Energy consumption and SoC change comparison.

Vehicle Initial SoC Final SoC  Fuel consumption (kWh)
CEV 0.95 0.82 5.131
IEV 0.95 0.815 5.344
IHV 0.95 0.763 7.346

7.6 Vertical vibration analysis

From energy consumption analysis, IHV consumes much more energy than CEV and
IEV. However, hydraulic motor has larger power density than electric motor, which could
help to mitigate the problems caused by increased unsprung mass. It has been proved that
the increased unsprung mass remarkably changes vehicle vertical vibration characteristics
and degrades vehicle driving comfort [152]. In this section, vertical vibration
characteristics of each vehicle are researched based on a quarter vehicle dynamic model
as shown in Figure 7.11. In the model, stiffness and damping are considered as constant

parameters [153, 154]. For different vehicles, they have the same quarter vehicle dynamic

model but with different parameters.
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Figure 7.11. Quarter vehicle dynamic model.
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The quarter vehicle model is described by equation (7.14):

{msjés = _kS (xS _xu)_cs(xs _xll)

7.14
m,%, =k (x,—x,)+c,(, —%,)—k (x, —x,) (7.14)

where m_ is sprung mass, x, is sprung mass displacement, k, is suspension stiffness, c,
1s suspension damping, m, is unsprung mass, x, 1s unsprung mass displacement, &, is
tyre stiffness. In this model, tyre damping is ignored due to its small effect on vertical
vibration [155]. The quarter vehicle dynamic model parameters of each vehicle are shown
in Table 7.5. In IEV, two CEM are removed so its sprung mass is reduced compared with
CEV. IEM increases its unsprung mass. In IHV, one CEM is removed but a CHM and
two accumulators are installed on-board, so its sprung mass doesn’t significantly change.
As mentioned, hydraulic motor has higher power density than electric motor, so IHM
mass is much smaller than IEM with the same power, which explains IHV unsprung mass
is smaller than IEV.

Table 7.5. Quarter vehicle dynamic model parameters of different vehicles.

Parameter CEV IEV IHV
Sprung mass (kg) 510 426.5 506.5
Unsprung mass (kg) 40 74 56
Suspension stiffness (N/m) 32000
Suspension damping (Ns/m) 2830

Tyre stiffness (N/m) 200000

To investigate vehicle vertical vibration characteristics under road excitation, the state

space function and output function are built as following:



104

W,
{X AX+BU (1.15)

Y =CX+DU
In the equation, sprung mass displacement, sprung mass velocity, unsprung mass
displacement and unsprung mass velocity are selected as the state variables X. Sprung
mass acceleration, unsprung mass acceleration, suspension deformation and tyre
deformation are selected as the output variables Y [156]. Road excitation is selected as

the input variable.

—ng, U:[ng

From Eq.(7.14), the state space function and output function are obtained as shown in
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equation (7.17) and equation (7.18):
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Frequency response analysis under road excitation is conducted and results are shown in
Figure 7.12. There are two natural frequencies in quarter vehicle dynamic model. In IEV,
the natural frequencies and amplitudes are all greatly changed compared with the
benchmark CEV. In IHV, the 1 natural frequency is very close to CEV but the 2" natural
frequency is decreased.

Figure 7.12(a) shows the sprung mass acceleration response to road excitation. It is shown
that sprung mass acceleration is significantly increased in IEV with both natural
frequencies, which indicates a worse driving comfort. The IHV sprung mass acceleration
response is almost the same as CEV at the 1% natural frequency. At the 2" natural

frequency, the IHV sprung mass acceleration response is only slightly higher than CEV.
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So from the vertical acceleration perspective, IHV maintains vehicle driving comfort

while IEV degrades vehicle driving comfort.
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Figure 7.12. Frequency response analysis to road excitation.

Figure 7.12(b) shows that the unsprung mass acceleration response of all vehicles are
quite small at the 1° natural frequency. At the 2" natural frequency, the unsprung mass
acceleration response of IEV and IHV are reduced due to larger unsprung mass.

The suspension deformation with different excitation frequency is shown in Figure
7.12(c). IEV has reduced suspension deformation at the 1% natural frequency but
increased suspension deformation at the 2" natural frequency. The IHV suspension
deformation is also larger than CEV at the 2" natural frequency. It should also be noticed
although the suspension deformation of IEV and IHV are increased at the 2" natural
frequency, they are still smaller than the CEV suspension deformation at the 1* natural
frequency.

The tyre deformation which represents dynamic wheel load is shown in Figure 7.12(d).

It is demonstrated that at the 1% natural frequency, the larger unsprung mass in IEV and



106

IHV don’t increase wheel load remarkably. However, wheel load is increased a lot at the
2" natural frequency in IEV and IHV, which proposes higher requirements for tyre

strength. IHV dynamic wheel load is smaller than IEV dynamic wheel load.
7.7 Summary

This chapter proposes a novel IHV structure which inherits the advantages of independent
wheel torque control and reduces the drawbacks caused by increased unsprung mass in
IEV. Through DP optimization, IHV consumes 40% more energy than CEV and 34%
more energy than IEV respectively, which makes IHV incompetent for energy saving.
However, hydraulic motor has higher power density than electric motor, so less unsprung
mass is added in IHV than IEV. Vibration analysis results demonstrate that the vibration
problems caused by increased unsprung mass could be alleviated in IHV, especially the
vehicle body acceleration which directly affects driving comfort. Besides, heat dissipation
and IEM high voltage safety challenge are reduced in IHV. Based on above analysis, IHV
is more suitable to work in off-road conditions such as for mining, forestry and
agriculture. For these applications, in-wheel drive structure improves vehicle handling
and stability performance by independent wheel torque control. Hydraulic motors also
have better reliability under bad working conditions. IHV is not recommended for on-
road use such as passenger vehicle or commercial vehicle due to its bad energy economy

performance.
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Chapter 8 Conclusion

PHHV helps to reduce fuel consumption in transportation for medium and heavy duty
vehicles. In this research, PHHV hydraulic driving system parameters are designed
through vehicle power analysis firstly. During parameter design, all of the HPM working
pressure, displacement and speed which affect HPM efficiency are considered. Hydraulic
driving system working condition such as minimum working pressure is designed with
compromise of vehicle dynamic performance, fuel economy, cost and installation space.
Based on the designed hydraulic driving system parameters, the optimal PHHV fuel
economy is obtained by DP optimization. Through simulation, PHHV achieves fuel
consumption reduction by 27.5% during the typical urban driving cycle CTUDC
compared with the original engine driving vehicle, which proves the fuel economy of
PHHV. Based on DP optimization results, a practical rule-based EMS is designed to
investigate PHHV fuel economy in real application. PHHV consumes only 1.53% more
fuel with rule-based EMS compared with DP optimization, indicting the effectiveness
and practicality of rule-based EMS. The regenerative braking results show that most of
the braking energy could be recovered because the braking intensity is normally small in
urban driving conditions with which braking could be realized by HPM only. Parameter
sensitivity analysis with different vehicle mass demonstrates PHHV achieves good
energy saving benefit with all load conditions.

The vibration characteristics of PHHV powertrain is researched and compared with the
original vehicle powertrain for the first time. A 14 degrees of freedom dynamic model is
established to obtain the natural frequencies and mode shapes of PHHV powertrain.
Based on the natural frequencies and mode shapes, the 14 degrees of freedom dynamic
model is simplified and the frequency response of PHHV powertrain to engine excitation
and HPM excitation are researched. Results show that with a HPM added on the
driveshaft, the powertrain dynamic response to engine excitation is increased only at the
1*" natural frequency. However, due to the minimum engine excitation frequency being
higher than the 1% natural frequency, powertrain resonance is avoided. HPM also
introduces excitation to PHHV powertrain due to its instantaneous torque fluctuations.
As HPM excitation is much smaller than engine excitation, it does not produce excessive

powertrain vibration. Additionally, HPM is not exposed to significant forced vibration
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caused by engine excitation. Consequently, the need for substantive vibration isolation
for HPM is reduced.

Based on the simplified PHHV powertrain dynamic model, mode switching from HPM
driving mode to engine driving mode is analysed and control strategy is designed.
Constant vehicle acceleration is selected as the indicator of stable driving torque.
Simulation results demonstrate that by using HPM to compensate engine clutch torque,
vehicle dynamic performance is guaranteed during mode switching. From the comparison
between different LQR weighting matrices, multiple options are available to drivers on
vehicle dynamic performance and driving comfort during mode switching.

Power on gear shifting control strategy is designed for PHHV. Torque interruption is
eliminated by using HPM to compensate the driving torque during gear shifting so that
vehicle dynamic performance is maintained and powertrain vibration is reduced. EKF is
adopted for PHHV powertrain state estimation to provide more accurate state feedback
for gear shifting control and mode switching control. HPM torque compensation
capability during gear shifting is researched based on the designed gear shifting schedule
and typical driving cycles. Results show that HPM could satisfy most of the torque
compensation requirements for the gear shifting during typical urban driving cycles with
the designed gear shifting schedule.

From above analysis, PHHV has significant effect on reducing vehicle fuel consumption.
The attachment of hydraulic driving system doesn’t bring extra challenges to powertrain
vibration control. Besides, vehicle dynamic performance could be improved by power on
gear shifting with the help of HPM.

Inspired by the high power density of HPM, the potential of using HPM for in-wheel
drive is investigated as a case study. Energy economy analysis shows that IHV uses more
energy than CEV and IEV due to more powertrain components. Vibration analysis
demonstrates that with less added unsprung mass, IHV makes less change to vehicle
vertical vibration characteristics than IEV. These results indicate that [HV is suitable for
off-road implementations where handling and stability performance are important but

energy consumption could be compromised, such as for mining, forestry and agriculture.
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