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A B S T R A C T

Isentropic efficiency is a common performance measure for compressors and is useful for modelling the beha-
viour of real compressors in relation to discharge temperature or required mechanical power input. However, it
has a weakness in that a basic assumption in the calculation is that the real compressor is adiabatic. If significant
heat transfer from the compressor to the outside environment occurs, then the adiabatic assumption is invalid,
but the negative effects of internal entropy generation are reduced, and in principle it is possible to have a
measured isentropic ‘efficiency’ greater than 100%, which, while counterintuitive, is highly desirable. We
practically demonstrate this effect with an air-cooled swashplate compressor and propose that for cases of in-
tentional compressor cooling, the simple definition for isentropic efficiency is retained as a performance measure
but renamed to isentropic performance coefficient (IPC).

1. Introduction

Refrigeration compressors are typically assessed using both the first
and second laws of thermodynamics. The second law of thermo-
dynamics establishes the concept of energy quality, and it can be uti-
lized to evaluate the degradation of energy quality that occurs during a
process or cycle. However, compared to first law (energy) analysis,
second law (exergy) analysis offers a more precise and effective ap-
proach for identifying areas of inefficiency. The insights gained from
exergy analysis can be used to evaluate and enhance the performance of
refrigeration compressors, making it a valuable tool for improving their
efficiency and effectiveness.

High performance reciprocating compressors are widely accepted in
the automobile industry due to their compact structure, small size, light
weight, low cost, and better thermal comfort inside the vehicle cabin
[1–3]. Reciprocating compressor performance in terms of efficiency has
been investigated by many researchers through incorporating mathe-
matical models. For example, a methodology for thermodynamic
modelling of reciprocating compressors including the working process
inside the cylinder was presented by Sun and Ren [4]. Farzaneh et al.
[5–7] presented a thermodynamic model to analyse the effects of nat-
ural gas composition on the compressed natural gas refrigeration
compressor performance. Moreover, a thermodynamic analysis on
single stage reciprocating expansion engine was carried out by the same
group [8,9]. A comprehensive analytical model based on kinematics,

compression process and friction power loss was developed in reference
[10]. An electric motor model for hermetic reciprocating compressors
was introduced by Dutra et al. [11] for more accurate prediction of
compressor performance in terms of efficiency and temperature dis-
tribution. Thermodynamic performance evaluation of reciprocating
compressors was also carried out by Wang et al. [12] and Zhao et al.
[13]. One used an m-θ diagram while the other investigation involved
transient temperature measurement based on a two-thermocouple
probe method. Elhaji et al. [14] conducted a numerical study of a two-
stage reciprocating compressor, which led to the expansion of diag-
nostic features for predictive condition monitoring. Winandy et al. [15]
developed a simplified model of an open-type reciprocating com-
pressor, which showed the main processes that influenced the re-
frigerant mass flow rate, compressor power, and discharge temperature.
Ndiaye and Bernier [16] also created a dynamic model of a hermetic
reciprocating compressor in on-off cycling operation.

Some researchers have focused on parametric studies for evaluating
compressor performance to aid design and development of high effi-
ciency refrigeration compressors. Stouffs et al. [17] presented a meth-
odology for investigating compressor performance considering nine
physically meaningful dimensionless parameters (five main and four
secondary). The effect of geometry, valves, motor and working condi-
tions on the compressor performance was discussed by Rigola et al.
[18]. Clearance ratio and the friction factor have considerable influence
on volumetric and isentropic efficiencies as reported by Castraing et al.
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[19]. Fluid dependent efficiencies can be predicted using a differential
compressor model introduced by Roskosch et al. [20]. Posch et al. [21]
and Navarro et al. [22] performed numerical analysis based on thermal
loss to predict reciprocating compressor performance. Farzaneh-Gord
et al. [23] optimized the design parameters of a reciprocating air
compressor thermodynamically by developing a mathematical model
based on mass conservation, the first law, and the ideal gas assumption
to study the performance of reciprocating compressors.

The researchers mentioned above utilized the first law of thermo-
dynamics as a fundamental tool for modelling. The second law of
thermodynamics was also employed to assess the performance of re-
ciprocating compressors. McGovern and Harte [24] explored com-
pressor performance by employing the second law, which characterizes
non-idealities as exergy destruction rates caused by losses due to fric-
tion, irreversible heat transfer, fluid throttling, and irreversible fluid
mixing. The study also identified and quantified defects in the use of a
compressor's shaft power. Aprea et al. [25] conducted research that
detected the optimum frequency for variable speed compressors in
terms of exergy, energy, and economy. Additionally, Bin et al. [26]
investigated the thermal performance of reciprocating compressors
with stepless capacity control systems. Their experimental setup de-
monstrated the successful operation of the compressor with the de-
signed stepless capacity control system. Morriesen and Deschamps [27]
conducted an experimental investigation of transient fluid and super-
heating in the suction chamber of a refrigeration reciprocating com-
pressor. Furthermore, Yang et al. [28] simulated a semi-hermetic CO2

reciprocating compressor comprehensively.
The literature reviewed above indicates that the application of

second law analysis in predicting the performance of refrigeration
compressors includes parameters such as design characteristics, shaft
power, internal heat transfer, friction losses, and fluid dynamics inside
the compressor. However, few studies have discussed the second law
efficiency by considering external cooling, which involves significant
heat transfer from the compressor to the surrounding environment.
While considering the importance of heat exchange with the sur-
roundings, this study aims to practically demonstrate the impact of
intentional cooling on the isentropic efficiency of refrigeration com-
pressors.

It is well known that external cooling is desirable to improve the
performance of a compressor. The ideal device is the so-called ‘iso-
thermal compressor’ where work input is significantly lower than the
ideal ‘isentropic compressor’ (e.g. Cengel et al. [29]). For the com-
pression of refrigerants (especially with fixed-displacement mechan-
isms), isothermal compression is not a practical target due to the un-
desired presence of liquid in the two-phase mixture and the simple
principle that the temperature in the condenser must be higher than the
air temperature of the surrounding environment for the condenser to
reject heat. Nevertheless, cooling of the compressor reduces the

discharge temperature and therefore the load on the condenser, which
is desirable.

The isentropic efficiency of a compressor is defined as:
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W
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where Ws and Wa are the ideal isentropic work input and actual work
input, h is specific enthalpy and suction and discharge lines are labelled
1 and 2, respectively. The expression involving enthalpies is the easiest
to measure and assumes no heat transfer to the surroundings. If one
includes heat transfer to the surroundings, then the expression be-
comes:
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where Qout is the heat transfer rate from the compressor to the sur-
roundings and m is the mass flow rate of refrigerant. For measuring
performance of a compressor with cooling, Eq. (2) is less convenient
because the heat transfer to the surroundings, Qout or the mechanical
power input,Wa are extra parameters that are more difficult to measure
in comparison with the discharge temperature. Cengel et al. [29] sug-
gest it is ‘meaningless’ to report the isentropic efficiency of a com-
pressor with intentional cooling. However, this creates a dilemma for
testing and comparing practical devices if we are unable to report the
compressor’s isentropic efficiency. Moreover, a refrigeration com-
pressor with a lower discharge temperature is certainly a better com-
pressor. Since, for a compressor, it is desirable to both lower h2a and
increase Qout , we propose that the isentropic efficiency based on en-
thalpies is still a practical, convenient, and meaningful performance
measure for intentionally cooled compressors. To avoid ambiguities and
concerns about the ‘efficiency’ exceeding 100%, we suggest that for
intentionally cooled compressors, the apparent isentropic efficiency
based on enthalpies be relabelled as:

=Apparent IPC h h
h hs

s

a

2 1

2 1 (3)

where IPC stands for isentropic performance coefficient. In the case of
an adiabatic compressor, IPC becomes identical to the isentropic effi-
ciency. For an externally cooled compressor, IPC improves with an in-
crease in cooling to the surroundings. For diabatic compressors, Zou et.
al [30] call the efficiency evaluated by Eq. (3) the ‘apparent efficiency’.
Their study involves heat transfer into the compressor from a neigh-
boring gas turbine rather than intentional cooling.

Fig. 1 illustrates how the isentropic efficiency can appear to exceed
100% if cooling to the surroundings takes place. The rectangle re-
presents the boundary of the compressor. Fig. 1a) is an adiabatic
compressor with an isentropic efficiency of 90%. This case fits well with
the definition of isentropic efficiency. Fig. 1b) shows the same

Nomenclature

ηs isentropic efficiency
Ws ideal work input, J/kg
Wa actual mechanical work input to compressor, J/kg
m mass flow rate, kg/s
h1 specific enthalpy at suction line, J/kg
h2a specific enthalpy at discharge line, J/kg
h2 s isentropic specific enthalpy at discharge line, J/kg
Qout heat transfer rate, W
Psuc suction pressure, Pa
Pdis discharge pressure, Pa
hsuc enthalpy per unit mass at compressor suction, J/kg
hdis enthalpy per unit mass at compressor discharge, J/kg
hdis, isen isentropic enthalpy per unit mass at compressor discharge,

J/kg
Tsuc suction temperature, °C
Tdis discharge temperature, °C
ssuc specific entropy at suction, J/kg. K
Pcomp power consumption, W
Tamb ambient temperature, °C
ds change in specific entropy, J/kg. K
Twall cylinder inside wall temperature, °C
Wc compression work, J/kg
QH heat rejected from the condenser, J/kg
QL cooling capacity, J/kg
COP coefficient of performance
RPM revs per minute
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compressor with external cooling fins on the flow passage connecting
the compressor discharge to the discharge line. The values in the figure
correspond to conditions relevant to the compressor tested in this study
(as listed in Table 1). If the enthalpy at the exit is calculated based on
the lower discharge temperature of 73 °C, the isentropic efficiency
based on enthalpies will become 104%. Based on Eq. (2), the isentropic
efficiency for the cases shown in Figs. 1a) and 1b) will be the same,
since the mechanical power input is the same. We argue that the
compressor shown in Fig. 1b) performs better than the one in Fig. 1a)
since the discharge temperature is lower. Fig. 1c) is better again since
heat is removed during the compression process. For the compressor
considered in this study, the cooling behaviour will be somewhere be-
tween Figs. 1b) and 1c).

2. Experimental setup

An air-cooled 10-cylinder electric swashplate compressor was tested
using the set up illustrated in Fig. 2. The key components are a fixed-
displacement swash-plate compressor Unicla UP200 (200 ccrev−1), a
condenser KYSOR Westran KC90 (capacity performance of 7.6 kW), an
evaporator MICRO-BUS BEU-848 L-100 (cooling capacity of 9.4 kW)
and a thermal expansion valve (TXV). A drier and an oil separator were
also present as auxiliary equipment. A volumetric flow meter located at
the exit to the evaporator was used to monitor the flow rate of re-
frigerant through the circuit. The components used in the experiment
were connected through hoses to circulate refrigerant between two
separate insulated rooms (evaporator room and the condenser room).
10 kW and 15 kW electric heaters were set to supply heated air in the

condenser and evaporator rooms which had dimensions (width ×
length × height) of 6m × 6.5m × 6m, and 3.5 m × 6m × 2.7m,
respectively.

The swashplate compressor under consideration has 10 cylinders (5
double-ended pistons) with a diameter of 31mm, and a maximal power
consumption of 3.5 kW. A 4-kW brushless DC motor with a variable
frequency drive was used to control the rotational speed of the com-
pressor. The pressure and temperature sensors were installed at the
inlet and outlet of the compressor and the power consumed by the
compressor was measured. The pressure levels and ratios were con-
trolled by adjusting air-flow rate in the condenser and flow through
expansion valve. Temperature and pressure measurements were carried
out using 4 terminals PT100 platinum resistance thermometers and
electronic pressure transducers. The pressure, temperature sensors and
the flow meter were connected to a multi-channel data logger
(ALMEMO5690) to send the information to a computer. At the begin-
ning of the experiment, the compressor and pipelines were set to an
adequate vacuum condition to remove humidity, air and other con-
taminants that might affect the overall performance of the system.
Subsequently, the system was charged with an appropriate amount of
R134a or R404a refrigerant. The corresponding values were recorded
every second within the measuring cycle. After steady state was
achieved, the data was recorded for 200min and the averaged values
are used for the analysis. For the systematic analysis, different values of
suction pressure and temperature were investigated for R134a and
R404a refrigerants. The compressor speed was initially held constant at
1800 rpm and then the effect of variation was also investigated. Finally,
the isentropic performance coefficient was calculated using

Fig. 1. Illustration of how the apparent isentropic efficiency can exceed 100% if the compressor has cooling to the surroundings.

Table 1
Typical measured conditions for the compressor in this study.

Pdis
(Bar)

Psuc
(Bar)

Tdis
(º C)

Tsuc
(º C)

ssuc
(kJ/kg.K)

hsuc
(kJ/kg)

hdis
(kJ/kg)

hdis, isen
(kJ/kg)

IPC

14.75 2.79 73.3 14.3 1.777 411.61 447.65 449.27 1.04± 0.09

M. Arqam, A. Jahangiri, M. Mitchell et al. Progress in Engineering Science 1 (2024) 100002

3



measurements at the inlet and outlet of the compressor and the mass
flow rate of the refrigerant through employing the REFPROP (Lemmon
et al. [31]) database for obtaining enthalpies. The photographs of the
experimental setup are shown in Fig. 3.

2.1. Uncertainty in the measurement

The measuring instruments have the following accuracies: PT100
platinum resistance thermometer ± 0.5ºC, refrigerant pressure ± 2% of
full-scale reading, refrigerant volume flow rate ± 5%, and compressor
rotational speed ± 1% for 1000–3000 rpm, as depicted in Table 2. The
DC power supply has an uncertainty estimated at ± 2 V for the 600 V
setting. The effect of the uncertainty in the pressure reading on the
isentropic efficiency calculated by Eq. (1) is quite significant.

3. Results

3.1. Effect of environment temperature and discharge pressure

Fig. 4 shows the apparent isentropic efficiency as defined by Eq. (3)
of the air-cooled swashplate compressor. During testing the tempera-
ture of the test chamber was periodically varied by switching the test
chamber heaters on and off and allowing outside air to enter. For most
of the test, the apparent isentropic efficiency is greater than 100%.
During the first 10–15minutes after starting the compressor, the ap-
parent isentropic efficiency is high. This may be attributed to the extra
cooling that the refrigerant experiences as it heats up the metal in the
compressor body. The room temperature appears to have only a minor
effect on the measured efficiency. Following the reasoning that extra
cooling will improve the apparent isentropic efficiency, it is unexpected
that the performance measure is higher after 100minutes when the
room temperature is higher on average. This may be due to the lower
discharge pressures and temperatures shown in Fig. 5 after 100minutes
and uncertainty in the measurement. From Fig. 4, it is observed that the
fluctuations in isentropic efficiency measurements did not allow to
define a specific trend different from a constant value.

3.2. Effect of compressor speed

The effect of compressor speed on the isentropic performance
coefficient was investigated. The test was performed at constant suction
and discharge pressures. As depicted in Table 3, the slower speed leads
to increased isentropic performance coefficient by 0.13 due to the
reason that slower speed provides enough time for the heat to disperse.
The compressor consumed more power at higher speed than at lower
rpm.

Fig. 2. Schematic of experimental test setup.

Fig. 3. Photographs of experimental setup. (a) compressor; (b) 4 terminal PT100 platinum resistance thermometers were embedded into the flow lines so that the
sensing elements are in direct contact with the refrigerant; (c) condenser and evaporator setup in test chamber 2.
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3.3. Effect of cooling fan speed

The effect of cooling fan speed on the compressor performance as a
measure of IPC was also captured while keeping supply and discharge
lines pressure constant. As listed in Table 4, higher fan velocity leads to
increased isentropic performance coefficient by 0.06. This is consistent
with the explanation that intentional cooling of the compressor can
improve the apparent isentropic efficiency. The power consumption
was almost same for both cases.

4. Discussion

4.1. Using compressor power input to calculate ηs

A second way to determine the isentropic efficiency of an electric
compressor is to use measured power input and work from the defini-
tion:

= W
Ws

s

a (4)

If Wa is taken to be the electrical power input rather than shaft
power going into the compressor, a considerably lower isentropic effi-
ciency results than the value calculated from the enthalpies (Eq. 3). This
is because the efficiency of the electric motor plays a role. For the
current compressor, the electric motor efficiency is 80–90% depending
on load and rpm. This will drop the isentropic efficiency reported in
Table 1 from 104% to as low as 83%. The value would be even lower
again if we also included the electrical power to run condenser fans.

4.2. Ultimate performance measure of a cooled refrigeration compressor

Having established experimentally that the apparent isentropic ef-
ficiency can exceed 100% through cooling, it is interesting to consider
upper limits on performance enhancement through cooling a re-
frigeration compressor. Note that this is different to an air compressor
where isothermal compression would be the upper limit. In the case of a
refrigeration compressor, we also need to avoid the appearance of the
liquid phase in the compressor. Moreover, cooling without evaporation
is limited to the ambient temperature. Thus, the path during com-
pression must be considered.

As illustrated by Fig. 1b) and c), the path to reducing the compressor
discharge temperature has an important role in terms of the compressor
power input. If heat is removed after the compression process (Fig. 1b),
the only benefit is the reduced load on the condenser. If heat is removed

Table 2
Measurement uncertainty.

Instrument Variable Accuracy Effect on ηs

Pressure transducer Suction Pressure ± 2% ±6.6%
Discharge Pressure ± 2% ±5.5%

PT100 thermometer Suction Temperature ± 0.5 ºC ± 1.5%
Discharge Temperature ± 0.5 ºC ± 1.6%

Variable speed drive Rotational speed ± 1% -
Coriolis flow meter Refrigerant flow rate ± 5% -
DC power supply Voltage measurement < 0.5% or 2 V -

Total uncertainty in ηs ±9%

Fig. 4. Apparent isentropic efficiency for air-cooled swashplate compressor.

Fig. 5. Temperature and pressure conditions corresponding to Fig. 4.

Table 3
Effect of compressor speed.

RPM Tsuc
(º C)

Psuc
(Bar)

hvap
(kJ/kg)

s
(kJ/kg.K)

Tdis, isen
(º C)

Tdis
(º C)

Pdis
(Bar)

Pcomp

(kW)
IPC

996 25.8 3.9 392.95 1.717 77.8 76.1 18.5 2.1 1.06
1848 22.78 3.8 390.29 1.711 75.8 77.7 18.5 3.5 0.93
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during the compression process (Fig. 1c) the compressor work input is
reduced. This can be seen in the T-s diagram given in Fig. 6. Here, 2’
represents the condition at the outlet of the air-cooled compressor with
apparent isentropic efficiency greater than 100%. If the path is directly
from 1 to 2’ then compressor work is reduced. If on the other hand, the
path is 1 → 2’’ → 2’ then the compressor work will be similar to the
adiabatic compressor (Fig. 1a).

For intentionally cooled refrigeration compressors, it is worth con-
sidering the ultimate possible gains through removal of heat during
compression. If we have the additional requirement that the refrigerant
must always remain a vapour, then evidently the point 4 on the dis-
charge isobar shown in Fig. 6 would be the limit to which cooling could
be permitted. Since external cooling cannot take place for temperatures
lower than the ambient, the best possible path to get to point 4 would
be 1→ 2→ 3→ 4 shown by the orange line in Fig. 6.

The work done per kg of refrigerant along the various paths can be
determined from Eqs. (5–10):

= +W h h Tds2 3 3 2 3

2

(5)

= +W h h Tds3 4 4 3 4

3

(6)

Table 4
Effect of cooling fan speed (R404a).

RPM Fan RPM Tsuc
(º C)

Psuc
(Bar)

Tdis
(º C)

Pdis
(Bar)

Pcomp

(kW)
IPC

1848 6696 13.7 1.86 81.2 15.1 3.9 0.95
1848 0 14.4 1.86 79.4 15.1 3.9 0.89

Fig. 6. T-s diagram showing optimum path (1–2-3–4) for cooled refrigeration
compressor.

Table 5
Work saving through optimum path.

Tamb

(º C)
Mass flow rate (kg/s) (Tds)2–3

kJ/kg
(Tds)3–4
kJ/kg

(W)1–4
kJ/kg

(W)1–2 s
kJ/kg

Saving
(%)

26.6 0.0923 18.46 3.29 35.09 37.66 6.8%

Fig. 7. T-s diagram showing optimum path (1−2-3−4) for extremely cooled refrigeration compressor.
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=Tds T s s( )
s

s
amb3

2
2 3 (7)

+Tds T T s s0.5( ) ( )
s

s

4

3
4 3 3 4 (8)

= +W h h Tds( )1 4 4 1 4

1

(9)

= +W h h Tdss s
s

1 2 2 1 4

2

(10)

Table 5 illustrates the possible saving in work through taking the
path 1→ 2→ 3→ 4 compared with isentropic compression for the iso-
bars and compressor inlet superheat listed in Table 1. 2.57 kJ/kg of
refrigerant represents a saving of 6.8% compared with isentropic
compression. The T-s and P-h diagrams for R134a for this case are
shown in Figs. 7 and 8.

Fig. 8. P-h diagram showing optimum path (1−2-3−4) for extremely cooled refrigeration compressor.

Fig. 9. T-s diagram showing optimum path (2–3-5’-6’-2) for extremely cooled refrigeration compressor.
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4.3. Impact limits of intentional cooling of compressor on COP of
refrigeration circuit

Since a refrigerant compressor serves the purpose of driving a re-
frigeration circuit, it is worthwhile considering the upper limits to the
coefficient of performance of a refrigeration circuit with intentional
cooling of the compressor. Fig. 9 extends Fig. 7 to include the whole
vapour-liquid refrigeration cycle. The path 2–2”-6–7–8–2 (listed as I in
Table 7) represents the standard ideal path with isentropic compres-
sion. This path has a COP of 3.73 for the given isobars, suction super-
heat and 5 K subcooling of the liquid refrigerant exiting the condenser.
If the compression occurs along the proposed path II
(2−3−4−5−6−7−8−2), the COP increases to 4.01. This shows that
the best possible improvement to the COP by cooling the refrigeration
compressor is only about 7.5% (relative to an isentropic compressor) for
the case considered.

To achieve a really substantial improvement to the COP by cooling,
the restriction of not allowing the refrigerant to condense into a liquid
during compression would need to be lifted. This is illustrated by path
III (2–3–3’-5’-6’-2) in Fig. 9 and Table 6. For this case the COP is 6.79
which represents an 82% improvement and is becoming comparable to
the Carnot refrigerator (path IV (1–2’-3’-4’-1)) which has a COP of 9.73.

5. Conclusions

In this article we have focused on the effects of intentional cooling
during the compression process for an air-cooled swashplate refrigeration
compressor. Experimental results show surprisingly high apparent isen-
tropic efficiencies if calculated based on the enthalpies from measured
suction and discharge temperatures and pressures. Under some condi-
tions, the apparent isentropic efficiency may became greater than unity
which we showed was possible with external cooling. Conventional
wisdom suggests the isentropic efficiency has no meaning for in-
tentionally cooled compressors, however we argue that it is still a useful
measure for comparison since a compressor with a reduced discharge
temperature is functionally a better compressor. To overcome the pos-
sible counterintuitive ‘isentropic efficiency’ of greater than 100% we
suggest that for cases of intentional compressor cooling, the simple de-
finition for isentropic efficiency is retained as a performance measure but
renamed to isentropic performance coefficient (IPC). For a refrigeration
compressor, the ultimate performance improvement through cooling the
compression process is severely limited by the requirement that the re-
frigerant must remain a vapour. If this restriction did not exist, and the
bulk of the compression was done in an isothermal two-phase process at
ambient temperature, then the COP of the resulting refrigeration cycle
would approach the COP of the Carnot refrigerator.
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