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Abstract 

The thesis focuses on issues of vehicle modelling incorporating wheel-terrain 
interaction and low-level control design taking into account uncertainties and input time 
delay. Addressing these issues is of significant importance in achieving persistent 
autonomy for outdoor UGVs, especially when navigating on unprepared terrains. 

The test-bed vehicle used for this research is retrofitted from an all-terrain 20-hp, 0.5-
tonne vehicle. Its driveline system consists of an internal combustion engine, continuous 
variable transmission (CVT), gearbox, differential, chains, and eight wheels. The 
vehicle is driven in the skid-steering mode, which is popular for many off-road land-
vehicle platforms. 

In this thesis, a comprehensive approach is proposed for modelling the driveline. The 
approach considers the difference in speed between two outputs of the differential and 
the turning mechanism of the vehicle. It describes dynamics of all components in the 
vehicle driveline in an integrated manner with the vehicle motion. Given a pattern of the 
throttle position, left and right braking efforts as the inputs, the dynamic behaviour of 
the wheels and other components of the UGV can be predicted. 

For controlling the vehicle at the low level, PID controllers are firstly used for all 
actuators. As many components of the vehicle exhibit nonlinearities and time delay, the 
large overshoots encountered in the outputs can lead to undesirable vehicle behaviours. 
To alleviate the problem, a novel control approach is proposed for suppression of 
overshoots resulting from PID control. Sliding mode control (SMC) is employed, for 
this, with time delay compensated by using an output predictor. As a result, the 
proposed approach can improve significantly system robustness and reduce 
substantially step response overshoot. Notably, the design is generic in that it can be 
applied for many dynamic processes. 

Knowledge of the interaction between the UGV and the terrain plays an important role 
in increasing its autonomy and securing the safety for off-road locomotion. In this 
regard, vehicle kinematic equations are combined with the theory of terramechanics for 
dynamic modelling of the interaction between the vehicle wheels and a variety of terrain 
types. Also, a fast algorithm is developed to enable online implementation. The novel 
interaction model takes into account the relationship between normal stresses, shear 
stresses, and shear displacement of the terrain that is in contact with the wheels in 
deriving the three-dimensional reaction forces. 

Finally, all modelling and control algorithms are integrated into a unique simulator for 
emulating the vehicle mobility characteristics. In particular, the wheel’s slip and rolling 
resistance can also be derived to provide useful information for closed-loop control 
when the UGV is navigating in an unknown environment. The simulator, as a tool for 
analysing the vehicle mobility, is helpful for further research on relevant topics such as 
traction control, safe and effective locomotion. 
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ck , φk  Pressure-sinkage moduli parameters of a 

terrain 

kN/mn+1, kN/mn+2 

m Vehicle's mass kg 

mw Wheel's mass kg 

n Sinkage exponent parameter of terrain - 

r Wheel radius m 

td Time delay s 

tP Peak time  s 

u SMC output, PID input % 

ueq Equivalent control output % 

uR Robust control output % 

x Speed difference between the differential's 

case and its outputs 

RPM 

(xi, yi) Cartesian coordinates of a contact point on 

the ith wheel frame 

m 

( )tx  State variable vector  

y Process output % 

yd Desired output (Reference or set-point) % 

z Wheel sinkage m 

zi Sinkage of the ith wheel m 

A, B System matrices in state space form  

B Half of the vehicle track  m 

Bm Motor damping ratio Nms 

D Boundary of disturbance  

F Boundary of nonlinear function's 

approximation error 

- 

FR Wheel rolling resistance N 

Ft,w Traction force at wheels N 

iXF  Total reaction force acting on the ith wheel 

along longitudinal direction  

N 
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iXF̂  Estimate of total reaction force acting on 

the ith wheel along longitudinal direction  

N 

iYF  Total reaction force acting on the ith wheel 

along lateral direction  

N 

iYF̂  Estimate of total reaction force acting on 

the ith wheel along lateral direction  

N 

iZF  Total reaction force acting on the ith wheel 

along vertical direction  

N 

iZF̂  Estimate of total reaction force acting on 

the ith wheel along vertical direction  

N 

I Motor armature current A 

IZ Vehicle moment of inertia around Z axis kg.m2 

Je Engine moment of inertia kg.m2 

Jm Motor rotor's moment of inertia kg.m2s-2 

Jw Wheel moment of inertia kg.m2 

K Shear deformation modulus m 

K1 CVT gear ratio - 

K2 Gearbox gear ratio - 

K3 Chain system gear ratio - 

Ka Amplifier' voltage to current gain  AV-1 

Ke Engine gain N.m 

Kem=Kt Motor electromotive force constant  N.m.A-1 

Ki Actuator's current to force gain NA-1 

Km Motor gain - 

KD Derivative gain (D) - 

KI Integral gain (I)  - 

KG Motor gear ratio - 

KP Proportional gain (P) - 

Lm Motor electric inductance  H 

MP Percentage of overshoot % 
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MR Moment of turning resistance N.m 

MX Rolling moment around X axis N.m 

MY Rolling moment around Y axis N.m 

MZ Turning moment around Z axis N.m 

ZM̂  Estimate of turning moment  N.m 

(N, E) Position of the vehicle in earth coordinates  m, m 

Rm Motor electric resistance Ω 

T Traction torque N.m 

TbL Left brake torque N.m 

TbR Right brake torque N.m 

Tc Load on CVT N.m 

Td Load on differential’s case N.m 

TdL Load on differntial’s left output N.m 

TdR Load on differential’s right output  N.m 

Te Engine generated torque N.m 

Tec Load on engine N.m 

Tfric,e Engine friction torque N.m 

Tfric,D Differential friction torque N.m 

Tfric,G Gearbox friction torque N.m 

Ti Traction torque developed on the ith wheel N.m 

iT̂  Estimate of traction torque developed on 

the ith wheel 

N.m 

Tm Motor torque N.m 

TsL Total load torque on the left sun gear 

(differential) 

N.m 

TsR Total load torque on the right sun gear 

(differential) 

N.m 

Tw Total load torque on all wheels N.m 

TwL Load torque from left wheels N.m 

TwR Load torque from right wheels N.m 
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Symbols Nomenclature Unit 

TG Load torque on gearbox N.m 

V PID output (Process input, or Voltage) V 

V  Vehicle velocity vector m/s 

ijXV  Longitudinal component of slip velocity of 

a contact point on the ith wheel 

m/s 

ijYV  Lateral component of slip velocity of a 

contact point on the ith wheel  

m/s 

ijZV  Vertical component of slip velocity of a 

contact point on the ith wheel 

m/s 

it
V  Tangential component of slip velocity of a 

contact point on the ith wheel 

m/s 

VL Lyapunov function - 

VE Vehicle velocity along east direction m/s 

VN Vehicle velocity along north direction m/s 

VX Vehicle longitudinal velocity m/s 

VY Vehicle lateral velocity m/s 

S Sliding surface - 

iXS  Wheel slip ratio along longitudinal 

direction 

% 

iYS  Wheel slip ratio along lateral direction % 

(Xi, Yi, Zi) Cartesian coordinates of a contact point on 

the vehicle frame 

m 

W Vehicle weight N 

Wi Vertical load on the ith wheel N 
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ALV Autonomous Land Vehicle 

CCD Charge-Coupled Device  

CVT Continuous Variable Transmission 

DARPA Defense Advanced Research Projects Agency 

FLIR Forward Looking InfraRed  

HMMWV High-Mobility, Multipurpose, Wheeled Vehicle 

LADAR Light Detection And Ranging 

MIMO Multiple-Input Multiple-Output  

MVEM Mean Value Engine Model 

SSV Semiautonomous Surrogate Vehicle 

SI Spark Ignition 

SMC Sliding Mode Controller 

PID Proportional – Integral – Derivative  

UGV Unmanned Ground Vehicle 
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Chapter 1 

Introduction 

Unmanned ground vehicles (UGVs) have many potential applications, both in military 

and civilian areas, such as reconnaissance, surveillance, target acquisition, search and 

rescue, and exploration. Knowledge of UGV behaviours under control commands on 

different terrain types plays an important role on improving their safety, reliability and 

autonomy. In this thesis, the complex processes involved in a UGV driveline and its 

interaction with terrain are thoroughly analysed and a robust low-level control scheme is 

developed for driving the autonomous vehicle. An overview of the research is given in 

this chapter. 

In Section 1.1, a brief history of UGV developments is provided. Sections 1.2 and 1.3 

introduce the research areas in the context of UGVs and the focus of this thesis. Section 

1.4 summarizes the main contributions of the research, herein. Publications reporting 

the findings of this work are listed in Section 1.5. Finally, the structure of the thesis is 

given in the last section. 

1.1 Unmanned Ground Vehicles 

A UGV is defined as "any piece of mechanized equipment that moves across the surface 

of the ground and serves as a means of carrying or transporting something, but 

explicitly does not carry a human being" (Gage, 1995). In the robotic community, a 
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UGV is usually considered as an automated motion platform or just a mobile robot. It 

can be classified as tele-operated or autonomous depending on whether it requires 

human intervention or not (Wikipedia, 2007). A UGV is sometimes called an 

autonomous land vehicle (ALV). 

Over the years, many efforts have been made in UGV development. Shakey, built at 

Stanford Research Institute from 1966 to 1972, can be considered as the first major 

development in the UGV field (Nilsson, 1969). Equipped with a TV camera, an 

ultrasonic range finder, and bump sensors on a three-wheeled platform, it had a 

restricted capability in environment perception. Controlled by an off-board SDS-940 

mainframe computer, it could execute some form of automatic navigation and simple 

object rearranging tasks in a laboratory environment. Notwithstanding its accomplished 

capability, Shakey was not an autonomous robot as desired. Details about Shakey can 

be found in (Nilsson, 1984; Wilber, 1972). 

Another attempt, the Stanford Cart, was made at Standford University AI Lab from 

1973 to 1981 (Moravec, 1980; Moravec, 1983). It used a complex stereo camera which 

could take pictures from 9 different positions to perceive the environment. An off-board 

KL-10 mainframe computer was used to extract features and correlation information 

between pictures. This combined with information of the angles between the camera’s 

positions could be used to rebuild a 3D model of the environment. With suitable 

navigation and obstacle avoidance schemes, the Cart could move to a goal position 

without hitting obstacles in an indoor environment. However, it travelled extremely 

slowly, taking up to fifteen minutes to move only one meter. 

An early development for outdoor applications was made under the Autonomous Land 

Vehicle program from 1985 to 1988, sponsored by the US Defense Advanced Research 

Projects Agency (DARPA). The vehicle, known as the DARPA ALV (Lowrie et al., 

1985), was based on an eight-wheel all-terrain platform equipped with a colour video 

camera and a 64x256 pixel laser scanner (Everett, 1995). The model of outdoor 

environment obtained from video data and range information enabled the vehicle to 

follow a road at an average speed of 14.5km/h and move at a maximum 3 km/h in an 

off-road area while avoiding small obstacles (Douglass, 1998). 
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Following the success of the DARPA ALV, efforts were concentrated in the DARPA 

DEMO I, II, and III programs from 1990 to 2001 (Shoemaker and Bomstein, 1998). 

DEMO I (1991) used high-mobility, multipurpose, wheeled vehicle (HMMWV) 

platforms, equipped with all actuators and sensors, to demonstrate mobility in on-road 

and off-road environments, primary in teleoperated mode. In DEMO II (1996), three 

semiautonomous surrogate vehicles (SSVs), automated from HMMWVs and outfitted 

with FLIR, LADAR, and CCD camera sensors, were incorporated in reconnaissance, 

surveillance, and target acquisition tasks (Spofford et al., 1997). The DEMO III 

program (1998-2001) focused on advanced technologies for small, survival UGVs 

(Kurtz, 1998). Equipped with CCD/FLIR stereo vision and LADAR sensors for 

daylight/night obstacle detection (Matthies et al., 1998), the vehicles could navigate 

autonomously to target destinations, set by operators, at maximum speeds of 32 kph 

during day time and 16 kph at night on rough terrain. 

1.2 Research areas in autonomous UGV development 

It is pointed out in (Durrant-Whyte, 2001) that technologies required for a general 

autonomous UGV can be divided up into five areas: mobility, localisation, navigation, 

planing, and communication. The relationship between them is depicted in Figure 1.1. 

Mobility deals with the vehicle mechanism design, the motion control technique, and 

the interaction between the vehicle and terrain. It is concerned with the kinematics and 

dynamics of the vehicle platform and the control algorithms for the vehicle as well as all 

actuators outfitted on the vehicle to obtain the desired motion on a certain terrain.  

Localisation is related to estimation of the vehicle position and attitude in a fixed 

frame: for example, an earth-fixed coordinates system. It is concerned with robust 

algorithms for more accurate estimation to deal with sensor uncertainties. Taking 

information from internal and external sensors as inputs, its outputs affect both 

navigation and mobility processes. 

Navigation handles information obtained from environment sensors to build up a map 

of the environment. The representation of the environment is then used to control the 
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vehicle in small area around the current vehicle position in order to follow a trajectory 

defined in a planning process. It also manages obstacle detection and avoidance. 

Mission and path planning makes use of all known information from prior maps, 

mission goals, sensory and control structures to generate trajectories, or way points and 

other actions for the vehicle to execute. However, due to the incomplete knowledge of 

the world in outdoor missions, the vehicle must use the environment information 

gathered along the local path to update or rebuild the trajectory. 

Communication allows the vehicle to be connected with human operators and other 

vehicles or systems. Whether the vehicle is fully autonomous or not, it requires a 

communication link to co-operate with other vehicles or the base station in many 

missions. 

 Prior map, 
goals, values 

External 
Localisation 

Sensors 

Internal 
Odeometric 

Sensors 

External 
Environment 

Sensors 
Localisation Navigation 

Planning 

Mobility 

Communication 

Platform 
 

Figure 1.1  Relationship between elements of an autonomous UGV (Durrant-

Whyte, 2001) 
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1.3 Thesis objectives  

This research is part of a larger project conducted at the ARC Centre for Autonomous 

System at The University of Sydney. The project aims to develop an UGV by 

augmenting the autonomous capability for an existing 8x8 skid-steering vehicle with 

equipped actuators and sensors to achieve full autonomy of persistent navigation over 

unknown, unprepared terrain. 

This thesis focuses on mobility issues of the vehicle. Particularly, it develops a model of 

the vehicle driveline system in which the behaviours of each component can be obtained 

from the vehicle dynamic performance.  In addition, low-level robust controllers for 

actuators are designed. Kinematics and dynamics of the vehicle are combined with the 

terramechanics theory to build up a model for the interaction between the vehicle and 

terrain. For online implementation of the terrain interaction model, a fast algorithm is 

developed. Finally, all models and control algorithms are integrated into a unique 

simulator which enables designers to test all issues related to the vehicle mobility. 

The driveline of the vehicle consists of a combustion engine, transmission, gearbox, 

differential, chains, and eight wheels involved in a skid-steering configuration which is 

more similar to a track than a normal car. Knowledge of the behaviour of these 

components in straight-line running as well as in turning plays an important role in 

controlling the vehicle. It is desired to have a model of the vehicle that can be used to 

predict the responses of each component in the driveline, especially the wheels, with a 

certain pattern of throttle and braking forces at the inputs for skid steering. That model 

is useful for the development of control algorithms. 

For this vehicle, important variables needed to be controlled at the low level include the 

engine throttle, left and right braking forces, linear velocity and turning rate of the 

vehicle. The systems are very complicated to be controlled as they exhibit time delays, 

nonlinearities, and uncertainties; however, to comply with navigation constraints the 

controller must satisfy strict requirements. Firstly, the controller must not produce 

overshoots because the variables are correlated, overshoots in one controlled variable 

can result in adverse responses of the others. On the other hand, a fast rise time is 
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always an essential requirement for the control systems for these variables. In addition, 

it is desired that the control design should be general enough to be applied for any 

mobile platform without much modification. Lastly, robustness to uncertainties is 

required to overcome disturbance, nonlinearities, and model errors. 

Knowledge of the interaction between the UGV and terrain plays an important role in 

achieving full autonomy and safety for off-road locomotion. Terrain has strong effects 

on traction development, motion resistance and moment turning resistance. The 

response of the vehicle is therefore also determined by the type of the ground on which 

the vehicle is running. To understand this relationship, a comprehensive dynamic model 

for the interaction between the wheels and terrain is required. Given the terrain 

parameters, the vehicle configuration, and the current state of the vehicle, the model 

should be able to predict the next states as well as other important outputs for safe and 

effective control. 

1.4 Main contributions of the thesis 

The main contributions of this thesis are summarized as follows: 

• Driveline modelling development for the skid-steering vehicle. This approach 

takes into account the difference in speeds between two outputs of the 

differential, and the turning mechanism of the vehicle. It describes dynamically 

the motion of all components of the vehicle driveline in a decomposed manner 

from the motion of the vehicle. Given a pattern of the throttle position, left and 

right braking efforts at the input of the model, behaviour of wheels and other 

components can be obtained. The approach is general enough to be applied for 

other skid-steering vehicles. 

• The development of a robust non-overshoot sliding mode control (SMC) and 

proportional-integral-derivative control (PID) scheme taking into account a 

delayed input. This combines the advantages of SMC and PID controllers to 

achieve high control performance at the low level. In particular, the PID 

controller is used to obtain a model-free feature which is not available for SMC. 
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Meanwhile, desirable robustness and system order reduction of SMC are 

exploited to treat nonlinearity and overshoot, which remain major problems 

found with PID control. As a result, the proposed approach can yield no or 

extremely small overshoot. It is interesting to note that the approach can be 

applied for many processes without prior model knowledge. 

• Analysis and modelling development for vehicle-terrain interaction 

incorporating wheel slips and reaction forces in three dimensions. This approach 

describes comprehensively the relationship between the reaction forces, the 

vehicle kinetics and terrain properties. The novel model extends current 

knowledge in the field of vehicle-terrain interaction applied for multi-wheel 

skid-steering vehicles.  

• Fast algorithm for terrain interaction analysis. This approach is attractive in 

terms of computational efficiency and accuracy when comparing with the 

current method. It enables designers to implement the vehicle-terrain interaction 

analysis for online applications. 

• Development of a simulator for the whole vehicle, incorporating the driveline 

model, terrain interaction, and motion controllers. It is also useful for further 

research on areas related to mobility such as traction control, safe and effective 

locomotion. 

1.5 List of publications 

1.5.1 Journal articles 

Tran, T. H., Scheding , S., and Ha, Q. P., and Waldron, K.  "A new model for vehicle-

terrain interaction of skid-steering wheeled UGV", IEEE Transactions on Automation 

Science and Engineering (submitted). 

Tran, T. H., Ha, Q. P., and Nguyen, H. T. (2007) "Robust non-overshoot time responses 

using cascade sliding mode-PID control." Journal of Advanced Computational 

Intelligence and Intelligent Informatics, 11(10), 1224-1231. 
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Ha, Q. P., Tran, T. H., and Dissanayake, G. (2005). "A wavelet-and neural network-

based voice interface system for wheelchair control." International Journal of 

Intelligent Systems Technologies and Applications, 1(1/2), 49-65. 

1.5.2 Peer reviewed conference papers 

Tran, T. H., Kwok, N. M., Scheding, S., and Q. P. Ha. (2007) "Dynamic modelling of 

wheel-terrain interaction of a UGV." Proc. of the IEEE Conference on Automation 

Science and Engineering, Scottsdale, Arizona, USA, 369-374, September 22-25, 2007 

(Best student paper award).  

Tran, T. H., Kwok, N. M., Nguyen, M. T., Ha, Q. P., and Fang, G. (2006) "Sliding 

mode-PID controller for robust low-level control of a UGV." Proc. of the IEEE 

Conference on Automation Science and Engineering, Shanghai, China, 684-689, 

October 7-10, 2006. 

Tran, T. H., Ha, Q. P., and Nguyen, H. T. (2005) "Cascade sliding mode-PID controller 

for non-overshoot time responses." Proc. of the 6th International Conference on 

Intelligent Technologies, Phuket, Thailand, 27-33, December 14-16, 2005. 

Ha, Q. P., Tran, T. H., Scheding, S., Dissanayake, G., and Durrant-Whyte, H. F. (2005) 

"Control issues of an autonomous vehicle." Proc. of the 22th 

IAARC/CIB/IEEE/IFAC/IFR International Symposium on Automation and Robotics in 

Construction, Italy, (CD-ROM), September 11-14, 2005. 

Tran, T. H., Ha, Q. P., Grover, R., and Scheding, S. (2004) "Modelling of an 

autonomous amphibious vehicle." Proc. of the 2004 Australian Conference on Robotics 

and Automation, Canberra, Australia, (CD-ROM), December 6-8, 2004. 

Tran, T. H., Ha, Q. P., and Dissanayake, G. (2004) "New wavelet-based pitch detection 

method for human-robot voice interface." Proc. of the 2004 IEEE/RSJ International 

Conference on Intelligent Robots and Systems, Sendai, Japan, 527-532, September 28 - 

October 2, 2004. 
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Ha, Q. P., Tran, T. H., and Trinh, H. (2004) "Observer-based output feedback variable 

structure control with application to a two-link manipulator." Proc. of the 3rd IFAC 

Symposium on Mechatronic Systems, Sydney, Australia, (CD-ROM), September 6-8.  

1.6 Structure of the thesis 

The rest of this thesis is organised as follows. 

Chapter 2 reviews research publications related to the work covered in this thesis. It 

focuses on three areas of mobility: driveline modelling, low-level robust controllers, and 

vehicle-terrain interaction. Each area is covered with a review of the current literature, 

remaining problems, and the proposed approaches for solving the problems. 

Modelling of the vehicle driveline is described in Chapter 3. Based on basic motion of a 

vehicle, e.g. car or truck, a new model for the driveline of a skid-steering wheeled 

vehicle is developed. It takes into account the differential mechanics combined with 

basic dynamics of other components. Simulation results are provided and a problem in 

computation for the model is pointed out. A simplified model is introduced to alleviate 

the solution complexity. Simulation results and comparison with experiments are 

provided.  

Chapter 4 deals with the development of robust low-level controllers for solving the 

overshoot problem associated with PID control. A robust control algorithm is developed 

for nonlinear systems with and without time delay. Simulation results are provided as 

samples of throttle and braking control which are impaired by nonlinearity and time 

delay. 

The vehicle-terrain interaction problem is analysed in Chapter 5. Theoretical 

development for the interaction is comprehensively elaborated from mathematical 

analysis of slip velocities, shear displacements, and shear stresses in three dimensions. 

Kinetics and dynamics of the vehicle are combined with reaction forces on all wheels 

derived from shear stresses to obtain the vehicle acceleration, velocity and position. 

Wheel sinkage, rolling resistance, and moment turning resistance can then be computed. 

A novel model for the interaction between the skid-steering wheeled vehicle and terrain 
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is proposed as a sample application of the terrain interaction analysis. The model can be 

used to predict the vehicle behaviour on various terrain types. Simulation results and a 

comparison with experiments are given. 

A fast algorithm for online implementation of the terrain interaction model is described 

in Chapter 6. Based on an idea of using linear approximation of shear and normal 

stresses to avoid integral computation (with a certain error), a new algorithm is 

developed. A smallest error criterion is applied for linear approximations of stresses to 

minimize the difference in results between the modified model and the original 

benchmark. The proposed algorithm is compared with other method, in term of 

accuracy, and with the original, in term of computational efficiency. 

In Chapter 7, the vehicle driveline model is incorporated with the terrain interaction 

analysis to estimate the vehicle trajectory and other variables on a certain terrain type 

under a pattern of throttle and braking forces. The approach proposed in Chapter 4 is 

employed to control the vehicle velocity and turning rate. Simulation results are 

provided. 

Finally, Chapter 8 provides a summary and conclusion of the thesis. 
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Chapter 2 

Literature survey and proposed 

approaches 

As introduced in Chapter 1, this thesis focuses on motion control and dynamic issues of   

an UGV. The vehicle driveline is modelled and incorporated with terrain interaction 

analysis to predict behaviours of the vehicle on different terrain types under the 

developed robust low-level control. In this chapter, an overview of the relevant 

literature and the proposed approaches are presented.  

Work related to driveline modelling is reviewed in the first section, followed by the 

proposed approach for the vehicle driveline modelling. Then UGV control techniques, 

problems and the proposed approach are introduced in Section 2.2. Issues related to 

vehicle-terrain interaction are examined in Section 2.3. The last section addresses fast 

algorithms required for vehicle-terrain interaction modelling. 

2.1 Driveline modelling 

The driveline is the power transmission system of a vehicle. It transfers the power from 

the engine to the wheels. Many cars and trucks have the same basic configuration of 

driveline, which consist of engine, clutch or torque converter, gearbox, propeller shaft, 

differential, drive shaft, and wheels, as shown typically in Figure 2.1. Models of these 
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components have been developed. Some recent works on driveline modelling of normal 

vehicles can be found in (Fredriksson, 2006; Grotjahn et al., 2006; Lu and Hedrick, 

2005; Lucente et al., 2005). However, in the context of driveline modelling for skid-

steering vehicles has not attracted much research.  

2.1.1 Engine 

There are many approaches in the modelling of a spark ignition (SI) engine. The 

simplest way is to consider it as a torque producer. Torque generated from a combustion 

engine is modelled either as a function of throttle position (Zanasi et al., 2001) or a 

function of  the amount of fuel injected into the engine (Hendricks and Sorenson, 1990; 

Kiencke and Nielsen, 2000). This torque, after overcoming the internal friction and 

external load, is then applied to an inertia moment, representing the flywheel (Figure 

2.2). Speed at the engine shaft is obtained from the Newton's second law. This approach 

is often used for driveline modelling and control purpose as it does not require many 

experiments on the engine. 

Crossley and Cook (1991) look into the details of an engine's operation and model it as 

a series of five components, based on the ideal gas law and experiments. In the throttle 

body, the mass flow rate of air taken to the manifold is described as an empirical 

function of the throttle position and manifold pressure. From the ideal gas law, the 

manifold pressure is modelled by a differential equation of the amount of air into and 

out of the manifold, manifold volume and temperature. The mass flow rate of air at the 

output of the manifold (cylinder input) is expressed as an empirical function of the 

manifold pressure and the engine speed. For a four-stroke engine, the effect of the 

compression stroke is accounted for by a delay of 1800 in the engine shaft rotation after 

the end of intake stroke. Again, torque produced by the engine is obtained by an 

empirical function of the mass of intake air, air to fuel ratio, spark advance, and the 

engine speed. Finally, the engine acceleration is obtained from the Newton's second 

law, similarly to the previous method. Although this approach can model some physical 

phenomena inside the engine, it relies too much on empirical experiments and can be 

only applied for a certain engine.  
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Figure 2.1  Basic driveline configuration 

 

Te 

Je 

Tfric,e 
ωe 

 

Figure 2.2  Simple engine model. Te: generated torque, Tfric,e: load torque,            

Je: engine inertia moment, ωe: engine rotational speed 

Another engine model, known as mean value engine model (MVEM), was developed 

by Hendricks and Sorenson (1990) and later refined in (Hendricks, 1997). In these 

works, the model consists of three main elements: fuelling dynamics, crank shaft 

dynamics, and manifold air dynamics. The fuel film flow model describes the details of 

fuel injection by differential equations. The crank shaft speed is still calculated from 

Newton's second law; however, the engine torque is obtained from combustion energy 

of the fuel with a certain value of efficiency applied. The manifold air pressure is still 

derived from the ideal gas law, but the air mass flow rates into and out of the manifold 

are completely different from those in (Crossley and Cook, 1991). The manifold air 

dynamics in (Hendricks, 1997) seems independent of the other components, while the 

air mass flow rate going out of the manifold is used to calculate the injected fuel in 
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(Deur et al., 2003). Although these MVEMs are claimed to be more general than 

Crossley and Cook's model, they still require a lot of experimental verification. 

2.1.2 Clutch  

The clutch enables connecting or disconnecting the engine power to or from other 

components.  Friction-based clutches are widely used, although there are many other 

types. For this type, the simplest model assumes it as stiff without power losses (in 

engaged mode) (Kiencke and Nielsen, 2000). When the transmitted torque is larger than 

the static friction torque of the clutch, it enters a slip mode and is modelled by kinematic 

friction (Balluchi et al., 2005). For a wet clutch, additional viscous friction is taken into 

account (Deur et al., 2005). 

2.1.3 Gearbox 

The gearbox in a mechanical system plays the role of an ideal transformer in electric 

circuits. It multiplies the transmitted torque at low gear ratios or increases speed at 

higher gear ratios depending on which is needed. Ignoring backlash, the relationship 

between speed and torque at the input and output of a gearbox can be derived from the 

gear ratio and the amount of torque required to overcome internal friction as well as 

gear acceleration (Kiencke and Nielsen, 2000).  

2.1.4 Propeller shaft and drive shaft 

The propeller shaft and drive shafts transfer rotation respectively from gearbox to 

differential, and from differential to wheels. If they are short and hard enough, they can 

be considered as stiff. It means that speed and torque at the output and input are the 

same. Otherwise, they are modelled as damped torsional flexibilities with stiffness and 

damping coefficients (Kiencke and Nielsen, 2000). 

2.1.5 Differential 

The differential, while transferring equal torque to each drive wheel, enables the left and 

right wheels to run at different speeds in turning to avoid slipping. However, in an 

Ackermann-steering configuration found in most cars and trucks, the differential has a 
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passive role in turning because the turning rate is mainly determined by the steering 

wheel angle. Therefore, the mechanism for that purpose is normally not considered in 

the modelling of a vehicle differential and it is described as the same way as a gearbox 

(Kiencke and Nielsen, 2000). 

2.1.6 Wheels and vehicle 

Ignoring the difference in rotational speeds, all drive wheels can be combined and 

modelled as one wheel. Newton's second law, both in the form of rotational and linear 

motions, is used to describe the wheel dynamics (Kiencke and Nielsen, 2000). The 

torque supplied from the vehicle differential through the drive shaft, after overcoming 

internal and external friction torques, provides the wheel acceleration. The external 

friction torque provides the force required for the vehicle to accelerate and overcome 

rolling resistance, air drag, and gravitational force.   

2.1.7 Proposed approach for driveline modelling 

In the driveline used for this project, only the engine, gearbox, and wheels are similar to 

those of cars and can be modelled by using the above approaches. Other components are 

sufficiently different to require a new and thorough development for modelling of all 

components involved in the UGV motion. 

Figure 3.2 shows the driveline configuration used for the UGV under investigation in 

this thesis. Instead of a normal clutch, this driveline uses a Continuous Variable 

Transmission (CVT). It is a V-belt CVT which can change driver or driven clutch radius 

depending on acceleration or load. The mechanics of this component are complicated 

and will not be analysed in details in this thesis. Instead, it is modelled by a variable 

gear ratio which is simplified as a linear function of engine speed and load, based on 

experiment. 

Different from that of a car, the differential used in this vehicle plays an active role in 

turning via left and right brakes in the skid-steering mode. Therefore, the mechanics 

which enables the differential's outputs to rotate at different speeds has to be taken into 

account. The difference in speed depends on the loading differences between the 
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outputs. In a steady turning scenario, the loading difference will balance the internal 

friction of the differential. Assuming this friction is mainly due to viscosity, the 

difference in speed can be obtained. Two outputs of the differential are connected to the 

wheels by the chain system. Ignoring backlash and assuming the chains are stiff, they 

can be modelled as a constant gear ratio. 

In driveline models used for cars and trucks, torque is normally transferred from engine 

through other components to wheels (Deur et al., 2005; Kiencke and Nielsen, 2000; 

Zanasi et al., 2001). At each component, the net torque after overcoming loads on the 

component is used to calculate the speed. However, the method is not applicable for this 

UGV driveline because of the CVT component. It requires both the input speed and the 

load on output to determine the CVT gear ratio and its output speed. Therefore, a 

different approach is proposed, as shown in Figure 2.3. The engine speed is transferred 

through CVT, gearbox, differential, and chains to the wheels. Total loads at each wheel 

sides, consisting of rolling resistance, gravitational force, and the load required for the 

vehicle acceleration, are referred to the outputs of the differential. At the differential, 

they are combined with braking forces to derive the difference in speed. Total load at 

the differential is then transferred back to the CVT through the gearbox. At the CVT, 

this load is used to update the CVT gear ratio. The feedback load from CVT input 

decides the engine speed. 

2.2 Vehicle control 

In the first stage of the development, the original vehicle driveline is equipped with 

actuators and sensors which require suitable controllers. At the low level, the throttle 

position and brake efforts need be controlled. The motion controllers to be developed 

have to be able to track the vehicle velocity and turning rate references, as shown in 

Figure 2.4. Numerous techniques have been proposed for control design, including 

traditional PID control (see, Ioannou and Xu, 1994; Yanakiev and Kanellakopoulos, 

1996; Kuang et al., 1999; Deur et al., 2002; Deur et al., 2004; Tanelli et al., 2006) and 

modern sliding mode control (Maciuca and Hedrick, 1995; Yokoyama et al., 1998; 

Rossi et al., 2000). At a higher level, pure pursuit controllers are usually applied for 
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vehicle path following control (Murphy, 1992; Kelly, 1994; Murphy, 1994; Durrant-

Whyte, 2001; Hogg et al., 2002 ). This issue is, however, beyond of the scope of this 

thesis. 
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Figure 2.3  Driveline modelling diagram 
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Figure 2.4  UGV control requirements 

2.2.1 PID controller 

To date, the classical PID control is still popular in industry because it is a general-

purpose controller and does not require complex design procedures (Wang et al., 1999). 

In this project, the PID control scheme is the first deployed for all controlled variables. 

However, there are many components of the vehicle that exhibit nonlinearities and time 

delays which lead to high overshoots in the responses when using conventional PID 

control. 

In control engineering it is well known that the performance of PID control system can 

be improved by properly tuning their parameters. Many methods for tuning PID 

controllers are available, ranging from manual to auto-tuning. Most tuning methods 

focus on obtaining reasonable responses conforming to such performance criteria as 

stability, rise-time, and settling-time. However, there has been less attention paid to the 

reduction of overshoots, especially for time-delay systems. 
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Figure 2.5 shows a typical PID control system. Based on knowledge of characterizing 

effects for each control parameter, engineers can adjust the proportional (KP), integral 

(KI), and derivative (KD) gains until a desired response is obtained. However, this 

manual method is time-consuming and not always yields a desired response because 

changing one parameter may affect the performance designated by other two 

parameters. To speed up the tuning process, a number of auto-tuning methods have been 

proposed (see, for example, Aström and Hagglund, 1995; Besharati Rad et al., 1997; 

Shen, 2001; Visioli, 2001; Cominos and Munro, 2002; Karimi et al., 2003; Gaing, 2004; 

Tan et al., 2007). Among them, the pioneer Ziegler-Nichols approach has been the most 

popular (Ziegler and Nichols, 1942). 

Ziegler and Nichols proposed two methods for auto-tuning of PID controllers. In the 

first one, controller parameters are calculated from an open-loop response of the process 

to a step input (called the process reaction curve). In the second one, both KI and KD are 

set to zero while KP is increased gradually until the system oscillates. The period of the 

oscillation (called the ultimate period) and the KP value (called the ultimate gain) are 

used to calculate the desired controller parameters. The Ziegler-Nichols rules help to 

speed up the tuning process. However, they are not practical in many situations where 

experiments with open-loop or instable closed-loop systems can damage the plant itself 

(Cominos and Munro, 2002). To avoid this problem, many techniques such as relay 

feedback (Yu, 1999), approximate system identification (Hang et al., 1984), and cross-

correlation (Hang and Sin, 1991) have been developed to estimate the ultimate gain and 

ultimate period in Ziegler-Nichols rules. 
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PID 

  ∫
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Figure 2.5  PID controller configuration 
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It is well known that the control performance obtained by the Ziegler-Nichols tuning 

methods are acceptable at best and the controller parameters need to be fine-tuned to 

provide the desired response (Franklin et al., 2002). This is because they are based on a 

quarter amplitude-damping criteria to obtain reasonable responses in order to 

compromise between settling time and stability (Aström and Hagglund, 2004). The 

quarter decay corresponds to a damping ratio of 0.21 and leads to an overshoot of 

around 50%, as shown in Figure 2.6. Hang et al. (1991) proposed a method to reduce 

the overshoot from Ziegler-Nichols tuning rules. Using the set-point weighting, this 

method can reduce the overshoot to 10% or 20%, depending on the type of application. 

However, this still appears inadequate for the UGV motion, which appears to be subject 

to nonlinear uncertainties and input time-delay. 

For integral processes with time delay such as actuator position control and braking 

control system, Zhang et al. used H∞ performance criterion to optimize PID controller 

parameters (Zhang et al., 1999). Therein, an extra parameter is introduced to adjust 

responses of PID controllers, and can result in a reduction of overshoot from 58% to 

22%.  As a trade-off, the settling-time is, however, increased subsequently from 6 to 20 

time delay periods. 

When single-loop PID control systems cannot satisfy the control requirements, cascade 

PID control systems are often used, especially in electric drive control (Cho et al., 2002; 

Kaya, 2001; Kaya and Atherton, 2005; Lee and Oh, 2002). In general, a cascade control 

system has several nested control loops, as shown in Figure 2.7. The design procedure 

begins with the inner-loop to derive a suitable controller K2, then the inner- loop is 

replaced equivalently by its corresponding closed-loop transfer function and the 

procedure continues with the design of controller K1 for outer-loop taking into account 

this equivalent transfer function of the inner-loop. Cascade control has many advantages 

compared with single-loop control (Tan et al., 2005), especially with complex 

processes. In (Zhuang and Atherton, 1994), both optimization and auto-tuning methods 

are used for tuning cascade control systems. The results show that a cascade control 

system gives better responses with shorter settling time and smaller overshoot compared 

with its single-loop control option. 
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Figure 2.6  Step responses of second-order systems with different values of 

damping ratio (δ) 
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Figure 2.7  Cascade control system 

2.2.2 Sliding Mode Controller  

The idea of variable structure control with sliding modes was first introduced in the 

Soviet Union in the early 1960's and appeared worldwide after the mid 1970’s. Since 

then, the idea has attracted many researchers around the world and several 

developments have been made for nonlinear systems, MIMO systems, discrete-time, 

large scale and infinite-dimensional systems (Hung et al., 1993). In the past two 

decades, applications of sliding mode control have been widely found in the literature 
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for controlling motors (Utkin, 1993), robots, automobiles, aircraft, spacecraft (Hung et 

al., 1993), and underwater vehicles (Yoerger and Slotine, 1987). 

The basic idea of sliding mode control is to force the system trajectory towards a sliding 

surface (in the reaching mode) and keep it on this surface (in the sliding mode) by a 

switching rule. Figure 2.8 presents a typical schematic diagram for a nth order control 

system. The sliding surface (S) is designed so that once the system trajectory is on the 

surface desired features such as stability and tracking performance are achieved (Hung 

et al., 1993). 

A sliding mode controller (SMC) has many desirable features. First of all, the order of 

the system is reduced during the sliding mode. Desired control performances are 

therefore easier to obtain as compared to the original system. In addition, the robustness 

property of SMC can effectively deal with nonlinearity, modelling and disturbance 

uncertainties (Slotine and Li, 1991).  

In order to design a SMC it is required, however, to have a priori knowledge of the 

system. At least, an approximate model of the system and the bounds of the 

approximation must be known to enable the design process. In addition, the effort to 

keep the system trajectory on the sliding surface can result in undesirable chattering. 

Lastly, SMC is sensitive to time-delay. 
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Figure 2.8  Schematic diagram of sliding mode controller for an nth order system 
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2.2.3 Methods for time-delay system treatment 

The presence of time-delay in a system can make the control performance vulnerable 

and deviated from the desired features. Many methods for time-delay treatment can be 

found in the literature (Richard, 2003). Two major approaches are described in the 

following. 

The first approach is, broadly, to truncate a delay of an infinite order to a finite one. It 

includes Taylor series expansion (Camacho et al., 1999), Padé approximation (Wang 

and Hu, 1999), Fourier-Laguerre series representation (Partington, 1991), and Kautz 

approximation (Makila and Partington, 1999). However, it is difficult to choose the 

right order for the approximation. In some cases, the approximation error can lead the 

system to unstable states (Richard, 2003). 

The other broad approach is based on prediction techniques. In general, a new variable 

is introduced to transform the delay system to a non-delay one. Techniques include, for 

example, Artstein model reduction (Artstein, 1982) for input-delay systems, and other 

developments for state-delay systems (Fiagbedzi and Pearson, 1986). Despite  

difficulties in computation, these techniques are widely used to compensate for the 

effects of time-delay (Richard, 2003).  

2.2.4 Proposed controller 

In this thesis, the PID and Sliding Mode Control strategies are combined in a cascade 

control configuration in which PID controller is incorporated in the inner loop coupled 

with SMC at the outer loop, as shown in Figure 2.9. The proposed controller is based on 

the following remarks:   

- Closed-loop response of the system with a PID control loop exhibits a large 

overshoot, which may be considered equivalently as that of a second order 

function. Therefore, although the system may be unknown, the PID closed-loop 

system can be modelled by a second-order transfer function. Effects of 

nonlinearity can then be accounted for by changing coefficients of the second-

order function. 
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Figure 2.9  Configuration of SMC-PID controller 

- SMC by its nature can reduce the equivalent second-order closed-loop system to a 

first-order one. This means that overshoot can be eliminated, in principle.  

- Robustness of SMC can be achieved by its well-recognised ability to overcome 

modelling errors, nonlinearity, external disturbances and other uncertainties. 

The proposed design procedure contains three steps.  In the first step, the desired 

settling time and steady-state error of the output are obtained by tuning the parameters 

of a PID controller while overshoot is not considered. Based on the closed-loop 

response obtained, a second-order model with input time delay is derived to represent 

equivalently the system dynamics.  Using this approximate model, a SMC is designed to 

shape the input to the PID-controlled system to achieve the system robustness and to 

suppress overshoots in its responses.  An output predictor in (Young-Hoon and Jun-Ho, 

2000) is employed to estimate the system output for implementation of the equivalent 

control, taking the effect of time delay into account. 

2.3 Vehicle-terrain interaction 

Knowledge of the vehicle-terrain interaction is desirable for predicting behaviours of 

the vehicle navigating on different terrains, as well as for safe and effective motion 

control. In the context of vehicle-terrain interaction, the behaviour of tracked vehicles is 

quite well understood; see, for example, (Wong and Chiang, 2001) for a comprehensive 

theory for skid-steering mechanics. For skid-steering wheeled vehicles, however, it 

seems there is less work available in the literature for a comprehensive analysis of the 

complicated processes involved. In (Weiss, 1971), the mechanics of skid-steering for 
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wheeled vehicles in steady manoeuvres are analysed. He used lateral forces to calculate 

vertical loads acting on each row of wheels and then assumed that these loads are 

distributed equally to all wheels in the row. Consequently, the shear stress developed at 

each wheel is derived from the load on that wheel. Creedy (1985) later extended 

Weiss’s idea by considering the difference of vertical loads on the wheels in a row due 

to their positions and torque transitions. However, in both works, the shear stress acting 

on each wheel is assumed to obey Coulomb’s friction law. This implies that the shear 

stress can change immediately from zero to its maximum value when the wheel begins 

its motion on the ground. In contrast, experiments have shown that the shear stress 

follows an exponential function of the shear displacement between the wheel and the 

ground and only attains its maximum value after a certain shear displacement has 

occurred in the ground. This remark is illustrated in Figure 2.10, after (Wong, 2001). In 

addition, the requirement for constant velocities is not always true for operations of an 

unmanned ground vehicle in practice. 

In this thesis, the vehicle-terrain interaction will be thoroughly analysed, based on the 

theory of terramechanics (Bekker, 1956; Wong, 2001), and kinetic equations of the 

skid-steering wheeled vehicle. In general, the analytical relationship between shear 

stress, shear displacement, and vertical load is used to derive reaction forces. The load 

on each wheel is determined depending on the position of each wheel of the vehicle. 

The shear displacement is obtained by taking integrals of the slip velocity of the 

considered point of each wheel which is in contact with the ground. The shear 

displacement is then used to derive the magnitude and direction of the shear stress 

acting at the contact point. The shear stress over the contact zone is further integrated to 

obtain the reaction forces, i.e. the forces on each wheel reacted by the ground. The 

vehicle performance during contact with different terrain types can then be predicted by 

making use of the vehicle kinetics. 
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Figure 2.10  Shear stress-shear displacement relationship (Wong, 2001) 

2.4 Fast algorithm for terrain interaction analysis 

In the above approach, computation of the integrals appearing in the terrain interaction 

analysis is time-consuming. This makes the approach not suitable for online 

applications. Therefore, a fast algorithm is desired for the terrain interaction analysis. In 

(Shibly et al., 2005), a linearisation of the normal stress and shear stress is used to avoid 

integration. Normal stress is approximated by lines through the start and the end points 

of each stress curve, as shown in Figure 2.11 (a) and (c). This leads to a large error in 

the linearisation; and therefore, results in inaccurate analysis. In this thesis, Shibly’s 

method is modified to improve the accuracy of the approximation. A stress curve is also 

approximated by a line going through the maximum stress point (start point) on the 

curve. However, the other intersection point between the stress and its linearisation is 

deliberately chosen so that the largest effect of the stress on the vehicle behaviour will 

remain the same. This advantage is illustrated in Figure 2.11 (b) and (d). The proposed 

method ensures that the error of the approximation is always minimized.  
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Figure 2.11  Stress approximation used in the present work: a), c) Shibly’s method;  

b), d) modified method 

2.5 Conclusion 

This chapter has reviewed the relevant literature related to mobility control and analysis 

for UGVs. It has focused on driveline modelling, low-level robust control technique, 

and terrain interaction analysis. The details of these approaches will be presented in the 

following chapters. 
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Chapter 3 

Vehicle driveline and modelling 

In this chapter, all components in the vehicle driveline are analysed and modelled for 

the control design and for the development of a vehicle simulator. An introduction to 

the vehicle platform is given in Section 3.1. The model is developed in Section 3.2. 

Simulation is conducted in the next section. A simplified model is described in Section 

3.4 and verified by experiment data. Finally, a conclusion is drawn in the last section. 

3.1 Introduction 

The UGV used as a demonstrator for outdoor autonomy and as a testbed in this thesis is 

retrofitted from the ARGO Conquest 8x8, a 20hp, 3m x 1.45m x 1.1m, 0.5 tonne 

vehicle. It can achieve 30km/h on land and 3km/h on water. Figure 3.1 shows a photo of 

the ARGO developed at CAS, Sydney. Equipped with eight drive wheels in a skid-

steering configuration, this platform is very suitable for all-terrain mobility which is a 

desirable feature of the UGV. 

Figure 3.2 shows the driveline of this vehicle.  The power transmission system includes 

a spark ignition (SI) engine, continuous variable transmission (CVT), gearbox, 

differential, and a chain system. In the figure, notations T, ω, and K represent the 

torques, rotational speeds, and gear ratios at respective components. 
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The vehicle has eight 22x10.0 inch wheels, connected together by the chain system and 

driven by the left and right outputs of the differential.  Two brake discs are attached to 

the outputs of the differential and can be operated separately.  The differential and the 

brake system decide the turning of the vehicle in skid-steering. 

This driveline of the vehicle is equipped with rotary encoders to allow for measurement 

of the engine speed, gearbox input speed, and left and right wheel speeds.  The engine 

throttle, left brake and right brake can be controlled separately by suitable actuators.  

Inputs to these actuators are deliberately set from 0 to 100% of their rated capacities.  

The vehicle represents a highly nonlinear and dynamically coupled complex system.  

For control purposes, it is therefore essential to find a simplified and useful model for 

the vehicle, which is the objective of this chapter.  Some parts of the modelling have to 

use data collected from trial tests. The model is tested on Matlab/Simulink and the 

simulation results are also compared with data obtained from characterising 

experiments. 

 

Figure 3.1 The vehicle platform 
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Figure 3.2 Driveline of the vehicle 

 

 

Tfric,wL 

TG 
ωG 
 

Te 

Tfric,e 

Tec 

ωe 
 

Tc 
ωc 
 

TdR 
ωdR 

TbR 

TG 
ωG 
 

TdL 
ωdL 
 

TwR 

ωwR 
 

TwL 
ωwL 
 

K1 K2 

K3 

Tfric,wR 

r.Ffric,wR 

ωwR 
 

r.Ffric,wL 

ωwL 
 

Tfric,G 

Tfric,D 
TbL 

K3 

Engine CVT Gearbox

Differential 

Right 
wheels Chains 

Left  
wheels Chains 

Right 
brake 

Left  
brake 

 

Figure 3.3 Subsystems of the driveline 
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3.2 Modelling of the vehicle driveline 

The driveline of the vehicle consists of the engine, CVT, gearbox, differential (within 

the gearbox), chains, and eight wheels.  Figure 3.3 shows the subsystems of the 

driveline with their distributed torques and speeds. It is noted that the models of the 

engine, CVT, gearbox, and chains are independent of the braking subsystem. To derive 

the wheel speeds, the model of the differential-wheel system should, however, take into 

account the applied braking torques. 

3.2.1 Engine 

This vehicle uses Kawasaki FD620D, a 620 cc, 20 H.P, V-twin 4 cycle SI engine. 

Figure 3.4 shows a photograph of the engine and its performance characteristics. The 

engine can be modelled by combining dynamics of its components including throttle 

body, intake manifold, mass flow rate, compression and torque generation (Crossley 

and Cook, 1991; Hendricks and Sorenson, 1990).  For control purposes, it is not 

necessary to look into details of the engine dynamics.  Indeed, experiments show that 

the generating torque, Te, of a combustion engine can be modelled as a first-order 

transfer function (Zanasi et al., 2001), 

 ,
1 e

e

e
e s

KT θ
τ +

=  (3.1) 

where θe is the throttle position, Ke and τe are respectively the engine gain and time 

constant.  

The engine motion equation is then 

 ,, ecefriceee TTTJ −−=ω&  (3.2) 

where Je is its moment of inertia, including flywheel, crankshaft, and CVT driver 

clutch; Tfric,e is the torque due to friction inside the engine; and Tec is the load torque 

from the CVT acting on the engine. 
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Figure 3.4 Kawasaki FD620D engine and performance curves (Source: 

(Kawasaki, 2004)) 

3.2.2 Continuous variable transmission  

The vehicle uses an automatic torque converter known as a continuous variable 

transmission (CVT).  It consists of a driver clutch located on the engine output shaft, a 

driven clutch located on the input shaft of the gearbox, and a drive belt. Figure 3.5 

shows details of the CVT with its main components described in Table 3.1. Both 

clutches comprise of a fixed face and a movable face. In acceleration, the driver clutch 

movable face travels towards the fixed face as the weights in the clutch are pushed 

outwards due to the centrifugal force. As the driver clutch faces get narrower, they grip 

the drive belt and move it towards the top of the driver clutch. At the same time, the 

driven clutch plates spread apart as the belt rides down between the faces. The tension 

in this clutch is also regulated by a spring. As the engine comes under load, the spring 

loaded cam on the driven clutch forces the clutch plates together. 

The driver clutch can therefore be considered as a pulley whose radius is increased 

when accelerated, resulting in an increase of the output speed. Similarly, when the 

engine is under load, the driven clutch increases its radius and more torque can be 

transmitted to the wheels. At the engine idle speed, the centrifugal force is not enough 

to overcome the spring load between driver clutch faces and the clutch is completely 

disengaged. It is only engaged after the engine reaches a certain speed, in the manner of 
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a conventional centrifugal clutch. Assuming that no slip occurs between the belt and 

clutch when it is engaged, the CVT can be modelled as a variable gear ratio, which 

depends on the engine speed and load torque (Setlur et al., 2003), 

 ,),(1 ce TfK ω=  (3.3) 

where f() is a function to be estimated from experiments.  

The torque and speed at the output of the CVT are thus given by: 

 
.

,/

1

1

K

KTT

ec

ecc

ωω =

=
 (3.4) 

 

Figure 3.5 CVT and its components (Source: (Ontario Drive & Gear, 2007)) 

TABLE 3.1 

CVT'S MAIN COMPONENTS 

Driver clutch Driven clutch 

Reference Description Reference Description 

2 Fixed face 31 Fixed face 

3 Movable face 32 Movable face 

5 Spring 36 Spring 

13 Weight 37 Cam 
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3.2.3 Gearbox 

The gearbox has four positions, namely Reverse - for backing up the vehicle; Neutral - 

for starting the engine or idling; Low - for use when extra pulling power or very low 

speed is required on rough terrain; and High - for general use at normal operating 

speeds. The output of gearbox engages directly to the case gear of the differential. 

Therefore, the differential’s case can be considered as the output of the gearbox when 

calculating the gearbox ratio, K2. 

 

⎪
⎪
⎩

⎪
⎪
⎨

⎧−

=

High,2655.0
Low,1295.0
Neutral,0
Reverse,1295.0

2K  (3.5) 

where the numerical values for K2 are derived from the number of teeth of each gear in 

the gearbox. 

The torque and speed at the output of the gearbox are 
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−=
 (3.6) 

where GfricT ,  is the friction torque in the gearbox. 

3.2.4 Chains 

Ignoring backlash, the chain system can be simplified as a gear ratio K3, calculated from 

the number of teeth of each sprocket in the chain system, giving 

 .0.24833 =K  (3.7) 

The wheel torques and speeds depend on the braking torques applied on the left and 

right wheels. 
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3.2.5 Differential - wheels 

Figure 3.6 shows the structure of the differential.  It is a planetary gear system 

consisting of two sun gears, six planet gears and a case.  The left sun gear engages with 

three left planet gears, which, in turn, engage in right planet gears.  The right sun gear 

engages with the right planet gears. All the planet gears are carried by the case. The case 

spins at speed ωd (or ωG because the case is considered as the output of gearbox). If the 

load torques on the left and right sun gears are equal, the two outputs of the differential 

will have the same speed as the case.  Otherwise, they are different.  

The differential distributes the torque from the gearbox to the left and right wheels.  The 

two driving shafts of the differential are attached to the left and right brake discs. The 

torque difference enables the vehicle to turn.  It is necessary to consider the differential 

in two cases when the vehicle is straightly running and when the vehicle is turning. 

During straight-line running, the torque from the gearbox is distributed equally for the 

left and right wheels.  Total loads on the left and right outputs of the differential the 

same. The differential is in a balance mode in which there is no relative motion between 

the case and two sun gears. All wheels have the same speed and therefore are modelled 

as one wheel.  One can derive  

 Right output 

Left output 

Case gear (input) 

Planet gear 

Right sun gear 

Left sun gear 

Case 
Planet gears 

 

Figure 3.6 Differential configuration  
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where DfricT ,  is the differential friction load. 

The wheel torque and speed, obtained after the chain system, are as follows 
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3

K

KTT
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ωω =

=
 (3.9) 

Now let us assume that the vehicle with mass m and longitudinal velocity VX (at the 

centre of mass) is travelling on a flat terrain of a slope angle, χ, as shown in Figure 3.7.  

The force equation can be derived from the Newton’s second law in the longitudinal 

direction as: 

 ( ),sin, χmgFFVmF RwindXwt +++= &  (3.10) 

where Ft,w is the traction force at the wheel, Fwind is the air drag force, FR is the rolling 

resistance,  and g is the gravitational acceleration. 

The air drag force, Fwind, can be ignored as the vehicle runs at low speed. 

The rolling resistance is determined by,  

 ( ),21 XrrR VccmF +=  (3.11) 

in which 21  and , rr cc  are friction coefficients depending on the tyres and road conditions 

(Kiencke and Nielsen, 2000).  

The total load torque acting on the wheel shaft includes the torque required for traction, 

the torque due to internal friction, and the torque for wheel acceleration,  

 ,,, wtwfricwww rFTJT ++= ω&  (3.12) 
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Figure 3.7 Longitudinal forces acting on the vehicle during straight-line running 

where Jw is the wheel moment of inertia and Tfric,w is the wheel internal friction load. 

Substituting equations (3.10-3.11) into (3.12) gives 

 ( ) ( ).sin21, χω mgrVccmrVmrTJT XrrXwfricwww +++++= &&  (3.13) 

Assume that no slip occurs between the wheels and the ground. In that case,  

 ,wX rV ω=  (3.14) 

and equation (3.13) becomes,  

 ( ) ( ) ( ).sin. 21,
2 χωω mgrrccmrTrmJT wrrwfricwww +++++= &  (3.15) 

From equations (3.1-3.15) above, a block diagram for simulation is suggested in Figure 

3.8, where the engine speed is transferred through CVT, gearbox, differential and chains 

to the wheels and the load torques from the wheels are referred backward to the engine 

shaft.  Note that friction torques of the engine, gearbox, differential and wheels are 

modelled in this simulation as due to viscosity. 
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 (3.16) 

where ,eb  ,Gb  db  and wb  are corresponding damping coefficients. 
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Figure 3.8 Simulation block diagram- during straight-line running 

During turning, total loads on the outputs of the differential do not balance due to the 

braking effort or the load on the wheels. The left and right wheel speeds are different.  

The difference takes place at the outputs of the differential, chains and wheels. 

It is assumed that longitudinal forces acting on the vehicle are distributed equally to the 

left wheels and right wheels. Applying equations (3.10), (3.12), and (3.13) to the left 

wheels and right wheels gives 
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where Tfric,wL and Tfric,wR are respectively internal friction at the left and right wheel. 

Torques and speeds for the chains in this case are, 
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 (3.18) 

For the differential, let us first define the speed difference, dRGdRdx ωωωω −=−= .  

The speeds at the left and right differential outputs are respectively  
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When brake torques TbL and TbR are applied, the total load torques on the left and right 

sun gears are 

 
.

,

bRdRsR

bLdLsL

TTT

TTT

+=

+=
 (3.20) 

The total load on the case is  

 .sLsRd TTT +=  (3.21) 

The relative motion between the gears inside the differential causes a friction loss, 

which can be modelled as viscous damping. In steady state, this loss basically balances 

with the difference between the left and right load torques of the sun gears 

 ., xbTT inDsLsR =−  (3.22) 

Hence, one can approximate the speed difference as 

      ,
,inD

sLsR

b
TTx −=  (3.23) 

where inDb ,  represents viscosity inside the differential’s case. 

The simulation of the driveline during straight-line running is now based on the set of 

equations (3.1-3.7) and (3.17-3.23), according to the block diagram shown in Figure 

3.9.  Note that this model can be reduced to the previous one when total loads on the 

differential outputs are the same.  
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Figure 3.9 Simulation block diagram- during turning 

3.3 Validation and simulation 

3.3.1 Validation 

In the above driveline model, the CVT is very complex to be modelled mathematically. 

Therefore, an experiment-based approach is used to derive the CVT ratio, K1. Based on 

the data acquired from the input (engine speed) and output (gearbox speed) of the CVT 

when the vehicle runs about 15 minutes in a field test (Figure 3.10), a distribution of 

CVT ratio with engine speed is obtained (Figure 3.11). From this distribution, it is 

shown that the CVT ratio increases with engine speed and affected by the load from the 

gearbox. These relationships are shown in Figure 3.12 and Figure 3.13 with the total 

brake (left and right) and with estimated load, respectively. The load is estimated from 

the wheel speed and the brake data with the help of gearbox, differential, chain, and 

wheel models. 

From Figures (3.11-3.13), it is suggested that the CVT ratio can be modelled by 

decoupling the effects of the engine speed and the load, as follows, 

 ( ) ( ),.),(1 cece ThgTfK ωω ==  (3.24) 

where functions ( )eg ω  and ( )cTh  describe the relationships with the engine speed and 

the load on the CVT. 
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Figure 3.10 Experimental data collected from a field test 
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Figure 3.11 Distribution of the CVT ratio with the engine speed 
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Figure 3.12 Distribution of the CVT ratio with the engine speed and total brake 
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Figure 3.13 Distribution of the CVT ratio with the engine speed and estimated load 
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These relationships can be nonlinear and include belt slip and mechanical backlash. For 

simplicity, however, here they are approximated by following linear functions, chosen 

from the most populous areas in Figures 3.11 and 3.13, 

 ( ) ( )
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The CVT ratio, described by equations (3.24-3.26), is drawn in Figure 3.14. 
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Figure 3.14 Linear approximation of the CTV ratio 

Other numerical values for parameters used in the driveline simulation are listed in 

Table 3.2. The engine gain and damping coefficient are estimated from linearisation of 

the engine torque curve. The engine time constant is obtainted on average from 

experiment data. Engine moment of inertia and other damping coefficients are 

empirically chosen. Rolling resistance coefficients of a typical field road as given in 
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(Wong, 2001) are used here. Other parameters are provided in the vehicle datasheet, 

including weight of the vehicle and of each wheel, wheel radius, and gear ratios. 

TABLE 3.2 

PARAMETERS USED IN SIMULATION 

Driveline component Nomenclature Symbol and value 

Engine gain Ke = 0.5 Nm 

Time constant τe = 0.3 s 

Moment of inertia Je = 0.07 kgm2 

 

 

Engine 

Damping coefficient be = 0.0026 Nms 

Damping coefficient bG = 0.0955 Nms  

 

Gearbox 
 

 

Gearbox gear ratio 
⎪
⎪
⎩

⎪
⎪
⎨

⎧−

=

High.,2655.0
Low,1295.0
Neutral,0
Reverse,1295.0

2K  

Damping coefficient bd = 0.00955 Nms  

Differential Damping coefficient 
inside 

bD,in = 2.3873 Nms 

Chain Chain gear ratio K3 = 0.2483 

Vehicle weight m = 490 kg 

Wheel radius and weight r = 0.25 m, mw = 6.6kg 

Damping coefficient bw = 0.04 Nms 

Rolling resistance cr1 = 0.1 m.s-2 

 

 

Wheel-body 

 

Rolling resistance cr2 = 0.08 s-1 
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3.3.2 Simulation 

In this section simulation results are shown for some interesting cases: step response of 

the throttle input, and turning the vehicle with step inputs of left and right brake. These 

signals are references to the actuator control systems for throttle and brakes. Here the 

throttle and brake control systems are modelled by first-order functions respectively 

without, and with, a time delay, estimated from responses of closed-loop systems in the 

next chapter. 
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 (3.26) 

Figure 3.15 presents the engine and gearbox speeds when running the simulated vehicle 

with 100% throttle position for 10 seconds (from t=5 to t=15s), turning right by 

applying 20% braking torque to the right brake for 10 seconds (from t=15 to t=20s), 

then turning left (from t=25 to t=30s) by applying 30% braking torque to the left brake 

according to the pattern shown in Figure 3.16. Responses of the engine and gearbox are 

similar to those of first-order functions. It can be seen that the gearbox speed is more 

load sensitive than the engine speed, as expected in automotive engineering.  The 

transients of the engine speed and gearbox speed to a step response of the throttle 

exhibit a time delay of approximately 0.3 sec due to the engine time constant, and a 

time constant of 0.4 sec due to the CVT speed threshold, respectively. 

The braking pattern and resulting left and right wheel speeds are shown in Figure 3.16. 

During periods of turning, the inner wheel speed is reduced while the outer wheel speed 

is slightly increased. The difference between the left and right speeds enables the 

turning of the vehicle. Responses of wheel speed to throttle and braking patterns are 

also similar to first-order functions. The dynamic torque distribution of the right/left 

wheels, gearbox and engine over the period of 35 sec is depicted in Figure 3.17. It is 

noticed that the load on wheels increases significantly on acceleration. On the other 

hand, when one row of wheels slows down its motion, load on the wheels fall to 

negative.  
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Figure 3.15 Responses to throttle step input 
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Figure 3.16 Braking pattern and wheel speeds 
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Figure 3.17 Load distribution on components of the driveline 

3.4 Simplified model 

There are many dynamic loops in the original model. This requires a lot of computation 

and sometimes it can not find solutions. The problem occurs more often when the model 

is tested with experimental data or more loops are added for vehicle motion control. In 

this section, a simplified model is developed to avoid the encountered numerical 

problem. The simplified model is then compared with the original model and verified 

with real data from experiment. 

3.4.1 Simplified model development 

Let us first consider the model in the case of straight-line running. From equations 

(3.15) and (3.16), total load acting on the wheel shafts is 

 ( ) ( ) ( ).sin. 12
22 χωω mgrmrccmrbrmJT rwrwwww +++++= &  (3.27) 
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Substitution of (3.8), (3.9) and (3.16) into (3.27) give the load on the differential outputs 

and the gearbox: 

 ( ) ( ) ( )( ) ,sin. 31
2
32

22
3

2
3

2 KmgrmrcKcmrKbKrmJT rdrwdwd χωω +++++= &  (3.28) 

 ( ) ( ) ( )( ) .sin. 31
2
32

22
3

2
3

2 KmgrmrcKcmrbKbKrmJT rdrdwdwG χωω ++++++= &  (3.29) 

The total load referred to the CVT output is then obtained from (3.6), (3.16), and (3.29) 

as 
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The equation (3.30) suggests that when the vehicle is running straight, the gearbox, 

differential, chain, and wheels can be combined together and described by a single 

equation. Other components, namely the engine and the CVT, are still modelled by 

equations (3.1-3.4). The wheel speed is derived from (3.6), (3.8), and (3.9) as 

 .23KKcw ωω =  (3.31) 

In the case of turning, total loads acting on left and right wheel shafts are calculated 

from (3.16) and (3.17). 
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These loads are then referred back to the left and right outputs of the differential as 
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(3.33) 

Combined with the brake forces required for turning, the total load acting on the 

differential is 
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From (3.19), ,22 dGdRdL ωωωω ==+ equation (3.34) becomes 
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Following the same approach, the total load on the CVT is obtained as 
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During turning, the speed difference is determined from (3.23) and (3.20) as 

 ( ) ( ) .
,inD

bLbRdLdR

b
TTTTx −+−=  (3.37) 

 Substitution of (3.33) and (3.19) into (3.37) gives, 

 ( ) ( )( ) ( ).,
2
32

22
3

2
3

2
bLbRinDrww TTxbKcmrKbxKmrJ −=++++ &  (3.38) 

Equation (3.38) indicates that the speed difference can be calculated by a first-order 

function of the brake forces, 
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with a time constant derived from (3.39a) as 
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When turning, the inner wheels can be locked if the brake force is large enough. To take 

into account this case, the speed difference is limited to 
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 .22 KxK cc ωω ≤≤−  (3.40) 

The wheel speeds are determined from (3.6), (3.18), and (3.19) as 
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From the above equations, it is suggested that the driveline model can be simplified to 

cover adequately dynamics of the engine, CVT, and a combined component presented 

for the gearbox, differential, chain, and wheels. The combined component is described 

by equations (3.36), (3.39a-3.41) while the engine and CVT are not changed. It is noted 

that when brake forces are zero, the model is the same one in case of straight-line 

running. 

3.4.2 Comparison with original model and experimental data 

For comparison purposes, the same patterns of throttle and brake forces are applied for 

the both models: original and modified. Simulation results are given in Figures 3.18 and 

3.19 for responses of the engine, gearbox, and wheels. It can be seen that responses of 

the simplified model are exactly the same as those of the original model. Therefore, the 

simplified model can be used as an alternative to the original model. By combining the 

gearbox, differential, chain, and wheels together, algebraic loops inside these 

components are avoided. As a result, solutions can be found faster and easier. The 

problem encountered in the original model is solved.   

A set of experiment data collected on a field trial is used to verify the model. The data 

cover records of throttle, brake, engine speed, gearbox speed, and wheel speeds. The 

engine and gearbox rotations are measured in RPM by Hall Effect sensors while the 

wheel speeds are gauged in rad/s by rotational encoders. The throttle data are reference 

for input of the throttle actuator control while brake data include the hydraulic pressure 

inside the brake cylinder. Assuming the brake force is proportional to the hydraulic 

pressure, the brake pressure data are input to the driveline model through a proportional 

gain. Meanwhile, the throttle is connected to the model through the transfer function 

presented for the throttle control system (3.36). The ground is assumed to be flat (χ=0).  
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Responses of the model to the real input data are compared with the experimental 

output data in Figure 3.20 for engine, gearbox speeds, and Figure 3.21 for left and right 

wheel speeds. In general, it can be seen that the engine, gearbox, and wheel speeds are 

close to the experimental data in a steady state with corresponding 2.7%, 3.6%, and 

5.6% of RMS errors, calculated in the 603s-608s interval. Some noise spikes are 

observed in the wheel encoder data; perhaps because of the rough terrain encountered or 

wheel slip during the trial.  

During acceleration, however, the gearbox and wheels respond slower than those 

measured in practice while the engine runs faster. This is probably because slip occurs 

between the CVT belt and clutches in acceleration while it is ignored in the model. The 

responses of the engine and gearbox to brake inputs are very similar to those observed 

on the real system. During turning, the wheel speeds follow closely the experimental 

data, however, at a slower rate. This can be explained by the wheel slip. In the model, it 

is assumed that no slip occurs between the wheels and the ground. For a skid-steering 

vehicle, however, in order to turn the vehicle the wheels have to slip on the ground.  

The wheel slip can be taken into account by replacing equation (3.14) with 

 ( ) ,1 wX riV ω−=  (3.42) 

where i is the average wheel slip ratio, defined in (Wong, 2001) as: 

 .1
w
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r
Vi
ω

−=  (3.43) 

It is easy to adjust the model in the case of a wheel slip by modifying equations (3.36) 

and (3.39a) as follows: 
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Figure 3.18 Simplified model vs. original model: engine and gearbox responses   
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Figure 3.19 Simplified model vs. original model: wheel responses   
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Figure 3.20 Simulation vs. experiment: engine and gearbox responses   
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Figure 3.21 Simulation vs. experiment: wheel responses   
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Simulation results with wheel slip are shown in Figures 3.22 and 3.23. It can be seen 

that, with a slip ratio of 60%, the responses of wheels in turning are closer to the 

experiment than in case of no slip (see Figure 3.22). However, the difference between 

the gearbox speed and that of the experiment during acceleration is larger (see Figure 

3.23). 

Similarly, by defining the CVT belt slip ratio as 

 ,1
1 e

c
CVT K

i
ω

ω−=  (3.46) 

and modifying equation (3.4) with 

 
( )

( ) ,1

,1

1

1

Ki

KTiT

eCVTc

cCVTec

ωω −=

−=
 (3.47) 

the CVT’s slip can be also taken into account. However, modelling of the CVT belt slip 

is more complicated and not considered in this thesis. 

The other mismatches between trial tests and simulation results are perhaps due to the 

linearisation of the engine torque production and the CVT gear ratio. In addition, the 

model did not consider the weight and backlash of the gears in gearbox, differential, 

brake discs, and chains. More importantly, complicated interaction between the vehicle 

and terrain was not taken into account.  This will be addressed in Chapter 5.  
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Figure 3.22 Simulation vs. experiment: wheel responses with 60% slip  
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Figure 3.23 Simulation vs. experiment: engine and gearbox responses at 60% slip  
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3.5 Conclusion 

In this chapter, the vehicle’s driveline, including the engine, CVT, gearbox, differential, 

chains and wheels have been analysed and modelled. An original model was first 

developed and simulation results were provided. A simplified model was proposed to 

improve computational efficiency. Simulation showed that there was no significant 

difference in the results between these models. In comparison with field tests, effects 

due to slips in wheel-ground contact and CVT belt-clutch contact were observed. The 

model was then modified to take into account these slips. Simulation results with a 

constant wheel slip showed a close agreement with experiment data. The dynamics of 

wheel slip will be analysed in Chapter 5 while the CVT slip is still considered as an 

open problem.  
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Chapter 4 

Robust low-level control design 

In Chapter 3, the responses of the throttle and brake control systems were assumed to be 

first-order functions. This may be not true in practice, however. In this chapter the 

limitations encountered by the default PID control scheme for the UGV are considered 

and solution for them is reached.  

The control requirements for the vehicle and the disadvantages with PID controller 

design are to be introduced in the first section. In Section 4.2, the proposed control 

approach is described for linear and nonlinear systems with and without time delay. 

Simulation results for a wide range of systems are given in Section 4.3. A conclusion is 

drawn in the last section.  

4.1 Introduction 

As mentioned in Chapter 1 and Chapter 2, the vehicle is equipped with a set of actuators 

and therefore requires suitable controllers. The engine throttle is actuated by a servo 

motor. It needs a controller to manipulate the throttle position and therefore the engine 

speed. Similarly, linear actuators attached to the inputs of the left and right brakes need 

to be controlled to supply appropriately brake forces for turning and stopping the 

vehicle. At a higher level, the vehicle velocity and turning rate must also be controlled 

because they are very important for further developments of the UGV. PID controllers 
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were initially implemented for all control requirements. In this section, the problem of 

the brake control system is described. 

The vehicle uses two separate hydraulic brake systems, one for the left and the other for 

the right wheels. These systems are identical and consist of pistons and cylinders, pipes, 

brake discs, pads and calipers, as shown in Figure 4.1. Two linear actuators are used to 

control the brake pistons instead of using brake levers as in the original vehicle. The 

actuator consists of a DC motor combined with gears and ball screw systems for 

transferring rotation to linear motion, as shown in Figure 4.2. An amplifier is used to 

convert the voltage signal from the brake controller to the supplying current for the 

actuator. Position and pressure transducers are used to measure the actuator positions 

and the hydraulic pressures inside the brake calipers.  

 

Figure 4.1  Hydraulic brake systems (Source: (Ontario Drive & Gear, 2007)) 

 

 

Figure 4.2 Configuration of linear actuator (Source: (Thomson, 2007)) 

Brake 
Inputs 

Cylinders 

Piston 
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Assuming that the brake forces are proportional to the pressures inside the calipers, PID 

controllers were first implemented to control the brake pressures. The controllers were 

manually tunned according to the desired response specifications in rise- and settling- 

time. Some responses of the brake control systems are shown in Figure 4.3. Here the 

position is scaled to the movable range of the actuator while the pressure is normalised 

between its minimum and maximum values. Note that the pressure rises sharply from 

the minimum to the maximum values over just a short range of the position as the 

caliper contacts the disk. From Figure 4.3, it can be seen that there exists a time delay 

between the pressure set-point signal and the pressure responses. In addition, the 

relationship between the piston position and brake pressure is highly nonlinear. Due to 

the effects of the time-delay and nonlinearity, the pressure responses exhibit large 

overshoots. Despite much effort in tuning the PID controllers, overshoots could not be 

eliminated. An overshoot in brake pressure in turn results in an overshoot in the brake 

force which can lock the wheels during turning. It is therefore very difficult to control 

the vehicle’s turning at a desired angular speed. The same problem may take place in an 

interconnected system with many PID-based controllers.  
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Figure 4.3 Responses of PID brake pressure controllers 
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In the next sections, robust control algorithms are proposed to suppress overshoot in the 

system brake responses under PID control. This idea is based on two observations. First, 

the responses of the PID controller with large overshoots are similar to those seen in 

second-order systems. The whole system, including PID in closed-loop control, can 

then be modelled equivalently by a second-order transfer function. Second, sliding 

mode control, a well-known robust control technique, can reduce the equivalent 

dynamics of a second-order to a first-order system, which is free of overshoot. It is 

therefore proposed in this thesis to use the cascade control principle coupled with a 

sliding mode controller (SMC) as the outer loop to eliminate the overshoot of the PID-

controlled inner loop. It is expected that not only overshoot will be alleviated but also 

that such prominent properties of SMC such as robustness to external disturbances, 

uncertainties and nonlinearities can be retained. 

4.2 Control development 

The proposed controller is first designed for the case without time-delay and then 

extended for input time-delay systems. Let us first consider the PID controller and its 

closed-loop model. 

4.2.1 PID controller and closed-loop model 

Figure 4.4 shows a simple PID controller in a closed-loop feedback system. The output 

of the controller, V, is a function of the difference between the input and the current 

process output, i.e. of the error, yue −=0 , 

 ,0
00 dt

deKdteKeKV DIP ++= ∫  (4.1) 

where u is the reference input to the system. 

The response of a PID control system is determined by its parameters, namely the 

proportional gain (KP) to reduce the rise time the steady-state error, the integral gain 

(KI) to eliminate the steady-state error while degrading the transient response, and the 

derivative gain (KD) to improve the stability of the system.  



4. Robust low-level control design  60 

 

      Input, u Process PID controller Output, y  V eo 

 y 

 

Figure 4.4 PID control loop 

To obtain a desired response, PID parameters need to be tuned properly. By using 

manual tuning or auto-tuning methods, the desired settling time and steady-state error 

can be achieved. There is, however, a trade-off between the rise time and overshoot. As 

mentioned in Chapter 2, overshoot with a PID controller is unavoidable without 

sacrificing fast rise time, especially for nonlinear and time-delay systems.  

To utilise sliding mode control, knowledge of the process to be controlled must be 

obtained prior to the design process. In practice, the process may be unknown. As the 

system under PID control exhibits large overshoot in its step response, however, the 

whole system can be modelled equivalently by a time-delayed second-order transfer 

function 

 ( ) ,
2 22

2
st

nn

n de
ss

sG −

++
=

ωδω
ω   (4.2) 

where δ  is the damping ratio, nω  is the natural frequency and dt  is the time delay. The 

time delay can be measured directly from the response. The equivalent natural 

frequency and damping ratio can be calculated from the percentage of overshoot and 

peak time, as follows (Franklin et al., 2002): 

 ,
1 2δ
πω
−

=
P

n
t

 (4.3) 

 ( )
( )

,
ln

ln
22

P

P

M
M

+
−=

π
δ  (4.4) 

where Mp and tp are the percentage of overshoot and peak time, respectively. 

It is noted that for a non-delay system, the model is reduced to  
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ss
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ω

++
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Due to the effects of nonlinearities and uncertainties, the overshoot and peak time can 

vary and lead to the changes of the calculated equivalent natural frequency and damping 

ratio. For many engineering applications, the time-delay does not vary much and may 

be practically considered as constant.  

Although PID controllers have been widely adopted in industry their performance can 

always be improved by combining them with more advanced control techniques.  For 

this, a robust controller such as the SMC is proposed as detailed in the following. 

4.2.2 Sliding mode – PID controller 

Assuming that zero steady state error can be obtained by a PID controller, the 

relationship between the input and output of the inner PID – controlled loop derived 

from (4.5) can be described in the form of  

 ,2ufy nω+=&&  (4.6) 

where f is obtained as 

  .2 2 yyf nn ωδω −−= &  (4.7) 

As mentioned in Section 4.2.1, for nonlinear dynamics, the modelling parameters in 

(4.6) and (4.7) can vary so that the function f is unknown. However, if the ranges of 

variation of these parameters are known, for example,  

  
,

,

21

21

δδδ

ωωω

≤≤

≤≤ nnn  (4.8) 

the nonlinear function can be approximated by 

 ,ˆˆˆ2ˆ 2 yyf nn ωωδ −−= &  (4.9) 
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where nω̂ and δ̂ are nominal values of the natural frequency and the damping ratio 

which, in the frequency domain, can be chosen as the geometric mean of their 

boundaries (Slotine and Li, 1991), conveniently 

 
.ˆ

,ˆ

21

21

δδδ

ωωω

=

= nnn
 (4.10) 

The error of this approximation is bounded by a known function, 

 ,ˆ Fff ≤−  (4.11) 

where  

 ( ) ( ) .ˆˆˆ2 22
222 yyF nnnn ωωωδωδ −+−= &  (4.12) 

Let the control error be defined as 

 ,dyye −=  (4.13) 

where dy  is the desired output (or reference). 

In order to force the second-order system in (4.6) to first-order one, the sliding surface 

is defined as   

 ,eee
dt
dS λλ +=⎟

⎠
⎞

⎜
⎝
⎛ += &  (4.14) 

where λ  is a positive constant to be determined. 

The output of the SMC has the form  

 ,Req uuu +=  (4.15) 

where equ  is the equivalent control for the system (4.6) without uncertainties and Ru  is 

the robust control added to overcome the uncertainties of the system. 
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The equivalent control is chosen so that when the system trajectory is off the sliding 

surface, it will force the system error dynamics to the sliding surface. This condition can 

be obtained by solving the equation 

  .0=S&  (4.16)  

Differentiating S from (4.17) gives 

 .eyyeeS d &&&&&&&&& λλ +−=+=  (4.17) 

Substitution of (4.14) into (4.17) yields 

 .ˆ 2 eyufS dn &&&& λω +−+=  (4.18) 

Then the equivalent control is derived from (4.16) as 

 ( ) .ˆ
ˆ
1

2 eyfu d
n

eq &&& λ
ω

−+−=  (4.19)  

It is noted that the equivalent control in (4.19) will only drive the system trajectory to 

the sliding surface if the system parameters are known. To take into account the effects 

of nonlinearities, modelling error and other uncertainties, the robust control is 

introduced as 

 ( ),. SsignkuR −=  (4.20) 

where the gain k must be large enough to counteract the effects of uncertainties.  

To ensure system stability under uncertainties, let us define a Lyapunov function  

 .
2
1 2SVL =  (4.21) 

The coefficient k shall be chosen to satisfy the following condition: 

 ,SVL η−≤&  (4.22) 
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where η  is a strictly positive constant. 

From (4.18) and (4.21), one has 

 ( ).2 eyufSSSV dnL &&&&& λω +−+==  (4.23) 

Substitution of (4.15), (4.19) and (4.20) into (4.23) gives, 
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 (4.24) 

If k is chosen as 

 ( ) ,
ˆ

11
2
1

2

2
1

eq
n

n

n

uFk
ω
ωη

ω
−++≥  (4.25) 

then condition (4.22) is satisfied which means that the system is stable. 

The total control output of the SMC now becomes 

 ( ) ( )..ˆ
ˆ
1

2 Ssignkeyfu d
n

−−+−= &&& λ
ω

 (4.26) 

This output is used as a reference input for the PID controller in the cascade 

configuration, as shown in Figure 4.5. 
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Figure 4.5 Cascade Sliding Mode – PID controller for non-delay systems 



4. Robust low-level control design  65 

 

If the system is subject to an external disturbance, the model becomes 

  ,2 dufy n ++= ω&&  (4.27) 

where d represents the disturbance and is bounded by D.  

Following the same design approach as above, the control law is obtained as 

 ( ) ( ),.ˆ
ˆ
1

2 Ssignkeyfu d
n

−−+−= &&& λ
ω

 (4.28) 

where k is chosen to satisfy 
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ω
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ω
 (4.29) 

It is noticed that the disturbance boundary is included in the robust control component 

to compensate for the effect of the disturbance. This ensures that the condition (4.22) is 

satisfied. If the system is linear and its modelling parameters are estimated correctly, 

condition (4.29) can be reduced to  

 ( ).1
2 η

ω
+≥ Dk

n

 (4.30) 

 

4.2.3 Sliding mode – PID controller for input-delay case 

In this section, the above control approach is extended to account for time-delay. The 

full design process which includes parts of the previous section is described here in the 

interest of simplicity.  

By cascading a SMC with the PID-controlled system as shown in Figure 4.6, the time-

delay system (4.2) becomes a plant described by 

 ( ) ( ) ( ) ( ),2 22
dnnn ttutytyty −=++ ωωδω &&&  (4.31)  
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where y is the output and u is the input. Equation (4.31) can be transformed to 

 ( ) ( ) ( ),2 tuttftty ndd ω++=+&&  (4.32)  

where  

 ( ) ( ) ( ).2 2
dndnd ttyttyttf +−+−=+ ωδω &  (4.33) 

As discussed in Section 4.2.1, due to nonlinearities the modelling parameters can vary 

within the ranges (4.8) and can be approximated by (4.10).  

In that case, the function ( )dttf +  (4.33) is approximated by  

 ( ) ( ) ( ).ˆˆˆ2ˆ 2
dndnd ttyttyttf +−+−=+ ωωδ &  (4.34)  

The approximation error is bounded by 

 ,ˆ Fff ≤−  (4.35) 

where F is now  

 ( ) ( ) ( ) ( ) .ˆˆˆ2 22
222 dnndnn ttyttyF +−++−= ωωωδωδ &  (4.36) 
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Figure 4.6 Cascade Sliding Mode - PID controller for time-delay systems 
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Let the control error be defined as 

 ( ) ( ),tyttye dd −+=  (4.37) 

where dy  is the reference input, and the sliding surface be chosen as (4.14). 

The control output again consists of an equivalent control for the nominal system (4.32) 

without uncertainties and a robust control to overcome the uncertainties of the system, 

as given in (4.15). 

From (4.37) and (4.14), one has 

 ( ) ( ) .etyttyeeS dd &&&&&&&&& λλ +−+=+=  (4.38) 

Substitution of (4.32) into (4.38) gives 

 
( ) ( ) ( ) .2 etytuttf

eeS

dnd &&&

&&&&

λω
λ

+−++=
+=

 (4.39) 

The equivalent control is obtained from 0=S&  for the nominal system, giving 

 ( ) ( ) ( )( ) .ˆ
ˆ
1

2 etyttftu dd
n

eq &&& λ
ω

−++−=  (4.40) 

The equivalent control (4.40) will guide the system from the initial state to the sliding 

surface S=0 if the nominal parameters apply. Now, in order to overcome the 

uncertainties of the system, the robust control is chosen as 

 ( ) ( ),. SsignktuR −=  (4.41) 

where the discontinuous gain k must be large enough to overcome the effects of 

uncertainties.  

The attainment of a sliding mode can be guaranteed by selecting first 2

2
1 SVL =  to be a 

Lyapunov function. The coefficient k shall be chosen to satisfy the condition (4.22). 
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Differentiation of VL gives 

 ( ) ( ) ( )[ ] .2 etytuttfSSSV dndL &&&&& λω +−++==  (4.42) 

Substitution of (4.15), (4.40) and (4.41) into (4.42) yields 
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If k is chosen to satisfy 
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then the Lyapunov stability condition (4.22) is satisfied. 

In the control law (4.40-4.44), the future values of the output and its derivative are 

required for the realization of the equivalent control and the robust control.  An output 

predictor is therefore employed to estimate these values by casting the prediction as a 

state estimation process. 

Consider a system with delayed input, written in the state space form: 

 ( ) ( ) ( ),dttutt −+= BxAx&  (4.45) 

where 
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The value of ( )dtt +x  can be extrapolated from (4.45) as  

 ( ) ( ) ( ) .
0

θθθ dtuetett
d

d

t

t
d ∫

−

− ++=+ Bxx AA  (4.49) 

Using the calculated output and its derivative, the equivalent control (4.40) can be 

realised with the assumption that the time delay is constant. 

It is noted that the SMC control outputs in (4.26), (4.28), and (4.41) have to be switched 

very rapidly to keep the system trajectory within a small neighbourhood of the sliding 

surface. A high frequency switching control is, however, very difficult to be achieved in 

practice due to the limitations of physical actuators. Because real systems cannot 

respond as rapidly as required, small oscillations around the desired value–chattering–

can occur in the responses. To reduce this effect, the signum function in (4.28, 4.41) can 

be replaced by a saturation function (Hung et al., 1993). However, as a trade-off, the 

robustness of the controller will be reduced. 

4.3 Simulation results 

In this section, the above control approaches are tested with a wide range of systems. 

Firstly, the engine throttle control is simulated as an example of the control design for a 

linear system. Secondly, for the nonlinear brake control system, a first-order Taylor 

series approximation is used to linearise the time delay between the input and output. 

Finally, the control design is verified for the actual brake system with the time-delay.  

4.3.1 Linear system: throttle control  

System modelling 

The actuator for controlling the engine throttle consists of a DC motor and a reduction 

gear system. It can be modelled as a DC motor with a suitable gain representing the gear 

ratio. The electrical and mechanical dynamics of a DC motor are described by (Franklin 

et al., 2002) as  
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 ,IKTBJ tmMmMm ==+ θθ &&&  (4.50) 

 ,Meemfmm KVeVIRIL θ&& −=−=+  (4.51) 

where Jm, Bm, Lm, and Rm are respectively the rotor inertia, viscous friction coefficient, 

armature winding inductance and resistance. V is the applied voltage and I is the 

armature current. Tm and emfe  are the motor torque and back electromotive force. They 

are related to the current and rotational velocity by constant factors Kt and Kem.  

From (4.50) and (4.51), the relationship between the motor position and the supplied 

voltage is obtained as 

 ( )( )[ ].emtmmmm
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KKRsLBsJs
K

V +++
=θ  (4.52) 

As the motor output is connected to the engine throttle through a gear system, the 

throttle position can be calculated by 
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where KG is the gear ratio. 

In practice, the electric time constant (Lm/Rm) is very small compared with its 

mechanical counterpart (Jm/Bm) and may be neglected. In this case, (4.53) becomes 

 [ ] ,
1+

=
ss

K
V m

me

τ
θ  (4.54) 

with the gain and time constant calculated as 

   ,
emtmm
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m KKBR

KKK
+

=  (4.55) 
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Control implementation and results 

To implement the proposed control approach, a PID controller is first designed for the 

system and its closed-loop response is obtained. With the actuator parameters chosen as 

listed in Table 4.1 and KP = 5, KI = 100, KD = 0, the system under PID control exhibits 

an overshoot around 64% at the peak time of 0.25s. The closed-loop system is then 

approximated by (4.6) and (4.7) with parameters calculated from (4.3) and (4.4) as 

   
.140

,rad/s5413
.

.n

=
=

δ
ω

 (4.57) 

These parameters are constant as long as the system is linear. Therefore, (4.10) 

becomes, 

   
.ˆ

,ˆ

21

21

δδδδ

ωωωω

===

=== nnnn  (4.58) 

The SMC is implemented with control law (4.28) and condition (4.30). Assuming that 

the system is perturbed by an external disturbance with amplitude around 20% of the 

maximum reference (100%), the condition can be chosen as k is 21%. 

The control output (%) with λ = 20 and a comparison in the responses between the PID 

and the proposed controller are shown in Figures 4.7 and 4.8. It can be seen that, with 

the PID controller only, a step reference (set-point) (Figure 4.7c) creates an oscillating 

voltage at the input of the motor (Figure 4.8a) and results in a large overshoot at the 

engine throttle shaft (Figure 4.8b). In contrast, the SMC modulates the PID input 

(control output of SMC, u) (Figure 4.7c) and the motor input (Figure 4.8a) to eliminate 

completely the overshoot while maintaining the desired setting time (Figure 4.8b). 

As noticed earlier, chattering can occur at the control outputs. A simple way of reducing 

this effect is to use a saturation function instead of a signum one. The results with 

reduced chattering are provided in Figures 4.9 and 4.10. The control output is smooth 

while the response is still very good as compared with the PID controller. 
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To test robustness of the controller, an external disturbance is added to the output of the 

motor shaft. Results are shown in Figure 4.11 for the original control using the sign 

function and Figure 4.12 for the control with the chattering reduction applied. In both 

cases, with a disturbance amplitude of around 20% of the reference, the SMC-PID 

response still follows the reference correctly while the PID response fluctuates over 

50%. 

TABLE 4.1 

THROTTLE SYSTEM PARAMETERS 

Parameter Value 

Jm 3.228 x 10-6 kg.m2s-2 

Bm 3.508 x 10-6 Nms 

Lm 2.75 x 10-6 H 

Rm 4 Ω 

Kt =Kem 0.027 Nm/A 

KG 1/30 
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Figure 4.7 Command for throttle control 
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Figure 4.8 Responses of PID controller and SMC-PID for throttle control 
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Figure 4.9 Command for throttle control (chattering reduction) 

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
-10

-5

0

5

10

15

P
ro

ce
ss

 in
pu

t(V
)

PID
SMC-PID

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
0

50

100

150

200

Time (s)

P
ro

ce
ss

 o
ut

pu
t(%

)

a)

b)

Reference
PID
SMC-PID

 

Figure 4.10 Responses of PID controller and SMC-PID for throttle control 
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Figure 4.11 Responses with external disturbance (with chattering) 
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Figure 4.12 Responses with external disturbance (without chattering) 
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4.3.2 Nonlinear system: brake control with Taylor series 

approximation for time-delay  

System modelling 

Figure 4.13 shows the basic block diagram of the brake system, which consists of an 

amplifier, the linear actuator, and the hydraulic cylinder. The amplifier is used in the 

torque mode which is equivalent to a current control loop. Assuming that the current 

control is ideal with very fast rise-time compared with mechanical response, the 

amplifier can be described by 

 ,.VKI a=  (4.59) 

where V and I are the input voltage and the current supplying for the actuator, and Ka is 

the amplifier's gain. 

The force produced at the output of the actuator is proportional to the supplied current:  

 ..IKF im =  (4.60) 

The output shaft of the actuator is connected directly to the brake piston. The piston's 

position can be obtained from the transform function  

 ( ) ( ),dm
mm

m
b FF

BsJs
K −

+
=θ  (4.61) 

where mm BJ ,  are the actuator’s inertia and viscous damping coefficient. In the above 

equation, Km is the equivalent gear ratio inside the actuator, and Fd represents the 

friction and drag force inside the cylinder which is considered as a disturbance. 

The input-output relationship of the hydraulic cylinder is rather complicated and need 

not be modelled. Here it is estimated from experimental data by using the least squares 

identification method as 

 ,778.2138.5374.1 2 +−= bby θθ  (4.62) 
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where both the output brake pressure y and the input piston’s position θb are normalised 

within their ranges. This approximation is close to the experimental data, as shown in 

Figure 4.14. 

As mentioned in Section 4.1, a time delay exists between the command input and output 

pressure response of the brake system. In this section, the time-delay is approximated by 

a first-order Taylor series approximation which renders the system non-delay, 

 ,
1

1
+

≅−

st
e

d

std  (4.63) 

where td is the time-delay. 
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Figure 4.13 Block diagram of the brake system 

 

TABLE 4.2 

BRAKING SYSTEM PARAMETERS 

Parameter Value 

Ka 2 AV-1 

Ki 440 NA-1 

Km 0.1815 

Bm 33 Nms 

Jm 0.323 kg.m2s-2 

td 0.2s 
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TABLE 4.3 

PID RESPONSES AND CLOSED-LOOP MODEL PARAMETERS 

Step input Overshoot (%) Peak time (s) Damping ratio Natural frequency 
(rad/s) 

10% 15.1 0.673 0.516 6.71 

25% 28.9 0.534 0.368 7.40 

50% 38.7 0.443 0.289 8.41 

75% 44.7 0.396 0.248 9.15 

100% 49.2 0.365 0.220 9.75 
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Figure 4.14 Estimated I/O relationship of the hydraulic cylinder 



4. Robust low-level control design  79 

 

0 0.5 1 1.5 2 2.5 3
0

50

100

150

Time (s)

P
ro

ce
ss

 o
ut

pu
t(%

)

Reference
Closed-loop response
Approximation

 

Figure 4.15 Responses of PID closed-loop and approximate model 

Control implementation and results 

Applying the proposed control approach described in Section 4.2.2, a PID controller is 

first used to control the brake pressure, where parameters of the system are provided in 

Table 4.2. The reference is taken from 5% to 100% of the maximum pressure. The PID 

controller is tuned manually to obtain fast responses. Characterisation of PID responses 

(overshoot and peak time) and the closed-loop estimations (damping ratio and natural 

frequency) with the proportional gain of 0.15 and zeros for the other gains is provided 

in Table 4.3 for different values of the reference. It can be seen that both the overshoot 

and peak time are influenced by the amplitude of the reference input. As a result, 

parameters of the estimated closed-loop model (4.6-4.7) vary. The modelling 

parameters lie in the ranges 

  
,52.02.0

,rad/s8.9rad/s7.6

≤≤

≤≤

δ

ωn  (4.64) 

and have geometric mean values given by (4.10): 
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The SMC is employed for the outer loop with control law (4.26). Due to the system's 

nonlinearity, there is a discrepancy between the actual responses of the braking system 

and of the model using mean parameter values (4.65), as shown in Figure 4.15. This 

mismatch can be overcome by using condition (4.25) with very small value of η. If a 

disturbance is present, condition (4.29) is used, where D is selected to account for the 

maximum disturbance. 

The SMC control outputs and responses with λ = 20 and η = 0.1 are shown in Figures 

4.16 and 4.17. With a step reference input, the PID control loop produces a large 

overshoot in the output pressure while the SMC shapes the PID input (Figure 4.16c) to 

force the output to become a non-overshoot response (Figure 4.17b). It is interesting to 

note that the fast rise-time is retained. Compared with the throttle control, the amplitude 

of the robust control is large (Figure 4.16b) which in turn, leads to a large oscillation in 

the input voltage (Figure 4.17a). This is necessary to overcome the nonlinearity and the 

modelling error. 

The large oscillation of the input voltage due to the robust control has an adverse effect 

on the actuator. To reduce this, the robust control is modified by a saturation function. 

Results are shown in Figures 4.28 and 4.29. It can be seen that the chattering is reduced 

significantly while the output responses are practically unchanged.  

The robustness of the SMC to the system's nonlinearity can be confirmed by setting 

different values for the reference input. Results with 50% and 10% of the maximum 

brake pressure are depicted in Figures 4.20 and 4.21. The responses are very good both 

in terms of no overshoot and fast settling time, compared with those of the PID 

controller. It is noted that the approximate model is close to the closed-loop system in 

the middle of the operating range (50%). At the reference of 100% and 10%, the 

difference between the model and the closed-loop response is rather large, as shown in 

Figure 4.15. Therefore, good results at 10% and 100% of set-point with a chattering 

reduction applied can account for the robustness of the controllers but a better treatment 

for the time delay effect would be worth pursuing. 
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Figure 4.16 Command for brake control  
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Figure 4.17 Responses of PID controller and SMC-PID for brake control 
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Figure 4.18 Command for brake control (chattering reduction) 
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Figure 4.19 Responses of PID controller and SMC-PID for brake control  
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Figure 4.20 Responses with 50% of maximum brake force 
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Figure 4.21 Responses with 10% of maximum brake force 
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Figure 4.22 Responses with external disturbance (with chattering) 
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Figure 4.23 Responses with external disturbance (chattering reduction) 



4. Robust low-level control design  85 

 

In order to test the response of the controller with disturbance, an external force with 

amplitude around 20% of the maximum actuator's force is applied on the brake piston. 

Results with D = 1000 are shown in Figure 4.22 for the original controller and Figure 

4.23 for the controller with chattering reduction. In both cases, under the disturbance, 

the SMC controller's responses vary less than 0.05% compared with around 30% for the 

PID controller.  

4.3.3 Nonlinear time-delay system: brake control with time-delay 

In this section, the brake system in Section 4.3.2 is considered again with a time delay. 

The control approach proposed in Section 4.2.3 is used for controlling the brake 

pressure. A PID controller is present in the inner loop, resulting equivalently in 

responses of a second-order system. Due to the nonlinearity and time-delay, the model 

parameters are varied within the ranges 

 
,7.02.0

,rad/s6.6rad/s2.6

≤≤

≤≤

δ

ωn  (4.66) 

and approximated by geometric mean values in their ranges as 
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=

=

δ

ω
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The SMC is implemented by applying equations (4.40-4.41). Condition (4.44) is used to 

overcome the mismatching between the closed-loop system and its approximate model, 

as shown in Figure 4.24. Future values of the output and its derivative are estimated by 

the predictor (4.49). The predictor is discretised by the following equation, 
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 (4.68) 

where  θΔ  = sample period, 

,dteA
1E =  
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The SMC control output and step responses of the system with 2=λ  are shown in 

Figures 4.25 and 4.26.  It is observed that the PID controller exhibits a large overshoot 

in the output (pressure) while the SMC is able to shape the PID input (i.e., the control 

output of SMC, u, shown in Figure 4.25c) and the process input (shown in Figure 4.26a) 

to result in a non-overshoot step response as shown in Figure 4.26b.  For the PID 

control, the overshoot reaches 50% while the proposed approach gives a very small 

amount of overshoot.  A small chattering around the desired value is encountered as 

commonly found in SMC. 
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Figure 4.24 PID closed-loop and approximate model responses 
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To deal with chattering, a saturation function is used instead of the signum function in 

(4.41).  The resulting control outputs and responses depicted in Figures 4.27 and 4.28 

show that chattering is alleviated and the overall responses look satisfactory.  However, 

a negligible overshoot may appear due to the trade-off between the SMC robustness and 

the chattering reduction. 

The responses of the output predictor can be compared with the actual outputs as shown 

in Figure 4.29 in both cases: with and without chattering reduction. With the robust 

control using a signum function, the predicted output fluctuates around the reference 

value. Because the SMC by nature involves a high, discontinuous gain, the error in the 

prediction can result in small ripples in the controlled output, as seen also in Figure 

4.26. Using a saturation function, the predictor output signal exhibits a smooth 

response, as can be seen in Figure 4.29. In overall, the predictor output tends to lead the 

actual output in time, however, is not exactly a time-shift version of the actual output. 

The controller has to overcome this mismatching to obtain reasonable responses. 

Responses of the system (with a saturation function used) at different operating points, 

namely 25%, 50% and 75% of the maximal braking effort, are shown in Figure 4.30.  

All responses indicate a significant reduction of the overshoot while the rise-time 

remains almost the same for various operating settings. Moreover, the settling time and 

steady-state accuracy are also preserved.  These results serve to demonstrate the 

expected robustness of the proposed controller at different operating points.  This 

verifies the effectiveness of the proposed approach. It is expected that the approach may 

be useful for control design for a general uncertain system with input time delay.  As a 

result of the reduction of throttle and brake response overshoot, driving or turning 

smoothness as an essential component of reliable and controllable UGV operations is 

therefore guaranteed. 
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Figure 4.25 Command for brake control with time-delay 
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Figure 4.26 Responses of PID controller and SMC-PID for brake control 
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Figure 4.27 Command for brake control with time-delay (chattering reduction) 
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Figure 4.28 Responses of PID controller and SMC-PID for brake control 
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Figure 4.29 Output predictor responses 
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Figure 4.30 Responses of PID and SMC-PID control at different operating points 
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4.4 Conclusion 

This chapter has presented effective methods to suppress overshoot of system responses 

under PID controllers for a wide range of systems varying from linear to nonlinear with 

and without time-delay. Based on an equivalent transfer function of the PID inner-loop 

system, a SMC is designed to shape the input of the PID so that overshoot of its step 

response is eliminated while robustness of other control performances is preserved. 

Simulation results for the throttle and the hydraulic brake control systems have 

indicated that the proposed method is very effective in achieving non-overshoot 

responses while maintaining the settling time and steady-state error at different 

operation settings and against large system uncertainties. 

The proposed approaches can be applied to control the engine speed, vehicle velocity 

and turning rate. The engine speed controller can be tested with the driveline model 

developed in Chapter 3. The velocity and turning rate controllers cannot, however, be 

verified without considering the interaction between the wheels and terrain because the 

vehicle behavior depends not only on the driveline and actuator responses but also on 

the terrain. Effects of different terrain types on the vehicle performances will be 

considered in the next chapter.  
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Chapter 5 

Vehicle-terrain interaction 

In Chapter 3, while considering the driveline model, interaction between the vehicle and 

terrain was ignored with an assumption that there was no slip between the wheels and 

terrain. The vehicle is intended for applications in unprepared areas, where the terrain 

characteristics strongly affect the vehicle performance. Ignoring the vehicle-terrain 

interaction during navigation can lead the vehicle to dangerous situations such as rolling 

over. In this chapter, the dynamic processes involved in this interaction are 

comprehensively analysed and an interaction modelling procedure is proposed for 

predicting the vehicle behaviour on different types of terrain. 

An introduction to vehicle-terrain interaction is given in the first section of this chapter. 

Section 5.2 presents the fundamental theory that applies to the interaction between a 

driven wheel and soft terrain. The theoretical development for predicting the 

performance of the UGV is described in Section 5.3. Simulation results and a validation 

with experiment data are given in Section 5.4. Finally, conclusions are drawn in the last 

section. 

5.1 Introduction 

As mentioned in Chapter 3, the UGV has eight wheels organized in a skid-steering 

configuration. When the vehicle is turning, the wheels slide on the ground, both in the 
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longitudinal and lateral directions. The influence of the terrain on the vehicle behaviour 

is, therefore, very complicated. Attempting to turn or stop when the vehicle is running at 

high speed or on slopes can result in undesirable or dangerous responses. For safe 

locomotion it is therefore required to have a good understanding of the interaction 

between the wheels and terrain. 

In analysing vehicle tractive performance, two main approaches have been used. In the 

first approach, tractive force is assumed to obey the Coulomb friction law, which is 

proportional to the normal load at the wheel (Creedy, 1985; Weiss, 1971) or the LuGre  

friction law (Canudas de Wit and C. Horowitz, 1999; Velenis et al., 2005). Different 

values of friction can be assigned for longitudinal and lateral motion. This approach is 

widely used for cars and trucks. For off-road vehicles, however, it is not completely 

applicable (Wong and Chiang, 2001).  

The other approach, proposed by Bekker (1969) and later developed as terramechanics, 

is based on soil mechanics and the measurement of terrain responses under similar 

conditions happened with vehicles (Wong, 2001). In the work therein, a rectangular 

plate was used to imitate the loading actions of wheels or tracks on terrain. Data 

collected in penetration experiments with a rectangular plate was used to derive the 

relationship between the pressure exerted on the terrain under the plate and the sinkage 

of the plate. Similarly, shear action of wheels/tracks on a terrain was simulated by a 

shear plate and the shear stress-shear displacement relation was obtained experimentally 

from shear tests. By assuming that the terrain interacts on wheels/tracks similarly as it 

does on a plate, reaction forces of the terrain on the vehicle can be obtained. Recently, 

many applications of terramechanics in analysing off-road vehicle mobility have been 

reported (Hutangkabodee et al., 2006; Iagnemma et al., 2004; Ishigami et al., 2007; 

Legnemma et al., 2004; Ojeda et al., 2006; Shiller, 2007).  

Other approaches have been proposed for skid-steering performance analysis, see 

Creedy, 1985; Weiss, 1971. However, in both approaches, reaction forces are assumed 

to follow the Coulomb friction which is not realistic for off-road vehicles. In a different 

approach, Wong and Chiang (2001) developed a comprehensive interpretation 

incorporating the terramechanics to predict skid-steering behaviours. However, their 

approach can only be applied to tracked vehicles because the reactions of terrain on the 
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skid-steering wheeled vehicles are different from and more complex than those on the 

tracked ones, although their steering principles are similar.  

In this chapter, the principles of terramechanics as applied for a rigid driven wheel in 

two dimensions (longitudinal and vertical) is extended to account for lateral motion and 

applied to all wheels of the UGV. The reaction forces on the wheels interacting with the 

ground are then combined with the vehicle kinetics to derive the vehicle dynamics both 

in straight line running and turning.  

5.2 Fundamental of terramechanics 

Let us consider a driven rigid wheel running on a deformable ground. Under the action 

of the vertical load and driving torque, the wheel compresses the soil to a sinkage z, as 

shown in Figure 5.1 (Iagnemma et al., 2004). The stress acting normal to the wheel-

terrain contact point, is derived from the sinkage z through the pressure-sinkage 

relationship (Bekker, 1969): 

 ( ) ( ) ,nc zk
b
k θθσ φ ⎟

⎠
⎞

⎜
⎝
⎛ +=  (5.1) 

 ( ) ( ),coscos 1θθθ −= rz  (5.2) 

where n is the sinkage exponent, ck , φk  are the pressure-sinkage moduli of the terrain, 

b is the wheel width, r is the wheel radius, θ is the contact angle at a considered point, 

and θ1 is the entry angle at which the wheel first makes contact with the terrain. 

The maximum normal stress point, θm, separates the contact zone into front and rear 

regions (θ1-θm and θm-θ2), where θ2 is the wheel angular location at which the wheel 

loses contact with the terrain. The normal stresses distributed on these regions are 

calculated by the following equations (Wong and Reece, 1967):  

 ( ) ( ) ,coscos 11
nnc rk

b
k θθθσ φ −⎟

⎠
⎞

⎜
⎝
⎛ +=  (5.3) 
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Experiments have shown that θ2 is very small so that it can be ignored and θm is often 

assumed to lie in the middle of the contact zone (Iagnemma et al., 2004). In this case, 

equation (5.4) becomes 

 ( ) ( )( ) .coscos 112
nnc rk

b
k θθθθσ φ −−⎟

⎠

⎞
⎜
⎝

⎛ +=  (5.5) 

For loose sand, saturated clay, sandy loam, and most distributed soils, the shear stress, 

which is the tangential component of the stress at the wheel-terrain contact point, 

exhibits an exponential relationship with respect to the shear displacement (Wong, 

2001): 

 ( ) ( )( )( ),1tan / Kjec −−+= φθσθτ  (5.6) 

where K is the shear deformation modulus, j is the shear displacement, c and φ  are 

respectively the cohesion and the internal friction angle of the terrain. 

Integrating the vertical and horizontal components of the shear and normal stresses 

along the contact zone gives the following force balance equations: 

 ( ) ( ) ,sincos
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2
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2 ⎥
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⎣
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and the wheel driving torque: 

 ( ) ,
1

2

2 ∫=
θ

θ

θθτ dbrT  (5.9) 
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where W, DP and T are the vertical load, horizontal force or drawbar pull, and the 

torque applied to the wheel axis. 
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Figure 5.1  Wheel-terrain interaction: free-body diagram  

5.3 Wheel-terrain interaction analysis 

In this section, a comprehensive analysis for a skid-steering wheeled vehicle is 

developed by making use of terramechanics theory. In general, shear displacements at a 

considered point on the wheel and in contact with the ground are obtained from the slip 

velocity of this point with respect to the ground. Shear stresses are then derived and 

further integrated over contact zones to give the reaction forces on all wheels. Figure 5.2 

shows a free-body diagram of the UGV considered in this thesis where the wheels are in 

contact with a deformable terrain. 

For the sake of enabling the analysis, the following assumptions are made: 

1. The ground is firm, flat and homogeneous. The wheel tyres are sufficiently hard 

relative to the ground to be considered as rigid. 

2. The shear stress-shear displacement relationship is uniform in all directions. 

3. During turning, the ‘bulldozing effect’ of the wheels in the lateral direction is small 

enough to be ignored. 

4. The shear stress developed at a wheel-terrain contact point is opposite to the 

direction of the slip velocity. 
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5. The vehicle incline angle resulting from wheel sinkage is small enough to be 

ignored. 

Assumption 1 is the necessary condition for applying terramechanics and is reasonable 

since the UGV wheels are much harder than soft terrains. Assumption 2 is required to 

derive the terrain lateral reaction, and is a consequence of Assumption 1.  Assumption 3 

is derived from the fact that wheel sinkage is very small and the lateral load that results 

from the bulldozing is very small compared to the lateral reaction forces. In addition, 

Assumption 4 is a fact according to Newton’s third law. It is used to derive the reaction 

forces in longitudinal, lateral, and vertical direction. Finally, Assumption 5 is reasonable 

as the rear wheel sinkage (z7 in Figure 5.2) is very small compared with the vehicle's 

length.  
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Figure 5.2  Vehicle free-body diagram on deformable terrain 
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5.3.1 Shear displacement 

The vehicle free-body diagram in Figure 5.2 shows a lateral view in part (a) and the 

projection on a horizontal plane in part (b). Assume that the centre of mass O is 

displaced at a distance d along the centreline of the vehicle from the centroid. Let the 

origin of coordinates system (X, Y, Z), that is fixed to the vehicle, be placed at the 

centre of mass. The Z-axis is pointing vertically upward and the X-axis is along the 

vehicle centreline. Let h be the height of the centre of mass above the ground, a be the 

longitudinal distance between successive axles, and 2B be the vehicle track width. 

Let us consider an arbitrary point Pi(xi, yi) on the rim of the ith wheel, ( 8,...,2,1=i ), 

which is in contact with the terrain. Positions of these points relative to the vehicle 

coordinate frame are: 
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where kj,i,  are unit vectors on X, Y, Z axis of the vehicle frame, and (xi, yi) are the 

Cartesian coordinates of the point Pi on the ith wheel frame (see Figure 5.2). 
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Generally, 
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where (Xi, Yi, Zi) are the Cartesian coordinates of the point Pi on the vehicle frame, and 

[ ]iE  is the largest integer that is less than or equal to i. 

Since the value of xi is  

 ,8..1,sin == irx ii θ  (5.11) 

where iθ  is the wheel-terrain contact angle at the point Pi, the coordinates ( )ii yx ,  can 

be equivalently represented by ( )ii y,θ .  

Let V and Ω be the velocity of the centre of mass and the vehicle turning rate with 

respect to a fixed frame that instantaneously coincides with the vehicle coordinate 

frame, and ωL, ωR be the angular velocity respectively of the left-side (i=1,3,5,7) and 

right-side (i=2,4,6,8) wheels. They are defined as: 
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 (5.12) 

The velocity at the centre of each wheel is given by 
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where 
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The total velocity at the contact point Pi(xi, yi) in the wheel frame of the ith wheel can be 

decomposed, as illustrated in Figure 5.3, into normal, tangential and lateral components, 

respectively, as: 
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where 
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Among these velocity components, 
inV  tends to compact the terrain to sinkage ( )iz θ  

while 
it

V  and 
il

V  respectively cause the contact point to shear the soil in the tangential 

and lateral directions. They govern the slip velocity of the considered point with respect 

to with a coincident point on the ground. 
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Figure 5.3  Velocity components at a contact point on the ith wheel  
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Thus, referred to the fixed frame that is instantaneously coincides with the vehicle 

coordinate frame, the slip velocity of the contact point Pi(xi, yi) can be expressed as: 
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Substitution of (5.10)-(5.14) into (5.15) gives 
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The longitudinal and lateral slip ratios, relative to the ground, are defined as 
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for any point in the contact zone. Furthermore, by integrating these shearing rate 

components from the position where the wheel first makes contact with the ground to 

the considered point, the shear displacements at the given point in the X, Y and Z 

directions can be obtained as  
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To obtain explicit expressions for these shear displacements one can assume that 

velocities iω , XV , YV , Ω  are slowly time-varying and can therefore be considered as 

constants in the short interval of the integration. Then, 
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Note that if ωi is zero, i.e. the wheel is locked, (5.19) is singular and cannot be used. In 

this case, the shear displacement components can be calculated by 
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where the integral limit, Δt, is the interval from the moment ωi approaches zero until the 

current time. 

The magnitude of the shear displacement at the wheel-terrain contact point Pi(xi, yi) is  

 .8,...,2,1,222 =++= ijjjj
iii ZYXi  (5.21) 

5.3.2 Shear stress, normal stress and reaction force 

Under the normal and the shear pressures at the contact point, the ground reacts with a 

certain amount of shear stress ( )iii y,θτ  determined by (5.6), where the shear 

displacement is given by (5.21). 

Components of the shear stress along X, Y, and Z directions can now be derived using a 

transformation from standard spherical coordinates to Cartesian coordinates (see 

Appendix A) as 
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where the minus sign denotes a stress in the opposite direction to the slip velocity 

(Assumption 4), which is specified by angles iα  and iβ  in spherical coordinates 

(Appendix A): 
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As the normal pressure is distributed in the vertical plane, the components of the normal 

stress are  
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The reaction force acting on each wheel is the reaction to the normal stress and shear 

stress distributed on the wheel.  Thus, the total force, acting on a very small contact area 

around the point Pi(xi, yi), expressed in its increment, is determined by: 
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where iii dyrddA θ=  is an incremental area around the considered contact point. 

The total reaction force of the ground on the ith wheel when the considered point on the 

wheel is about to leave the contact is then obtained by integrating (5.25) over the terrain 

contact zone: 
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 (5.26) 

It is interesting to note that if the lateral component of the slip velocity in (5.16) is 

negligible then the first and third expression of (5.26) becomes the drawbar pull DPi and 

vertical weight Wi of each wheel, as given by (5.8) and (5.7) respectively. 
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5.3.3 Vehicle kinetics  

In normal operation, the total reaction forces on the wheels determine the vehicle 

acceleration, support the vehicle mass, and overcome the turning resistance to turn the 

vehicle. The following force and moment balance equations can be obtained ( 02 ≅iθ  at 

the end of the contact) for the vehicle as a whole by summing over the eight wheels. 

• Acceleration: 
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where m=W/g, W is the vehicle weight, g is the gravitational acceleration, and aX and aY 

are the vehicle accelerations along longitudinal and lateral directions respectively.  

• Rolling resistance: 

The second term in (5.27) involving the normal stress indicates a resistive component 

against the tractive effort. Since the component of gravitational force is zero on flat 

ground, if the aerodynamic resistance and longitudinal drawbar load are negligible, the 

total rolling resistance is  
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• Weight balance: 

The vertical load supported by the ith wheel is 
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where Wi is the vertical load distributed on the ith wheel.  
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Total vertical load supported by the vehicle is 
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• Rolling and turning moment: 

The rolling and pitching moments around the X and Y axis can be derived as  
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and similarly for the turning moment: 
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where in normal conditions of the vehicle on a flat ground, rolling and pitching 

moments (5.31a, 5.31b) are zero, and IZ is the vehicle moment of inertia around Z axis. 

• Moment of turning resistance: 

It is noted that while the first term in (5.32) denotes the total thrust required at the 

vehicle track width in skid steering to create a turning moment, the second term in 

(5.32) represents the moment of turning resistance due to the lateral components of the 

shear stresses acting on the wheels: 
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5.3.4 Vertical load distribution  

The vehicle weight is in general distributed on each wheel according to its position and 

the vehicle acceleration. For simplicity, it is assumed that all stresses can be 

concentrated on the origin of each wheel frame (xi = yi = 0). The rolling and pitching 

moments (5.31) of the vehicle on flat terrain then become  
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While at the end of the wheel-terrain contact 
i2θ is approximately zero (Iagnemma et al., 

2004), the entry angle 
i1θ at the beginning of the contact is of particular interest when 

interpreting the wheel-terrain interaction. To determine this angle, one would make use 

of the vehicle weight balance (5.30) to solve a set of independent equations. One way to 

do this is to assume that the reaction force on Z direction on each wheel is linearly 

related to its position  (Xi, Yi) on the vehicle frame by (Waldron, 2004): 
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where q, v, and w are variables to be determined. Substitution of (5.35) into (5.30b), 

(5.34a) and (5.34b) with the accelerations in (5.27) and (5.28) taken into account leads 

to a set of three independent equations, from which one can obtain 

 

( )( )

( )

.
8

,
10

,454
40

2

2

22
2

B
hmaw

a
hagdmv

hdaadg
a

mq

Y

X

X

−=

−=

−+=

    (5.36) 

Then, the vertical loads acting on each wheel can be determined from (5.35) as 

 ( )( ),5665
401 YX ahaBhaBgda

aB
mW −−+=  

 ( )( ),5665
402 YX ahaBhaBgda

aB
mW +−+=  

 ( )( ),5225
403 YX ahaBhaBgda

aB
mW −−+=  

 ( )( ),5225
404 YX ahaBhaBgda

aB
mW +−+=  

 ( )( ),5225
405 YX ahaBhaBgda

aB
mW −+−=  (5.37) 

 ( )( ),5225
406 YX ahaBhaBgda

aB
mW ++−=  

 ( )( ),5665
407 YX ahaBhaBgda

aB
mW −+−=  

 ( )( ).5665
408 YX ahaBhaBgda

aB
mW ++−=  



5. Vehicle-terrain interaction  109 

 

These loads, in turn, are distributed over the wheel-terrain contact zones in terms of the 

normal stress as given in (5.1) or (5.3)-(5.5), and compress the ground to wheel 

sinkages zi, 8,...,2,1=i . Angle 
i1θ , at which each wheel first enters in contact with the 

terrain, can be determined by solving (5.30a) and the right hand side is the weight 

distributions given in (5.37), e.g. by using some search algorithm. For this, a simple 

algorithm is proposed, as shown in the flow chart of Figure 5.4. A binary search 

algorithm can be applied for a fast solution. 

When the vehicle moves in a straight line, following wheels will run in the rut of all 

preceding wheels, which gives rise to repetitive loadings on the soil. Taking this 

phenomenon into account, the normal stress distributions (5.3) and (5.5) for 2≥i  

(i=3,4,..,8) are rewritten as 
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where 2−iz  (i=3,4,..,8) are the residual sinkages that remain in the ruts after all preceding 

wheels have passed. 

Depending on the degree of elastic rebound of the terrain, the remaining sinkage may 

change from zero (fully elastic) to ( )
imiz θ2−  (fully plastic). It should be noted that in 

turning, a follower wheel may run partially in a previous rut or even in a different path. 

In any case the remaining sinkage when turning still lies between these extremes. 

5.3.5 Interaction modelling procedure 

The above analysis provides a general framework for characterising the wheel-terrain 

interaction. The proposed model can be incorporated in a computer algorithm to predict 

velocity profiles and interaction characteristics of the vehicle, given its geometry and 

terrain parameters. The inputs to the algorithm are the left and right wheel speeds, 

measured from the wheel encoders or from the outputs of the vehicle driveline model. 

Initial conditions at time step k = 1 are obtained either from experimental data (e.g. from 
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GPS position measurements) or from calculations of the vehicle velocities for the no-

slip case. The following procedure is suggested for stepping from discrete time step k to 

time step (k+1). 

(i) Data collection and update:     

Read )(  ),( kk RL ωω  at time step k. Assign current values for vehicle positions, 

velocities and accelerations.  

(ii) Wheel vertical load computation:    

From previous acceleration values, compute the wheel vertical loads given in 

(5.37). Search for entry angle 
i1θ  using a binary search to satisfy (5.30a) (Figure 

5.4). 

(iii) Slip velocity and displacement computation:    

Compute slip velocity components (5.16), and shear displacements (5.21). 

(iv) Normal and shear stress computation:    

Compute normal stresses (5.38), shear stresses (5.6) and their X, Y, and Z 

components (5.22). 

(v) Next state computation:         

Compute the accelerations aX(k+1), aY(k+1) according to (5.27) and (5.28) and 

the turning acceleration )1( +Ω k&  according to (5.32), then calculate the next 

values of velocities )1(  ),1( ++ kVkV YX  and turning rate Ω (k+1). Obtain the 

vehicle position at (k+1) in the fixed coordinate frame (Appendix B).  
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Figure 5.4  General flow chart for entry angle search 

5.4 Simulation results and experimental verification  

In this section, the main results from the vehicle-terrain interaction analysis are verified 

in simulation and compared with experimental data obtained from a field test. Terrain 

parameters used in the simulation are provided in (Wong, 2001) as listed in Table 5.1. 

All terrains are assumed to behave as plastic media. Geometrical parameters of the 

UGV are given in Table 5.2. Given initial conditions of the vehicle and readings of the 

left and right wheel angular speeds, the objectives are: 

• To use the proposed dynamic model of the interaction to predict all future 

velocity profiles; 

• To obtain the vehicle running path, particularly its performance during skid-

steering turning; and 

• To validate the simulation with field test results.  
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TABLE 5.1 
TERRAIN PARAMETERS 

Terrain c 
(kPa) 

φ 
(o) 

kc 
(kN/mn+1)

kφ 
(kN/mn+2) 

n K 
(m) 

Dry sand 1.04 28 0.99 1528 1.10 0.010

Sandy loam 1.72 29 5.27 1515 0.70 0.025

Clayed soil 4.14 13 13.19 692 0.50 0.006

Dry clay 68.95 34 12.70 1556 0.13 0.006

 
TABLE 5.2 

VEHICLE PARAMETERS 

m 
(kg) 

Iz 
(kg.m2) 

r 
(m) 

b 
(m) 

a 
(m) 

B 
(m) 

d 
(m) 

h 
(m) 

490 309.43 0.25 0.246 0.61 0.61 0.17 0.35 

 

5.4.1 Simulation results 

The simulation presents a scenario when the vehicle is controlled to accelerate from 

zero in a straight line (during the interval 0-3s) and then make a skid-steered right turn 

(3-6s). The set of angular velocity data of the left-side and right-side wheels, as shown 

in Figure 5.5, obtained to steer the vehicle in the desired pattern is applied to the above 

vehicle-terrain interaction modelling procedure to predict the vehicle performance when 

operating on four different terrain types. The resulting vehicle trajectories are shown in 

Figure 5.6. The wheel slip ratio, vehicle velocity, rolling resistance and moment of the 

turning resistance can also be obtained from (5.17), (5.29) and (5.33) respectively, and 

they are shown in Figures 5.7, 5.8, 5.19 and 5.10. The results indicate that running paths 

of the vehicle on various terrains appear to be different under the same steering 

commands. The running path lengths are much less than the theoretical value, calculated 
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when no slip occurs, and decrease from dry sand, dry clay, clayed soil to sandy loam 

(see Figure 5.6). This is because the wheels slip on the ground (Figure 5.7) and vehicle 

therefore runs at smaller velocities than the theoretical value (Figure 5.8). 

On all terrains, wheel slip ratios are very large during acceleration. When the vehicle 

makes a turn the inner wheels slow down and their longitudinal slips are reduced in 

magnitude and change in direction. Meanwhile, the outer wheels tend to slide faster 

longitudinally (Figure 5.7). On dry sand, the slip ratio of the outer wheels significantly 

increases as compared with the other terrain types. 

Figure 5.9 shows that rolling resistance slightly increases when turning. The effect is 

smallest on dry clay, with clayed soil coming next, then sandy loam, and finally, dry 

sand. Likewise, the turning resistance moment of dry clay is smallest, next is sandy 

loam, then clayed soil, and dry sand coming last (Figure 5.10). This indicates that the 

vehicle manoeuvrability on dry clay is much better than on dry sand.  
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Figure 5.5  Wheel angular velocities used for the simulation 
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Figure 5.6  Vehicle trajectories predicted on different terrains 
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Figure 5.7  Wheel slip ratios on different terrains 
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Figure 5.8  Vehicle velocities on different terrains 

0 1 2 3 4 5 6
0

100

200

300

400

500

600

700

800

900
Rolling resistance

Time (s)

N

Dry sand
Sandy loam
Clayed soil
Dry clay

 

Figure 5.9  Rolling resistances on different terrains 
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Figure 5.10  Turning moment resistances on different terrains 

5.4.2 Comparison with experimental data 

Several experiments were conducted on a farm near Marulan in the Southern Tablelands 

region of New South Wales on the 150 meridian. Position data were logged from 

differential GPS and used to validate the proposed interaction model.   

A segment of wheel speed data, including a turn, recorded during the UGV operation on 

the dry, brown land in Marulan is input to the interaction model with initial conditions 

calculated from GPS data. Future states of the vehicle on different terrains are estimated 

over a five second period and compared with GPS data recorded during the experiment. 

Results are shown in Figure 5.11. It can be seen that with the same pattern of wheel 

speeds (Figure 5.12), the predicted trajectory of the vehicle is rather coincident with the 

experimental running path, and the terrain is most like the clayed soil type. It is noted 

that here the origin of the earth coordinate system is placed at the initial position of the 

vehicle.  
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Figure 5.11  Vehicle trajectories: compared with experimental data 
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Figure 5.12  Wheel angular velocities: experimental data using for the comparison 
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5.5 Conclusion 

This chapter has presented a comprehensive analysis for the wheel-terrain interaction of 

the skid-steering UGV. The novel interaction model takes into account the vehicle 

kinetics and the relationship between shear stress and shear displacement in deformable 

ground to characterize analytically the performance of the vehicle during contact with 

the terrain. Reaction forces, slip ratios, rolling and turning moments can be calculated. 

A procedure is proposed for computing these interaction parameters. The model was 

tested in simulation with four types of typical terrains and compared with field test data. 

Future positions of the vehicle predicted by the model from the current state are close to 

the experimental trajectory, which indirectly verifies its validity. In the next chapter, a 

fast algorithm will be developed for one-line applications of the vehicle-terrain 

interaction analysis. 
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Chapter 6 

Fast algorithm for terrain interaction 

analysis 

In Chapter 5, a comprehensive analysis for the vehicle-terrain interaction had been 

developed. Using the proposed procedure, the vehicle behaviours on different terrains 

can be predicted. Solving the integral equations in the procedure is, however, time-

consuming. The developed theory is therefore not suitable for on-line applications 

which require rapid solutions. In this chapter, a fast algorithm is developed to speed up 

the computation process. 

The problem of concern is introduced in the first section. The proposed algorithm is 

developed in Sections 6.2, 6.3, and 6.4. Comparisons with the original procedure are 

provided in Section 6.5 and a conclusion is drawn in the last section. 

6.1 Introduction 

In the vehicle-terrain interaction analysis developed in Chapter 5, the behaviour of the 

vehicle on soft terrain is predicted from the reaction forces of the terrain acting on the 

wheels. The reaction force is derived by integrating the normal stress and shear stress 

over the contact patch. The normal stress itself is an exponential function of the wheel 

sinkage (5.1) which is in turn related to the contact angle address by equation (5.2). 
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Meanwhile, the shear stress is also an exponential function of the shear displacement, 

with the amplitude determined by the normal stress. The distribution of normal stress 

along the contact zone depends on the terrain properties and the vertical load on the 

wheel. As shown in Figure 6.1, this distribution is nonlinear, especially for clayed soil 

and dry clay. The situation for the shear stress is more complex as it also depends on the 

shear displacement which can change from time to time. Consequently, there are no 

direct approaches available for solving the integral equations given in Chapter 5. 

Instead, they are usually approximated by recursive algorithms such as adaptive 

Simpson quadrature or adaptive Lobatto quadrature. As a result, the terrain interaction 

modelling procedure runs quite slowly, limiting the application of the proposed 

analysis. A faster method is highly desirable. 

With regard to this particular problem, there has been little research effort reported in 

the literature. In (Shibly et al., 2005), based on an observation that the normal and shear 

stresses under a rigid driven wheel are nearly linear, a new version of the basic wheel-

terrain interaction equations (5.1-5.9) is developed. By approximating the normal stress 

and shear stress by straight lines going through their start and end points, as shown in 

Figure 6.2, the integral equations (5.7-5.9) can be solved directly, and solutions quickly 

found. Figure 6.1 indicates, however, that the distribution of normal and shear stresses 

is near-linear only for dry sand. For other terrain types, they are highly nonlinear and 

Shibly’s method can lead to large errors. In addition, this approach can be applied only 

if lateral forces on the wheels are ignored.  

In this chapter, Shibly’s idea is refined to yield an efficient algorithm without losing 

accuracy. The stress is also approximated by a straight line going through its maximum 

stress point. The other point of intersection between the actual stress and its linearised 

approximation is chosen so that effects of the approximation error on the vehicle 

performance are minimised (Figure 6.2). The modified method is applied for all 

components of normal stress and shear stress in the longitudinal, lateral, and vertical 

directions and new equations for the reaction forces are obtained from that linearisation. 

A new version of the vehicle-terrain interaction analysis that does not involve involving 

integral equations is then developed, thus alleviating the computational demands. The 
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new development is verified by comparison with the original version given in Chapter 5 

and with Shibly’s method, both in terms of computation speed and accuracy.  
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Figure 6.1  Distribution of normal stress, shear stress, and shear displacement 

under the first wheel on different terrain types 
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Figure 6.2  Linearisation of normal stress: (a) Shibly's method, (b) modified 

method 
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6.2 Linearisation of normal stress 

In this section, normal stress beneath a wheel is linearised so that its integral can be 

obtained in closed form. Criteria are first chosen to minimize the approximation error, 

and then two methods for normal stress approximation are developed. 

6.2.1 Approximation criteria 

Let us consider the normal stress under the ith wheel of the UGV, as shown in the 

diagram of Figure 5.2. The distribution of the stress is divided into front and rear 

regions by the maximum stress point 
imθ (5.38): 
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As mentioned in Chapter 5, depending on the degree of elastic rebound of the terrain, 

the remaining sinkage 2−iz may change from zero (fully elastic) to ( )
imiz θ2−  (fully 

plastic). For the front wheels, 2−iz are zero. Let us first consider the case when 2−iz  is 

zero, which applied to the first and second wheels or to all wheels on fully elastic 

terrain, as shown in Figure 6.1. 

As the stress is normal to the wheel rim, its components in the X and Z directions are 

(5.24),  
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In most cases, the contact angle iθ  is small, and as a result, 
iXσ  is very small compared 

with 
iZσ . The largest influence of the normal stress is on the reaction force in the Z 

direction, as (5.26) 
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If the normal stress is approximated so that its effect on the component 
iZF is not 

changed, then the error due to the approximation will be minimised. This is the criterion 

applied for the proposed method, described in the following. 

6.2.2 Method 1 

As mentioned in the first section, the normal stress is approximated by a straight line 

passing through the maximum stress point and a point on the stress curve, as shown in 

Figure 6.2. The position of this point will be determined so that the approximation 

criterion is satisfied. 

In general, the linear approximation of the normal stresses in the front and rear regions 

can be described by  
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where 
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cckk 2121 and,,, are constants to be determined. 

As the stress and its approximating lines intersect at the maximum stress point, (6.4) 

becomes 
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where 
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The angular coefficients of the approximations are chosen so that 
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where 
ii

AA 21 and are constants assigned for the expressions in the right hand side of 

(6.7). 

Substitution of (6.5) into (6.7) gives 
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The angular coefficients can then be derived from (6.8a) and (6.8b) as 
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6.2.3 Method 2 

The difference between the normal stress and its component in the Z direction is 

insignificant, as seen in Figure 6.5. The angular coefficients of the approximations can 

therefore be chosen so that 
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Substitution of (6.5) into (6.7) gives 
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This yields 
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The other coefficients of the approximation are the same as in Method 1 (6.6). 

Simulation shows that the results using Method 2 are nearly the same as those that result 

from using Method 1. The difference is less than 0.17% of the angular coefficient. 

It should be noted that if ,02 =
i

θ and 2/1iim θθ = (as assumed in Chapter 5), the stress is 

symmetric and therefore 
ii

kk 12 −= . In this case, the computation for the approximation 

of the shear stress in the rear region is not necessary owing to symmetry.  
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Figure 6.3  Linearisation of normal stress 

6.2.4 Results 

Results of the proposed linearisation methods are shown in Figure 6.3 in comparison 

with those of Shibly's method. It can be seen that the approximation in Shibly's method 

is only close to the actual normal stress on dry sand. For other terrains, the difference is 

very large. In contrast, using the modified approach gives a linearised stress that is less 

than the actual stress in a range of the contact angle, but larger outside of the range. 

Over the contact zone, however, the largest effect of the stress on the vehicle 

performance is retained, and as a result, the error of the approximation is smallest.  

Let 
ix1θ  and 

ix2θ  be the contact angles at which the normal stress intersects its 

approximations in the front and rear regions respectively. Simulations using the 

proposed methods with experimental wheel data collected from a field test, as presented 

in Figure 5.12, show that on a given terrain, the ratios 
iix 11 /θθ  and 

iix 12 /θθ  are almost 



6. Fast algorithm for terrain interaction analysis 127 

 

constant with different values of 
i1θ , as shown in Figure 6.4. This is a great advantage 

because it is not necessary to recalculate angles 
ix1θ  and 

ix2θ  each time when the entry 

angle changes. Instead, the average values of these ratios can be used: 
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As the intersections of the normal stress and its approximations can be derived from 

(6.13) and (6.14), the approximating lines can now be simply described as 
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Figure 6.4  Distribution of the angle ratios for the normal stress approximation 

From (6.12), (6.13), and (6.2), components of the normal stress in the X and Z 

directions can be derived and substituted in the vehicle-terrain integral equations. If the 

stress components are also linearised, the fast version of vehicle-terrain analysis can be 

further simplified. From the observation that the shapes of normal stress and its 

components in the X and Z directions are near-identical (Figure 6.5), the same 

intersection points in (6.12) and (6.13) can be used to approximate the stress 

components as follows 
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Figure 6.5  Normal stress and its components 
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It should be noted that if Shibly’s method is applied to the normal stress components, 

the variables 
ix1θ and 

ix2θ in (6.17-6.20) will be replaced by 
i1θ and 

i2θ , respectively. 

Both Shibly’s and the above methods can be applied for all wheels.  

6.3 Linearisation of shear stress 

In this section, the shear stress acting on a wheel is expressed in a new spherical 

coordinate system to derive criteria for minimizing the approximation error. Two 

methods are then developed for approximating the shear stress. 

6.3.1 Approximation criteria 

Let us consider the shear stress under the ith wheel with sliding velocity components in 

the X-Z plane, as shown in Figure 6.6a, in the horizontal plane (Figure 6.6b), and in a 

new spherical coordinate system, as shown in Figure 6.6c. In this spherical coordinates, 

θi becomes the azimuth. The other angle, ϕi, is the elevation and measure the angle 

between the shear stress and its projection on the X-Z plane. In the new spherical 

coordinates, components of the shear stress are given by 
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where the elevation angle, ϕi, can be calculated from the angle between the sliding 

velocity and its projection on X-Z plane as 
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and the components of the sliding velocity are determined from the vehicle velocity  

(VX, VY), turning rate (Ω) and wheel speed (ωi) (5.13-5.15) as 
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As noted above, the contact angle iθ  is small so that 
iZτ is very small compared with 

iXτ . When the vehicle runs in a straight line, the elevation angle ϕi is zero and so is 
iYτ .  

In most cases, therefore, the largest effect of the shear stress is on its component along 

the X direction 
iXτ . This component, in turn, is the main contribution to the longitudinal 

reaction force, or drawbar pull, expressed in (5.26) as 
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If the shear stress is approximated so that its effect on 
iXF is unchanged, then the error 

of the approximation is smallest. This is the criterion applied in the following proposed 

methods. 
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Figure 6.6  New representation of shear stress 
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6.3.2 Method 3 

Like the normal stress, the shear stress in each region is approximated by a straight line 

through the maximum stress point and a point on the stress curve. The position of this 

point will be determined so that the approximation criterion is satisfied. 

In general, the linearisation can be described by 
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where 
iiii

cckk 4343 and,,, are constants to be calculated. 

Because the stress and its approximating lines intersect at the maximum stress point, 

(6.25) becomes, 
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To satisfy the approximation criteria, the angular coefficients of the approximations are 

chosen so that 

 

( ) ( )

( ) ( ) .coscosˆ

,coscosˆ

422

311

22

11

i

im

i

i

im

i

i

i

i

im

i

i

im

i

Add

Add

iiiiii

iiiiii

==

==

∫∫

∫∫

θ

θ

θ

θ

θ

θ

θ

θ

θθθτθθθτ

θθθτθθθτ

 (6.28) 

Substitution of (6.26) into (6.28) gives, 
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The angular coefficients are then determined as 
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6.3.3 Method 4 

If the inner wheels are locked during turning, the elevation angle ϕi can reach 450, as 

determined from (6.22) and (6.23). In that case, the component of shear stress in the X 

direction 
iXτ  is considered nearly the same that in the Y direction 

iYτ . Taking this 

observation into account, the angular coefficients of the approximations can be chosen 

so that 
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Substitution of (6.26) into (6.31) gives, 
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The angular coefficients can now be obtained as 
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Other approximation coefficients, ,and 43 ii
cc  are the same as in Method 3 (6.27). 

Simulation shows that results from Method 4 are nearly the same with Method 3. The 

difference is less than 0.16% of the angular coefficient. 

6.3.4 Results 

Results of the proposed approaches are shown in Figure 6.7 in comparison with 

Shibly’s method. It can be seen that in the front region, the stress is nearly linear; as a 

result, the differences among the approximations and the actual stress are small. In the 

rear region, however, the linearisation result from Shibly’s method is far away from the 

stress, especially for sandy loam, clayed soil, and dry clay. In contrast, in the proposed 

methods, the ‘area’ under the approximating line is maintained the same with that of the 

actual stress which can minimise the approximation error.  
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Figure 6.7  Linearisation of shear stress 

Let 
ic1θ  and 

ic2θ  be the contact angles at which the shear stress intersects its 

approximations in the front and rear regions respectively. Simulations with 

experimental data, as presented in Figure 5.12, show that on a given terrain, the ratios 

iic 11 /θθ  and 
iic 12 /θθ  do not vary much when 

i1θ or wheel slip changes, as shown in 

Figure 6.8. The average values of these ratios, calculated with different values of 
i1θ and 

slip ratio, can therefore be used to derive 
ic1θ  and 

ic2θ  instead calculating 
ic1θ  and 

ic2θ  

each time 
i1θ  or slip ratio changes.  
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Figure 6.8  Distribution of the angle ratios for shear stress approximation 

 

As the intersections of the normal stress and its approximations are derived from (6.34) 

and (6.35), the straight lines for approximation can now be expressed by 
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From the observation that the shapes of shear stress and its components in the X, Y and 

Z directions are nearly similar, as shown in Figure 6.9, the same intersection points in 

(6.36) and (6.37) can be used in approximating the shear stress components as follows 
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Figure 6.9  Shear stress and its components in a moderate turn 



6. Fast algorithm for terrain interaction analysis 139 

 

It is noted that if Shibly’s method is applied to the approximation of the shear stress 

components, then angles 
ic1θ and 

ic2θ in (6.38-6.43) will be replaced by 
i1θ and 

i2θ , 

respectively. Both Shibly’s and the proposed methods can be applied for all wheels. If 

the ground behaves as a plastic medium, due to the remaining sinkage, 2−iz  in (6.1), the 

normal and shear stresses of the follower wheels (i=3,4,…,8) are nearly linear. In that 

case, the differences between the actual stresses and their linearisations are not 

significant, even for Shibly’s method. 

6.4 Vehicle-terrain interaction analysis algorithm 

In the terrain interaction analysis developed in Chapter 5, the behaviour of the vehicle 

on a given terrain is predicted from the turning moment and reaction forces of the 

terrain on the vehicle. These variables are obtained from the integrals of components of 

normal and shear stresses. In this section, the above approximations of the stresses are 

employed to derive explicit equations for the terrain interaction model, and thus result 

in a fast algorithm for the analysis.  

6.4.1 Reaction forces 

The total reaction forces of the ground on the ith wheel is determined by (5.26), 
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All integrals in the analysis of the terrain interaction are of a double type. Integrals 

along θi of the above approximation can easily be computed. Normal stress is 

independent of yi and its integral along yi can therefore be obtained directly. Shear stress 

is also independent of yi if the turning rate is zero. During turning, the shear stress may 
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change along the yi axis as the shear displacement is varying. However, as shown in 

Figure 6.10, the differences among shear stresses at the both sides (yi=± b/2) and in the 

middle (yi =0) of a wheel in a moderate turn are very small. It can therefore be assumed 

that shear stress at any point (θi, yi) in the contact zone is the same as that at the point 

(θi, 0) on the centre line of the wheel. In that case, (6.44) becomes 
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Figure 6.10  Distribution of shear stress along yi at a turning rate of -0.39 rad/s 
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Substituting the approximations of stress components (6.17-6.20, 6.38-6.43) into (6.45) 

gives 

 

( ) ( )[ ] ( ) ( )[ ]

[ ] [ ]

( ) ( )[ ] ( ) ( )[ ] .ˆ

,ˆ

,ˆ

2

1

1

2

1

2

31314242

3344

31314242

⎥
⎥
⎦

⎤

⎢
⎢
⎣

⎡
+++++++=

⎥
⎥
⎦

⎤

⎢
⎢
⎣

⎡
+++=

⎥
⎥
⎦

⎤

⎢
⎢
⎣

⎡
+++++++=

∫ ∫

∫∫

∫∫

im

i

i

im

iiiiiiiii

i

im

ii

im

i

iii

i

im

iiii

im

i

iiiii

iZZiZZiZZiZZZ

iYiYiYiYY

iXXiXXiXXiXXX

dcckkdcckkrbF

dckdckrbF

dcckkdcckkrbF

θ

θ

θ

θ

θ

θ

θ

θ

θ

θ

θ

θ

θθθθ

θθθθ

θθθθ

(6.46) 

Solving (6.46) leads to 
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With the assumption that 02 =
i

θ  and the maximum stress occurs in the middle of the 

contact zone, i.e. 
iim 12

1θθ = , (6.47) becomes 
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6.4.2 Vehicle kinetics 

• Acceleration and weight balance: 

Substitution of (6.48) into equations (5.27, 5.28, and 5.30) gives the total reaction forces 

in the X, Y, and Z directions as 
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• Turning moment: 

The turning moment is determined from (5.32) as 
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With the assumption that the approximations of stresses are independent of yi, the first 

term, C1, in (6.53) is calculated as 
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The second term, C2, in (6.53) can be expanded as 
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Substitution of (6.39) into the third term, C3, gives 
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From (6.53-6.56), the turning moment now becomes 
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6.4.3 Terrain interaction modelling procedure using fast algorithm 

The modelling procedure of the vehicle-terrain interaction analysis presented in Chapter 

5 is now combined with the proposed fast algorithm as described below: 

(i) Data update:     

Read )(  ),( kk RL ωω  at time step k. Assign current values for vehicle position, 

velocities and accelerations.  

(ii) Wheel vertical load computation:    

From previous acceleration values, compute the wheel vertical loads given in 

(5.37). Solve equation (6.52) to obtain the entry angle of each wheel, 
i1θ , so that 

the reaction force acting on the wheel in the Z direction ZiF̂ balances the vertical 

load. 

(iii) Linearisation of normal and shear stress:    

Compute shear displacements (5.21), normal stresses (6.1-6.2), and then shear 

stresses (6.21) in the X, Y, and Z directions at 
i2θ (0), 

imθ , and 
i1θ  of the contact 

angle with yi = 0. 

Compute the coefficients of the linear approximations of normal and shear 

stresses (6.15-6.20, 6.36-6.43). 

 (iv) Next state computation:         

Compute the accelerations aX(k+1), aY(k+1) according to (6.49), (6.50), turning 

acceleration )1( +Ω k&  according to (6.57), then the next values of ),1( +kVX  

)1( +kVY  and turning rate Ω (k+1). Obtain the vehicle position at (k+1) in the 

fixed coordinate frame (Appendix B).  
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6.5 Comparison of results 

In this section, the main results from the proposed algorithm are compared with those of 

the original version of the vehicle-terrain interaction analysis in Chapter 5 in terms of 

accuracy and computation speed. The effectiveness of the proposed methods is also 

verified through comparison with Shibly's approach. Terrain parameters and 

geometrical parameters of the UGV used in this section are the same as were given in 

Table 5.1 and Table 5.2.  

The vehicle trajectories predicted from the original version and this algorithm with the 

same pattern of wheel angular velocities used in Chapter 5 (see Figure 5.11) are shown 

here in Figure 6.11. It can be seen that on clayed soil, the result from the proposed 

approach coincides with that from the benchmark, which is the solution of the original 

terramechanics equations described in Chapter 5. In turn, the proposed approach 

produces results very close to the experimental position data obtained from DGPS. 

Similar results are also encountered on other terrains. In reference to the benchmark, on 

average the closed-form version of the terrain analysis runs 74.11 times faster.  

For the purpose of comparison with Shibly's method in terms of accuracy, the terrains 

are assumed to behave like those elastic media in which the error of linearisation is 

largest. Results on clayed soil are shown in Figures 6.12 and 6.13 for the vehicle 

drawbar pull and turning moment respectively. It can be seen that results from the 

approach proposed in this chapter are almost identical to those of the terramechanics 

benchmark while results from Shibly's method are less accurate. On average, the 

proposed fast algorithm leads to an error of 0.53% in the drawbar pull and 0.64% in the 

turning moment compared with 23.7% and 22.8% from Shibly's method. The errors are 

calculated by  

 .%100
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and%,100
ˆ

×
−

×
−
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XX
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FF
 (6.58) 
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Figure 6.11  Vehicle trajectory: compared between the original and fast algorithms 
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Figure 6.12  Vehicle drawbar pull on clayed soil   
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Figure 6.13  Vehicle  turning moment on clayed soil 
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Figure 6.14  Vehicle drawbar pull on dry clay   
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Figure 6.15  Vehicle  turning moment on dry clay 

It should be noted that the error in Shibly's method different in dry sand and dry clay, 

tends to exacerbate in dry clay, and always remain larger than the error in the proposed 

method, as compared with the benchmark results obtained from the terramechanics 

equations. This can be seen in Figures 6.14 and 6.15. On dry sand, there is a large 

difference between the drawbar pull and turning moment calculated from Shibly's 

method and those from the original benchmark. The averaged errors are 126% and 95% 

for drawbar pull and turning moment respectively. Meanwhile, results from the 

proposed approach are still close to the original.  The errors are very small as the 

averaged differences are just 0.36% in the drawbar pull and 0.29% in the turning 

moment, although the normal and shear stresses are highly nonlinear. 

6.6 Conclusion 

In this chapter a highly efficient algorithm has been developed for implementation of 

the UGV-terrain interaction analysis. From the linearisation of normal stress, shear 

stress, and their components, a new version of terrain analysis is obtained that does not 
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involve integral equations. As a result, the new algorithm can run much faster than the 

original benchmark. Simulation results and experimental validation have shown that the 

proposed method is highly accurate as compared with the other method. In the next 

chapter, the fast algorithm will be integrated into a UGV simulator, in conjunction with 

the driveline model and motion control described in previous chapters. 
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Chapter 7 

Vehicle simulator 

A model of the UGV driveline has been developed in Chapter 3. Robust low-level 

controllers have been designed as reported in Chapter 4. In Chapter 5, dynamic 

processes involved in the UGV-terrain interaction have been analysed to predict vehicle 

performance on different terrains. In this chapter, the driveline model is augmented with 

the fast algorithm presented in Chapter 6 to take into account the reaction of terrain on 

the vehicle. All developments so far are integrated in a unique simulator for the UGV.  

An introduction to the UGV simulator is given in the first section. In Section 7.2, the 

driveline model is combined with the terrain interaction analysis. The basic vehicle 

motion control is described in Section 7.3. A conclusion is drawn in the last section. 

7.1 Introduction 

In Chapter 3, the driveline model was developed based on the assumption that the 

vehicle rolling resistance is a proportional of the vehicle weight and velocity (Kiencke 

and Nielsen, 2000). This assumption is widely used for predicting vehicle performance 

on hard ground where it is satisfactory. Vehicle behaviour on soft terrain is, however, 

significantly dissimilar to the results from this empirical method (Wong, 2001). The 

driveline model therefore needs to incorporate terrain interaction to yield better results. 
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In the driveline models developed in Chapter 3, the traction torque at the wheels is 

calculated from the vehicle rolling resistance, acceleration, and component of 

gravitational force along a slope. In the physical analysis of the interaction between the 

vehicle and terrain presented in Chapter 5, the traction torque can be derived from the 

shear stresses developed at the wheels in contact with the terrain. This means that if the 

traction torque resulting from the terrain interaction analysis is fed back to the driveline 

model, then the vehicle modelling will be more realistic and accurate. 

In this chapter, all proposed approaches so far are implemented on a UGV simulator as 

configured in Figure 7.1. The driveline model is used to derive the left and right wheel 

speeds from the throttle, left and right brake inputs. Using the wheel speeds as inputs, 

the terrain interaction model calculates the vehicle behaviours such as velocity, turning 

rate, and traction torque. The outputs from the terrain interaction model are fed back to 

the driveline model to determine new values of wheel speeds, and to the motion control 

process to update the pattern of throttle and brakes. The fast algorithm described in 

Chapter 6 is used to implement the terrain interaction modelling procedure and the 

development proposed approach in Chapter 4 is applied for vehicle motion control. 
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Figure 7.1  Basic structure of the UGV simulator 
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7.2 Vehicle modelling  

In this section, the vehicle model is developed by combining the driveline model and 

the vehicle-terrain analysis. Let us first consider the traction torque developed on the 

UGV wheels as they interact with the terrain.  

7.2.1 Traction torque 

As stated in the terramechanics theory, the total traction torque of a driving wheel is 

determined by integrating the shear stress over the contact zone (see (5.9)): 

 ( ) ,
1

2

2 ∫=
θ

θ

θθτ dbrT  (7.1) 

where r and b are the wheel radius and width. 

For the UGV, the shear stress is vector quantity, as shown in Figure 6.6. Only the shear 

stress component that is tangential to the wheel rim (the projection of the shear stress on 

X-Z plane) contributes to the traction torque. Therefore, the total traction torque 

developed on the ith wheel is 
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where 
it

τ is the tangential component of the shear stress derived from the shear stress iτ  

and the elevation angle (6.22), ϕi, as   

 .cos iiti
ϕττ =  (7.3)  

Equations (7.2-7.3) can be inserted in the computation procedure given in Chapter 5 to 

predict the traction torque. However, computing this integral is time-consuming. As 

mentioned in Chapter 6, in most cases the shapes of the shear stress and its projection 

on the X-Z plane are nearly equivalent. In fact, in straight-line running, iϕ  is zero; and 

as a result, 
it

τ coincides with iτ . The linearisation method described in Chapter 6 (6.34-
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6.43) can therefore be applied to approximate the tangential shear stress component in 

the front and rear regions as 
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where 
ic1θ  and 

ic2θ  are the contact angles at which the shear stress intersects its 

approximation and can be derived from (6.34-6.35). 

From the above linearisation and also from the observation that the shear stress is nearly 

independent of yi as shown in Figure 6.10, the traction torque (7.2) can now be 

approximated by 
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In the case where 02 =
i

θ  and 2/1iim θθ = , equation (7.6) becomes 
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Figure 7.2  Traction torque on clayed soil 
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Figure 7.3  Traction torque on dry clay 
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Equation (7.7) is inserted in the fast computation procedure presented in Chapter 6. The 

total traction torques of all wheels on clayed soil and dry clay, as predicted from the 

same pattern of wheel speeds in Chapter 5 (Figure 5.12), are shown in Figures 7.2 and 

7.3 in comparison with the original benchmarks. On average, the approximation error is 

less than 1%. This is sufficiently accurate to be used in the vehicle simulator. 

7.2.2 Modified driveline model 

Let us first consider the driveline model in straight-line running. As mentioned in 

Chapter 3, the total load torque acting on the wheel shafts consists of the torques 

required for traction, wtrF , , for wheel acceleration, wwJ ω& , and for overcoming the wheel 

internal friction, wwb ω ,  as (3.12) 

 ,,wtwwwww rFbJT ++= ωω&  (7.8) 

where wJ and wb are the apparent composite moment of inertia and internal friction 

coefficient of all eight wheels of the vehicle. 

To take into account the vehicle-terrain interaction, the traction torque is derived from 

the reaction of terrain on the wheels, giving 

 .
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Similarly, the total loads acting on left and right wheel shafts during turning are 

modified from (3.32) to obtain 
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The loads from the wheel acting on the left and right outputs of the differential (3.33) 

then become 
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where dLω  and dRω  are the rotational speeds at the left and right outputs of the 

differential (3.19), and K3 is the gear ratio of the chain system (3.7). 

At the differential, these torques are combined with the left and right brake forces, bLT  

and bRT , given in (3.34-35), to yield the total load on the differential 
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where dω  is the rotational speed of the differential case.   

The total load torque and friction from the differential referred to the CVT through the 

gearbox (3.36) is now given by 
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where bd and bG are the viscous friction coefficients of the differential and gearbox, ωc 

is the output speed of the CVT, and K2 is the gear ratio of the gearbox. 

During turning, the difference in rotational speed between the differential’s case and its 

outputs (3.19) is determined as (3.37) 

      ( ) ( ) ,
,inD

bLbRdLdR

b
TTTTx −+−=  (7.14) 

where bD,in is the friction coefficient inside the differential’s case. 

Substitution of (7.11) and (3.19) into (7.14) gives 
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From (7.15), the speed difference (3.39a) is expressed as a first-order transfer function 

of the differences between the right and left wheel traction efforts and the brake forces, 
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The left and right wheel speeds can therefore be derived from (3.41) as 
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The rest of the driveline model remains the same as in the original equations (3.1-3.4). 

It is noted that the vehicle dynamics are apparently absent in the modified model 

because it has been absorbed within the vehicle-terrain interaction analysis. In the 

terrain interaction model, the reaction forces calculated from the wheel speeds are 

combined with the vehicle dynamics and kinetics to derive the vehicle velocity, turning 

rate, and traction torque.  

7.2.3 Results 

To validate the modified driveline model, the same pattern of experimental data as 

given in Chapter 3, as shown in Figures 3.20 and 3.21, is used. The performance of the 

new driveline as it interact with clayed soil (the most likely type of the terrain where the 

vehicle is running) is shown in Figure 7.4 and Figure 7.5 for the engine, gearbox, and 

wheel speeds in comparison with those using the original model (with 60% wheel slip 

assumed) and from experiments. Notably, there is a close agreement in the results 

between the new model and experiments. During acceleration (in the 596-601s interval), 

the responses of the gearbox and wheels are much closer to the experimental ones than 

those using the original model. As mentioned in Chapter 3, however, in the 

experimental results gearbox and wheel speeds increase at a slower rate than in the 

simulation, perhaps due to the slip in the CVT during periods of acceleration.  



7. Vehicle simulator  158 

 

595 600 605 610 615
40

60

80

100

Th
ro

ttl
e 

(%
)

595 600 605 610 615
0

2000

4000

E
ng

in
e 

R
P

M

 

 

595 600 605 610 615
0

1000

2000

3000

G
ea

rb
ox

 R
P

M

Time (s)

 

 

Original model
Modified model
Experiment

Original model
Modified model
Experiment

 

Figure 7.4  Engine and gearbox responses on clayed soil 
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Figure 7.5  Wheel responses on clayed soil 
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Figure 7.6  Wheel slip ratios on clayed soil 
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Figure 7.7  Vehicle velocity and turning rate on clayed soil 
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Responses of the vehicle in the interaction with clayed soil are shown in Figure 7.6 for 

wheel slip ratios and in Figure 7.7 for the vehicle velocity and turning rate. The 

longitudinal wheel slips are calculated separately for left and right sides as per (5.17). 

The ‘average’ wheel slip (or vehicle slip) is derived from Wong’s definition as given in 

(3.43) with the average value of left and right wheel speeds. In the original model, the 

wheel slip is ignored or assumed as constant; the results shown in Figure 7.6 however 

indicate that it is strongly time varying. During acceleration, the wheel slip is very large. 

Meanwhile, in turning, the outer wheels have a higher tendency to slide while the inner 

wheel slip changes direction and can become theoretically negative infinite if the wheels 

are locked. 

Responses of the vehicle on different terrains can be better compared with the input 

pattern shown in Figure 7.8, whereby the vehicle is first accelerated for 10 seconds 

(from t=5s to t=15s), then turned right with the brake force of 15% for 5 seconds (from 

t=15s to t=20s), and finally turned left at 25% of the full brake effort (from t=25s to 

t=30s). The total traction torque acting on the vehicle and the wheel responses are 

depicted in Figures 7.9 and 7.10 for different terrains. It can be seen that the traction is 

largest on dry sand, very small on dry clay while those on sandy loam and clayed soil 

are nearly the same. As a result, the wheel speeds on dry sand are around 26% less than 

those on dry clay. On sandy loam and clayed soil they are nearly coincident, as shown 

in Figure 7.10. It is noted that the wheels respond to the throttle and brake inputs at 

almost at the same rate for all terrains. 

Other results in the interaction with terrains are shown in Figures 7.11, 7.12, and 7.13 

for the wheel slips, the vehicle velocity, turning rate, and trajectory. In the steady state, 

the wheel slips on dry sand and dry clay are very small (around 5%) while on clayed 

soil and sandy loam, they are around 10% and 19% (see Figure 7.11, t=14s-15s). During 

acceleration, however, the wheel slip on dry clay is much larger than on dry sand while 

those on sandy loam and clay soil are nearly the same (t=5s-7s). In turning (t=25s-30s) 

on dry sand, the slip of the outer wheels increases much more than on the other terrains. 

Due to the wheel slips and rotational speeds, the vehicle velocity and turning rate are 

largest on dry clay, and decrease gradually for clayed soil, dry sand and sandy loam 

(Figure 7.12). As a result, the running path on dry clay is longest (see Figure 7.13). This  
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Figure 7.8  Vehicle inputs used for the simulation 
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Figure 7.9  Vehicle traction torque on different terrains 
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Figure 7.10  Wheel responses on different terrains 

0 5 10 15 20 25 30 35

-50

0

50

Le
ft 

w
he

el
 s

lip
(%

)

 

 

0 5 10 15 20 25 30 35

-20

0

20

40

60

80

R
ig

ht
 w

he
el

 s
lip

(%
)

 

 

Dry sand
Sandy loam
Clayed soil
Dry clay

Dry sand
Sandy loam
Clayed soil
Dry clay

 

Figure 7.11  Slip ratios on different terrains 
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Figure 7.12  Vehicle velocity and turning rate on different terrains 
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Figure 7.13  Vehicle trajectory on different terrains 
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indicates that the vehicle mobility on dry clay is much better than on dry sand and sandy 

loam. It is interesting to note that the vehicle can accelerate faster on dry sand and dry 

clay than on sandy loam and clayed soil (see slopes of the vehicle velocity profiles on 

Figure 7.12, t=5-7s). Responses to the turn command appear to be fastest on dry sand. 

7.3 Motion control 

In this section, the proposed approach described in Chapter 4 is employed to control the 

vehicle velocity and turning rate. These variables are coupled with each other, as shown 

in Figure 7.12. For simplicity and acceptable performance, however, the controllers are 

implemented separately for velocity and turning rate. To reduce the computational load, 

the throttle and brake control loops (in Chapter 4) are replaced by first-order functions 

(3.26).  

7.3.1 Velocity control 

The vehicle velocity is first regulated by a PID controller with KP = 20, KI = 20, and KD 

= 0. Results are shown in Figure 7.14 for different terrains. A time-delay of 0.45s is 

observed between the reference and the output. It can be seen that with the same 

controller, the vehicle responds differently: fast on dry sand and dry clay, slower on 

clayed soil and sandy loam. Overshoot is very large, except on dry sand. This indicates 

that there is no fixed controller tuning that is best for navigation on all terrains. 

From the results, the closed-loop system is equivalently modelled using equations (4.2-

4.4) for all terrains. Characteristics of the responses and model parameters are provided 

in Table 7.1. It is noted that these parameters vary across a large range due to the 

different effects of the terrains in interaction with the vehicle. For implementation of the 

proposed control approach, the modelling parameters are chosen in the intervals 

  
,7.04.0

, rad/s8.1rad/s0.1

≤≤

≤≤

δ

ωn
 (7.18) 

and estimated by (4.10) giving 
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,rad/s1.3416ˆ
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=

δ

ωn

 (7.19) 

From the resulting closed-loop model of the system, the SMC is employed by using the 

control laws (4.40-4.41) subject to the condition (4.44). Future values of the output and 

its derivative are estimated from the predictor (4.46-4.49, 4.68). The control system and 

driveline model are implemented on Matlab/Simulink. The predictor and terrain 

interaction model are realized via SFunctions and executed at the sampling rates of 1 

kHz and 20 Hz respectively. It should be noted that due to the engine inertia in the 

throttle control loop, the vehicle cannot respond as quickly as required by the SMC. As 

a result, chattering can occur at the velocity output. To suppress this chattering, a 

saturation function is applied in the control law instead of the signum function. In 

addition, the system uncertainty is very large as the modelling parameters vary widely. 

The value of η (4.22) must be selected sufficient large to overcome the uncertainty.  

Results with η = 1 in the case of reduced chattering are shown in Figure 7.15 for 

different terrains. The control design parameter λ is chosen as 1 on dry sand and 0.5 for 

other terrains. It can be seen that the overshoot decreases significantly as its maximum 

is just 1.7% on dry clay compared with 24% of the system response under PID 

controller. The rise time is shortest on dry sand and gradually increases on dry clay, 

clayed soil, and sandy loam. The settling time still remains fast as compared with that of 

the PID-controlled responses. 

TABLE 7.1 

PID RESPONSES AND CLOSED-LOOP MODEL PARAMETERS FOR VELOCITY 

Terrain Overshoot (%) Peak time (s) Damping ratio Natural frequency  

(rad/s) 

Dry sand 4.7 3.20 0.698 1.787 

Sandy loam 14.7 4.35 0.519 1.041 

Clayed soil 21.4 3.95 0.440 1.064 

Dry clay 24.2 3.35 0.412 1.223 
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Figure 7.14  Velocity responses under PID controller 
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Figure 7.15  Velocity responses with SMC-PID controller 
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7.3.2 Turning control 

To derive the closed-loop model for the turning rate variable, a PID controller is first 

used on the inner loop to shape the system response to that of a second-order transfer 

function. As seen in Figure 7.12, however, during turning the vehicle velocity is 

reduced significantly. This, in turn, affects the turning rate itself. To compensate for this 

effect, a proportion of the turning rate controller’s output is fed forward to the velocity 

controller as a simple form of decentralized control (Vázquez and Morilla, 2002). The 

results with KP = 15, KI = 25, and KD = 0 are depicted in Figure 7.16, and characteristics 

of the responses and the model parameters are listed in Table 7.2. The turning results 

are taken when the vehicle is running at a velocity of 3m/s. The responses are fast, but 

overshoots are very large. A time-delay of 0.45s occurs between the reference input 

command and the start of output response. 

From Table 7.2, the modelling parameters are chosen in the intervals 

      
,45.016.0

,rad/s3.3rad/s1.2

≤≤

≤≤

δ

ωn
 (7.20) 

and estimated by (4.10), giving 

  
0.26833.ˆ

,rad/s2.6325ˆ

=

=

δ

ωn
 (7.21) 

The SMC (4.39, 4.44) and the output predictor (4.46-4.449, 4.68) are implemented for 

the resulting closed-loop model. Reponses with η = 0.2 and reduced chattering are 

shown in Figure 7.17 for different terrain types. The design parameter λ is chosen as 5 

for dry sand and 0.7 for other terrains. It can be seen that the overshoot is suppressed 

significantly as its maximum is less than 2.7% on dry clay compared with around 60% 

of the system response under PID control. The settling time is still fast compared with 

that of the PID responses. However, due to a high discontinuous gain a small chattering 

in the turning rate still occurs on dry sand. It should be noted that owing to power 

constraints the vehicle cannot keep running at large velocity during turning. The harder 

it turns, the slower it can run.  
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Figure 7.16  Turning responses under PID controller 

0 2 4 6 8 10 12 14 16 18 20
-0.1

0

0.1

0.2

0.3

0.4

0.5

0.6

Time (s)

Tu
rn

in
g 

ra
te

 (r
ad

/s
)

 

 

Reference
Dry sand
Sandy loam
Clayed soil
Dry clay

 

Figure 7.17  Turning responses with SMC-PID controller 
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TABLE 7.2 

PID RESPONSES AND CLOSED-LOOP MODEL PARAMETERS FOR TURNING RATE 

Terrain Overshoot (%)  Peak time (s)  Damping ratio  Natural frequency 

(rad/s) 

Dry sand 21 1.30 0.449 3.257 

Sandy loam 36 1.75 0.306 2.155 

Clayed soil 28 1.55 0.374 2.562 

Dry clay 60 1.45 0.160 2.364 

 

7.4 Conclusion 

In this chapter, all developments in this thesis have been integrated into a unique 

simulator for the UGV. The driveline model developed in Chapter 3 is modified to take 

into account the interaction between wheels and terrain. Simulations have shown that 

the results obtained by using the new driveline model are closer to those obtained from 

experiments, than those obtained by using the original model described in Chapter 3. 

The combination of the driveline and the terrain interaction models (Chapters 5 and 6) 

gives a powerful tool to examine all issues related to mobility of the vehicle which are 

critical for persistent autonomy of the UGV on all terrain types. The control approach 

proposed in Chapter 4 has been applied successfully to eliminate overshoots in the 

velocity and turning responses of the vehicle under PID controllers. This is very 

important for the vehicle to better follow a defined trajectory. 
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Chapter 8 

Summary and conclusion 

8.1 Introduction 

This thesis has presented the modelling and control of a skid-steering unmanned ground 

vehicle (UGV). In particular, the vehicle driveline has been analysed and a model was 

developed to predict the behaviours of its components. In addition, the complex 

processes involved in the interaction between the wheels and terrain have been analysed 

and an interaction modelling procedure was proposed. Combined with the driveline 

model and realised by a fast algorithm in a UGV simulator, every significant dynamic 

process involved in the vehicle mobility, from the driveline to the terrain interaction, 

was examined. Furthermore, a new control approach was proposed to eliminate 

overshoot for PID controlled-loops with input time-delay, and to achieve robustness 

against nonlinearities and uncertainties. Applied for controlling the vehicle throttle, 

brakes, velocity, and turning rate, the proposed approach has given better vehicle 

dynamic performance than can be achieved using PID control. 

The next section gives a summary of each chapter in the thesis. Main contributions of 

the research are described in Section 8.3. Lastly, Section 8.4 suggests some future 

research directions. 
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8.2 Chapter summary 

Chapter 1 gave an introduction of the research. It commenced with the definitions and a 

short survey of UGVs. An overview of the research areas required for an UGV as a 

whole system and the thesis's focus were presented. The main contributions of the thesis 

as well as publications were listed. The thesis structure was also provided. 

In Chapter 2, each area of the research was covered with the relevant literature survey 

and accompanied by the suitable proposed approaches. Firstly, works in driveline 

modelling were reviewed and the proposed UGV driveline model was briefly 

introduced. Then techniques for tuning PID controllers and coping with time-delay and 

uncertainties were described, followed by the proposed control approach for cases with 

and without time-delay. Furthermore, the literature on mobility performance analysis 

for skid-steering vehicles was reviewed and the approach proposed for analysing the 

interaction between the UGV and terrain was introduced. Finally, the fast algorithm for 

terrain interaction analysis and relevant work were presented. 

Chapter 3 described the development of the vehicle driveline model. Starting with an 

introduction to the UGV driveline, it described the dynamics of all components in the 

driveline and developed a model for the whole driveline. Differing from the approach 

for modelling of a normal car/truck driveline, in this work the rotational speed of the 

engine was transferred through the CVT, gearbox, differential, and chain systems to the 

wheels. Total loads on the wheels and other components were referred back to the 

engine shaft for updating the engine speed, based on the Newton's second law and 

viscous frictions. Giving a pattern of throttle and brake forces at the inputs, the model 

could predict the responses of all components. Through simulation, a problem with the 

computation has been encountered due to a large number of algebraic loops in the 

driveline model. The problem was solved by combining the gearbox, differential, chain, 

and wheels together to reduce the number of algebraic loops.  

The low level control development was presented in Chapter 4. Overshoot at the brake 

output was revealed as a typical problem of the PID controllers implemented on the 

UGV which could severely affect on the overall performances of the vehicle. Based on 
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an assumption that the closed-loop system under PID control could be equivalently 

modelled by a second-order function, a sliding mode controller (SMC) was designed for 

the outer loop conforming to cascade control principle. The order reduction property of 

the SMC can ensure overshoot is suppressed while its robustness property can 

overcome the difficulties due to modelling error, nonlinearity, and disturbances. For the 

time-delay case, an output predictor was employed to compensate for the effect of time-

delay. The approach was applied for controlling the vehicle throttle and brakes. 

Issues related to the interaction between the wheels and the terrain were examined in 

Chapter 5. The basis of terramechanics theory applied to a rigid driving wheel on 

deformable terrain was extended to account for the interaction in the lateral direction 

and applied to all wheels of the UGV. By integrating the normal and shear stresses 

acting on a contact patch between a wheel and terrain, the reaction forces of the terrain 

on the wheel could be obtained on three dimensions. Combined with the vehicle 

kinetics, the dynamic responses of the vehicle interacting with the terrain were obtained. 

The development was summarised in an interaction modelling procedure. Using the 

wheel rotational speeds and terrain parameters as inputs, the model is able to predict the 

behaviour of the vehicle on different terrains.  

A fast algorithm for online implementation of the terrain interaction analysis was 

presented in Chapter 6. It was developed from an idea that uses linear approximations of 

normal and shear stresses to obtain an explicit formulation for the terrain interaction 

forces with a certain error. Based on the criteria, chosen so that error of the 

approximation was smallest, the normal stress and shear stress were equivalently 

linearised. By doing that, all integrals involved in the terrain interaction analysis 

became explicit and could be evaluated in closed form. As a result, the computational 

process is substantially faster when compared with the original model, and accurate 

compared with other relevant work. The development was also summarised in a new 

interaction modelling procedure which was ready for online implementation. 

In Chapter 7, the vehicle driveline model developed in Chapter 3 was modified to take 

into account the interaction with terrain. The new driveline model was obtained by 

replacing the empirical traction load in the original model by one obtained from the 

terrain reaction. As a result, the model was more realistic and accurate. The combination 
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of the driveline model and terrain interaction model also enabled examination of the 

vehicle responses on different terrains with the same pattern of inputs (throttle and 

brake forces). The proposed approach in Chapter 4 was employed to control the vehicle 

velocity and turning rate in the UGV simulator. 

8.3 Thesis contribution 

8.3.1 The vehicle driveline model  

There are three contributions in the vehicle driveline developments. First is the model of 

CVT. Although simplified and linearised from experiment data, it is able to describe the 

complex relationship between the input and output. Second is the model of the vehicle 

differential during turning. In driveline modelling for cars or trucks, the turning 

mechanics are usually ignored. In contrast, in this model, the difference in rotational 

speeds between the differential outputs are analysed and expressed explicitly in terms of 

a first order transfer function of the difference in loads between the outputs. An overall 

time constant for the differential derived to relate to the weight of the vehicle, wheels, 

with viscous friction coefficients of the wheels and the differential. The most important 

contribution is the incorporation of terrain interaction in the driveline model. Most 

driveline models ignore this interaction or assume that it obeys the Coulomb friction 

law which is not exactly valid for UGV navigation over deformable terrain. Meanwhile, 

the complex processes involved in the wheel-terrain interaction are integrated into the 

vehicle model, resulting in more accurate prediction. 

8.3.2 Robust low-level control for the vehicle nonlinear dynamics 

The contribution in the proposed control approach is that it can exploit the advantages 

of both SMC and PID controllers to compensate for their drawbacks. In fact, the PID 

scheme is used to derive the equivalent closed-loop model for the SMC design. As a 

result, the approach can be applied for a class of systems without prior knowledge of 

their structure. This model-free feature is not available for the SMC alone. In contrast, 

the order reduction property of the SMC is employed to suppress overshoots in the 

responses, whereas this is intractable when using only a PID controller. In addition the 
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robustness of the SMC enables it to compensate for nonlinearities, disturbances and 

modelling uncertainties. The proposed approach can therefore efficiently suppress 

overshoots for this kind of system subject to nonlinearities and input time delay. 

8.3.3 Dynamic modelling of the vehicle-terrain interaction  

It is well known that knowledge of vehicle-terrain interaction plays an important role in 

increasing the autonomy of a UGV and securing its safe mobility. In this work, the 

current theory applied for a driving wheel on soft terrain is extended to account for the 

lateral reaction of the terrain. This is very important because the performance of a skid-

steering vehicle in turning depends on the turning moment resistance which is mainly 

derived from the reaction forces acting on the wheels in the lateral direction. The 

development is applied to all wheels of the UGV to obtain the reaction forces from the 

terrain acting on the wheels, the turning moment and turning movement resistance. 

Combined with the vehicle kinetics, all characteristics related to the UGV-terrain 

interaction such as the vehicle velocity, turning rate, slip ratios, traction, drawbar pull, 

and resistances have been comprehensively formulated provided that the terrain 

parameters are known.  

8.3.4 Fast algorithm for terrain interaction analysis 

A significant contribution in this work is that it improves the accuracy of the 

approximation method, applied for the normal and shear stresses, to speed up the 

computation process for the terrain interaction analysis. Thus, the analysis is able to be 

performed with a high computational efficiency while it is also accurate enough as 

compared with the relevant method reported in the literature. Using this approach, a 

new terrain interaction model is developed for online prediction of vehicle behaviour. 

8.3.5 UGV simulator  

The simulator for the whole vehicle, incorporating the driveline model, terrain 

interaction model, and the basic motion controllers, is helpful for further developments 

on the UGV mobility characteristics. Alternatively, it can be used to predict the 

response of the vehicle on a certain terrain with a pattern of inputs.  
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8.4 Future work 

Based on the research presented in this thesis, the following directions are suggested for 

further investigation: 

• Slip in the CVT: Responses of the driveline model are close to the experimental 

data. During periods of acceleration, however, there were mismatches between 

the simulation results and those from experiments. This was likely because of the 

slip occurred between the CVT clutches and the V-belt which was ignored in the 

model. If this slip is analysed and inserted in the model, the results will be 

improved. 

• Adaptive scheme for time-delay estimation: The proposed control approach gave 

good results for time-delay systems. It is, however, sensitive to the magnitude of 

time-delay. Changes to the time-delay can lead to unsatisfactory responses. For 

time-varying delay systems, values of the delay therefore need to be updated 

online in order to obtain better results with the proposed method. 

• Auto-tuning method for SMC parameters: The rise time of the SMC-PID 

controller depends on the value of λ. The lager it is, the faster the response is. As 

a trade-off, however, large value of λ can lead to overshoot, especially for time-

delay systems. In this thesis, this value is currently chosen by trial-error, 

depending on the current rise time and the desired one. An automatic adjustment 

of this parameter is therefore desirable. 

• Terrain parameters estimation and classification: In this thesis, the proposed 

terrain interaction analysis is verified with the four typical terrains whose 

parameters are known. As mentioned in Chapter 7, there will be no motion 

controller that is suitable for all terrains. If parameters of the terrain over which 

the vehicle is running are known, or, at least the type of the terrain is available, 

the vehicle can be controlled more effectively. This is also very important for 

safe and autonomous mobility of the UGV. 
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Appendix A 

Transformation between spherical 

coordinates and Cartesian coordinates 
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Figure A.1 Spherical coordinates 

Transfromation from spherical coordinates into Cartesian coordinates (Spiegel, 1968):  
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Appendix B 

Transformation from vehicle coordinates to 

earth coordinates 

East 

North 
X 

Y 

V 

VX 

VY 

VE 

VN 

ρ 

 

Figure B.1 Vehicle coordinates versus earth coordinates 

 

Components of the vehicle velocity in the earth coordinates are (Spiegel, 1968): 
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Position of the vehicle in the earth coordinates is calculated by: 
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