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GLOSSARY OF TERMS AND NOTATION

DCT
MT
AMT
AT
CVT
TCU
DOF
VES
NVH
DMFW
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ABBREVIATIONS USED IN THIS THESIS

- Dual clutch transmission

- Manual transmission

- Automated manual transmission

- Automatic transmission

- Continuously variable transmission
- Transmission control unit

— Degrees of freedom

— Variable force solenoid

- Noise vibration and harshness

- Dual mass flywheel

CHAPTER 3 NOTATION
General
Bulk modulus
Viscosity
Radial clearance
Sliding contact length
Time
Cross-sectional area
Damping coefficient
Discharge coefficient
Diameter
Force
Spring constant
Mass
Pressure
Flow rate
Volume
Displacement

Velocity

X1X
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HDETENT —

Acceleration

Subscripts
initial condition
synchroniser
Cylinder
Clutch
Control volume number for fluid system
Exhaust
Inlet
Leak
Magneto-motive force
Orifice
Piston or spool

Volume

CHAPTER 4 NOTATION
Cone angle
Chamfer angle
Angular displacement between consecutive chamfers
Detent contact angle

Chamfer relative alignment
Cone relative speed
Freewheeling component acceleration

Ring acceleration
Transmission fluid viscosity
Cone dynamic friction
Cone static friction

Detent friction coefficient
Chamfer friction coefficient
Ring/sleeve sliding friction

Chamfer flank contact
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IT - Dimensionless group

A - Empirical constant that is dependent on the lubrication case (1>A>5)

a - Grooved width

b - Semi-width of the contact generatrix in the cone [66]
- Film thickness

mg - Sleeve mass

MgR — Sleeve and ring mass

n - Number of grooves

ts - Unblocking time

ts - Synchronisation time

Xs - Sleeve displacement

X - Sleeve acceleration

Fa - Net sleeve load

FpeTENT — Detent force

Frim - film squeezing force

Fioss — Seel drag losses

Fr - Radial force

Irew - Inertia of the freewheeling components

Ir = Inertia of the ring

Iv - Vehicle inertia

Kor - Groove coefficient

Ncu - Number of chamfers on one ring

Rc - Mean cone radius

Ry - RMS roughness of the hub

R; - Pitch radius of chamfers

R - Cone mean radius

Rgr - RMS roughness of the ring

Ts - Blocking torque

Tc - Cone torque.

Tp - Drag torque

T - Indexing torque

Ts - Synchronisation torque

Ty - Vehicle torque
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CHAPTER 5 NOTATION
General
transverse operating pressure angle
operating helix angle
gear ratio
kinematic viscosity
dynamic viscosity
density
rotational velocity
Gear speed
Clutch slip speed
Rotational displacement
Face width
Diameter
Friction
Fluid spacing
Radius (* denotes radius at critical Reynolds number)
Drag torque dimensionless coefficient
Energy
Turbulent flow coefficient
Sliding ratio at the start of the approach
Sliding ratio at the end of the recess
Reflected inertia
Kinetic energy
Mesh mechanical advantage
rotational speed (RPM)
Mesh power loss (kW)
Reynolds number (* denotes critical Reynolds number)
Flow rate
Torque
Profile coefficient
module

Subscripts

XXil
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pinion outside radius

gear outside radius

Start of approach

End of approach

pinion operating pitch radius
gear operating pitch radius
Tooth tip

Bearing losses

Clutch windage

Drag

Gear friction

Inside

Mesh

Outside

Pitch point

Inter-shaft shear

windage

Gear windage

CHAPTER 6 NOTATION*

*Any previously used terminology can be found in Chapter 4 or 5 notation

Oc -
Op -
Ic -
Ip -
K¢ -
Tcont —
Tsyn -
Xc ~
Axs -

Control system rotation DOF

Pinion DOF

Control system inertia (o for initial, A for change in inertia)
Pinion inertia

Control shaft stiffness

Control torque

Synchroniser torques

Chamfer contact displacement

Net sleeve displacement over one chamfer

CHAPTER 7 NOTATION*

XXiil

*Any previously used terminology can be found in Chapter 4, S or 6 notation

R —

Cone radius
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CHAPTER 8 NOTATION
General
Angular displacement
Angular velocity
Angular acceleration

Gear ratio
Frequency

Phase angle
Damping ratio
Displacement
Velocity
Acceleration
Time

Damping coefficient
Inertia

Spring coefficient
Mass

Torque

Amplitude coefficient

Subscripts
Refers to components associated with odd gears
Refers to components associated to even gears
Engine
Hysteresis
Axle
Clutch
Differential

Flywheel or Dual mass flywheel primary

Clutch drum or Dual mass flywheel secondary integrated with clutch

Final drive
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Gear

Pinion
Synchroniser
Synchroniser sleave
Tyre

Wheel hub

Engine models
Crank angle
Engine speed
Mass of gas
Piston area
Piston mass
Instantaneous piston pressure

Ideal gas constant

Piston speed

Piston temperature
Piston torque

Inertia change torque

Piston volume

Clutch model
Dynamic friction coefficient

Static friction coefficient

Clutch slip speed

Number of friction surfaces
Inside radius

Outside radius

Axial force

Clutch torque

Average torque

Piston displacement

Contact displacement for friction plates
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Synchroniser model

Refer to Chapter 4 notation

Vehicle torque model

Oincline — Angle of inclination
Pair - Air density
g - Gravity
Cp - Coefficient of drag
Cire — Dimensionless tire retarding force
Faero — Aerodynamic drag load
Fincline — Incline load
Fon - Aerodynamic drag load
Fr - Net resistance force
H, - Vehicle height
M, — Vehicle mass
Ruheet — Wheel radius
Tr - Net resistance torque
Vw - Linear velocity of driving wheels
W, — Vehicle width
CHAPTER 9 NOTATION

*Any previously used terminology can be found in Chapter 8 notation

General

® — Amplitude coefficient

Subscripts
C - Clutch
D — clutch drum
E — Engine
T — Transmission

V — Vehicle
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1,2 — clutch or gear number

CHAPTER 11 NOTATION

*Any previously used terminology can be found in Chapter 8 notation

General
0 —rotational degree of freedom
0c — Contact displacement rotation
C — Damping
I — Inertia
K - stiffness
M — Mass
r — radius
t —time
TA — throttle angle
x — gear linear degree of freedom
Xc — contact displacement length

y — pinion linear degree of freedom

Subscripts
B — Bearing
Refer to Chapter 8 subscripts
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ABSTRACT

Transient dynamic investigations of dual clutch transmission equipped powertrains are
conducted in this thesis through the development and application of torsional multi-
body models incorporating multiple nonlinearities. Shift control studies are performed
using detailed hydraulic model integrated with a 4DOF powertrain model. Results
illustrate that accuracy of torque estimation, time delay in engine and clutches, and
torque balance in the powertrain all influence the shift quality. Powertrain transient
studies have been carried out to investigate the impact of multiple nonlinearities on
powertrain dynamics and shift quality. This makes use of the clutch friction stick-slip
algorithm to model nonlinearity in clutch engagements, with other nonlinearities
including mean and harmonic engine torque models and dual mass flywheel with
hysteresis. Comparisons between 4 and 15 DOF powertrain models are made, and the
impact of using engine harmonics for the DCT powertrain identified. Results of these
studies are also discussed with respect to stick-slip response clutches and the effect on
post shift transient response. Finally, a backlash model is introduced for gears and
synchronisers to study response under a variety of operating conditions, including

synchroniser engagement, shift transients and engine tip-in/tip-out.

Investigations of synchroniser mechanism dynamics and control are undertaken with a
rigid body mechanism model, and as part of the DCT powertrain using a 15 DOF multi-
body model. Broad ranging parameter studies are undertaken for design and
environmental variables that impact on synchroniser performance, and dimensionless
torques are introduce for the study of synchroniser design parameters. Slip regeneration
is identified as a significant issue in mechanism actuation, in terms of engagement
repeatability and damage to chamfer friction surfaces. Alignment control methods are
studied to attempt to reduce the impact of chamfer alignment and regenerated slip on
engagement performance. Finally two design modifications are suggested for the
mechanism to eliminate the slip issue, and provide higher synchroniser torques for a
similar design envelope. Powertrain simulation results suggest that under nominal
actuation, using the mean engine torque model, vibrations of the sleeve increase during
indexing alignment of chamfers, indicating increased wear of friction surfaces. With
the inclusion of the harmonic engine torque model, vibrations in the transmission
increases significantly throughout the engagement process; however these results do not

indicate that there is an increased likelihood of clash during speed synchronisation.



CHAPTER 1: INTRODUCTION

Dual clutch transmission (DCT) development has become an increasingly high priority
for an array of automotive organisations as it is capable of providing transmission
efficiencies on par with manual transmissions (MT) with the ride comfort of less
efficient automatic transmissions (AT). Achieved through the application of different
technologies from both AT and MT to the transmission; with gearing and synchronisers
from MTs used in conjunction with clutches and clutch control technologies found in
ATs. The major limitation of planetary automatics efficiency — the torque converter — is
excluded for DCT powertrains, enabling the improved efficiency but also eliminating a
significant damping component of AT powertrains. Though conceptualised in the early
1950s, shift control resulting in high quality gear change has only been achieved over
the past decade with continued improvement of vehicle control technologies.

This thesis presents a detailed investigation into the transient response of a typical dual
clutch transmission equipped powertrain to a variety of excitations, and the study of the
application of conventional synchromesh synchronisers to the automated DCT. To date
the vast majority of DCT research has focused on clutch shift and clutch launch
controller development and simulation, with powertrain transient response an under-
evaluated outcome of these investigations. Through these investigations many
nonlinearities inherent to vehicular powertrains are ignored and their respective impact
on powertrain response is neglected.

With dual clutch transmissions in early stages of design life cycle in comparison to
other vehicle transmissions, such as planetary automatics, the identification and
investigation of many nonlinear components of the powertrain then become very
important to the maturing of DCT technology. Research conducted herein fills the gap
between industry and academic knowledge in the performance of dual clutch
transmissions through the application of multiple nonlinearities to the study of
powertrain response under transient conditions using advanced modelling and
simulation schemes for a typical DCT equipped powertrain.

The impact of nonlinearities in powertrains under different transient conditions —
including hydraulic control system, synchroniser mechanism, gear mesh nonlinearities,

and engine torque harmonics — are the main features of this study. Through the study of
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powertrain response the most significant contributors to NVH during shifting will be
identified, and provide guidance for the further development of DCT powertrains.

The synchroniser mechanism is a major component of DCTs that requires significant
study. Applied to manual transmissions, engagement of synchronisers is performed
with the clutch open and engine isolated from the mechanism. In DCTs, synchroniser
engagement occurs prior to the shift transient with engine still driving the wheels.
Additionally, with two gear trains operating in parallel in DCTs the synchroniser is now
engaged in a different operating environment. Characterising the actuation of the
mechanism here will identify limitations to the current mechanism design that will
enable reduced actuation times, improved performance, and reliable control.

This thesis contributes significant knowledge to the engineering community through the
investigation of the complex subsystems that make up DCT powertrains, and study of
the impact of these subsystems to vehicle powertrains. The three most significant and
novel aspects of this research are: (1) modelling and control of a DCT equipped
powertrain with an integrated model of the hydraulic control system, (2) Modelling of
the DCT powertrain with the integration of multiple nonlinearities, including engine
harmonics, synchroniser mechanism and gear backlash as major contributors to
nonlinear dynamics, and (3) the detailed study of many facets of the synchroniser
dynamics and control as a component of dual clutch transmissions. These are the major
features of original research, many other findings and original research contributions

are detailed in both chapter summaries and the conclusion of this thesis.

1.1 PROJECT STATEMENT
The development of computationally efficient mathematical models of a powertrain
equipped with a DCT for the prediction of its transient characteristics under a wide
range of operating conditions, including the characterisation and analysis of the
synchroniser mechanism performance as an automated component of the dual clutch

transmission.
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1.2 PROJECT OBJECTIVES

This thesis is focused on the investigation into synchroniser mechanism analysis and
powertrain transient dynamics with multiple nonlinearities. The main objectives of this
project are:

1. Model the main components of a DCT and integrate them into a vehicle
powertrain model for predicting the transient characteristics during gear shifting,

2. Modelling of the fast acting synchroniser mechanism for determining
dynamic characteristics of the synchronisation process,

3. Identify and study possible solutions to improve the engagement of the
synchroniser mechanism as used in the DCT, and

4. Develop numerical solutions for DCT equipped powertrains to
investigate dynamic coupling between multiple nonlinearities for accurate assessment of

NVH characteristics.

1.3 PROJECT SCOPE
The scope of this project is limited to the following:

1. Physical modelling of the major components of DCT powertrains using
conventional techniques of mechanical engineering, including Newtonian
methods, lumped parameter models and fluid dynamics

2. Time domain analysis of powertrain and component transient response

3. Free and forced vibration analysis of powertrain models

Aspects of research beyond the scope of this research are:
1. The impacts of temperature on operating performance, with one exception in
Chapter 4, Section 4.7.7.
2. Extensive experimental validation of simulation results
3. Launch control and launch judder of DCT powertrains

4. Investigation of electro-mechanical control of dual clutch transmissions

1.4 PRESENTATION OF THIS THESIS

DCTs and powertrains are necessarily complex mechanical systems. Detailed

modelling and analysis in this thesis has required the application of fluid theories, and
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rigid and flexible multi-body mechanics to sufficiently represent powertrain and
component dynamics. Specific modelling and analysis methods are therefore
introduced in the chapter in which they are first applied, rather than as a methodology
chapter so as to aid the reader in their understanding of the procedures applied, and
provide clarity and continuity of research.

To highlight this issue consider modelling the synchroniser mechanism. The detailed
modelling must consider rigid body kinetics and kinematics, fluid dynamics in the form
of drag torque, and fluid dynamics and mechanics of the hydraulic control system.
This can be then expanded also to consider multi-body dynamics by including the
powertrain. To apply a single chapter on the different methodologies for research
would therefore be broad reaching, but not necessarily useful to the reader.

Figure 1.1 shows the main topics of this thesis and how each independent topic interacts
with other aspects of research. It should be used to understand why this thesis is broken
down into the chosen format. The arrangement of this thesis investigates several
different aspects of DCTs and synchronisers before each of the subsystems are fully
integrated and studied. The main topics of each chapter are introduced in the following

sections.

Drag torque DCT control

Hydraulic
systems

Synchroniser
improvements

Transient
simulations

Figure 1.1: Relationship of different Chapter components of this thesis
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Chapter 2

This chapter provides the framework for the research of this thesis. Initially the
required background information on relevant aspects of DCT equipped powertrains is
presented to introduce topics for research. This is followed by a detailed literature
search into all relevant aspects of DCTs and its subsystems, identifying the state-of-the-
art in DCT powertrains and major components. To complement this work brief
exploration of literature is performed in each relevant chapter to identify important

aspects of relevant research, as necessary.

Chapter 3

Mathematical models of the hydraulic control systems for clutch and synchroniser
control are developed in this chapter using conventional theories of fluid dynamics and
Newtonian mechanics. These models are applied to Matlab and Simulink environments
to investigate the response to basic inputs for the characterisation of subsystem

dynamics and time delay.

Chapter 4
Chapter 4 is devoted to the development of a detailed rigid body model of the

mechanism with the incorporation of the previously developed hydraulic system. This
chapter specifically considers the influence of DCT environment and architecture
characteristics without the use of a full powertrain model, using certain simplifications
acceptable for the model. Simulations are then carried out under a wide range of
operating conditions, identifying several issues with the conventional design and
actuation.  Finally, a dimensionless torque technique is suggested for studying

synchroniser design parameters.

Chapter 5

Within the DCT drag torque act in a different manner on the synchroniser than found in
MTs, it's influence is the greatest unknown during synchroniser actuation. Many design
and environmental variables act together and against each other to establish a net drag
torque on the synchroniser mechanism. Consequently, a separate chapter is used to
detail the drag torque model and identify characteristics resulting from synchroniser

engagement in the DCT. The model is developed from current research into
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transmission losses and integrated into the synchroniser mechanism model It is also

used to approximate damping coefficients in the DCT for the lumped mass model.

Chapter 6

The synchroniser rigid body model developed in Chapter 4 is studied here, focusing
primarily on the control of actuation in response to detrimental engagement conditions
identified in Chapter 4. This chapter studies a popular method for engagement control of
synchroniser, and identifies limitations of increased engagement delay and limited
reliability of the proposed method. Alternate strategies for improving engagement
performance are then presented including two excitation methods, and a suggested

design modification for reducing the occurrence of regenerated slip in the cone clutch.

Chapter 7

Cone clutch torque is critical to synchroniser actuation; however for a specified design
envelope limitations to this torque result from the current design and cone friction lock
phenomenon. The relationship between cone and blocking torques provides a source of
improvement to the synchroniser design. This Chapter presents an alternative
synchroniser design with an external cone clutch that can provide increased torque
capacity for the synchroniser; reducing the duration of synchronisation and improving

resilience to drag torque.

Chapter 8

The thesis now moves on to the development of the DCT system model and its control.
This begins with a full powertrain model of the DCT, comprising of individual models
for each required powertrain state, ranging from 13 to 15 DOF. The specifics of lumped
spring-inertia modelling of a DCT equipped with synchronisers are discussed here,
including free vibration results. Finally the different torque models are introduced.
This includes mean and harmonic engine torque models, a piecewise clutch stick-slip

model, as adapted synchroniser model, and vehicle resistance torques.

Chapter 9
Chapter 9 presents a standard method for DCT shift control. A 4 DOF model of the

powertrain is introduced and parameters are determined to maintain consistency with

the previous DCT models. This is then integrated with the clutch hydraulic control
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system presented in Chapter 3, and a combined engine and clutch control methodology
is introduced that balances torque required to maintain vehicle acceleration with engine
and clutch torques. Simulations are performed for alternate control strategies and
investigations into delay in the clutch hydraulics and engine. Finally, the impact of the

harmonic engine torque model is studied.

Chapter 10

Building on the torsional lumped inertia model in Chapter 8 and the control results in
Chapter 9, Chapter 10 investigates the transient response of the DCT powertrain under a
variety of operating conditions and conﬁgurationé, including a range of nonlinearities.
First the synchroniser mechanism engagement is studied and the impact of engine
harmonics investigated. This is followed by shift transient investigations for a variety
of different configurations, including application of engine harmonics, and a dual mass
flywheel model. The final simulation presents the combined synchroniser and clutch

shift engagements to demonstrate a complete DCT gearshift.

Chapter 11
In the final chapter the transient study of Chapter 10 is extended to include powertrain

transient response with nonlinear gear mesh and synchroniser backlash. The 15 DOF
powertrain model is expanded to include nonlinear backlash models in the gear mesh,
with line of action displacements and bearings taken into account, and a torsional mesh
nonlinearity in the synchroniser mechanism. Transient simulations for synchroniser
engagement, shifting, and engine throttle tip-in/tip-out with mean and harmonic engine
torque models are performed, with consideration of gear rattle and clonk, two primary

concerns regarding backlash nonlinearities.

Chapter 12

The concluding chapter reviews and summaries each of these chapters, presenting
important and novel results of this thesis as well as identifying the important areas for

extending this research.
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CHAPTER 2: BACKGROUND
INFORMATION AND LITERATURE
REVIEW

2.1 INTRODUCTION

Shift control studies of DCTs has been extensively performed by Goetz [1], covering a
wide range of control options focusing on the reduction of transient vibration during and
after shifting. Complementing shift control is the impact of nonlinearities — i.e.
hydraulic control system, backlash, engine harmonics, and torsional dampers — on the
powertrains response during transient periods such as shifting. These are frequently
ignored to reduce computational demand. The purpose of this survey is therefore to
identify current trends in simulations and analysis of DCTs and respective components,
exploring the background into each of these nonlinearities.

Furthermore the current state-of-the-art in DCT research fails to significantly cover the
role of synchronisers in the transmission, and particularly the impact of employing this
predictable but extensively uncontrolled mechanism in a different operating
environment and architecture.

This chapter therefore covers the state-of-the-art in DCT literature, its components and
applications. The initial sections of this chapter focused on introducing the DCT and its
major components before undertaking research into simulations and control of the DCT,
and identification of limitations in current literature. From these limitations, research is
expanded into modelling of synchronisers and drag torques, control systems for clutches,
studies of nonlinearities in gear meshes and splines, engine modelling and applications

and other research into the current state-of-the-art for powertrain modelling and control.

2.2 BACKGROUND INTO DCT EQUIPPED POWERTRAINS
This section outlines the important characteristics of DCT equipped powertrains and its
components, reviewing the system as a whole, the transmission itself, sources of
nonlinearities that are relevant to this thesis, synchroniser mechanisms, drag torque, and

hydraulic control systems.
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2.2.1 Powertrains
Automotive powertrains, see Figure 2.1, refers to the components of a vehicle that that
produce, convert, and deliver power to the road. These are torsional systems consisting
of many lumped inertias, such as flywheels, gears, or differentials, and long flexible
shafts. The major components are the engine, which supplies power, the transmission
which converts engine torque and speed to meet driving demand, and the drivetrain that

delivers the power to the road through wheels and differential.

Simplified
Coupled gear train
clutches 1====-------5
o o ; Wheels
A
ot
Engine : E : : DHYC-
; b ' train
! c2 . :
) _‘| |_‘:_é__ |
! 1)
TR :
E i E Wheels

Figure 2.1: General DCT powertrain layout

Two of the major vibratory considerations for transient investigations into powertrains
are excitation of the first nonzero natural frequency of the powertrain, or shuffle mode,
and excitation of audible natural frequencies, often these referred to as clonk. The
shuffle mode is typically 2-10Hz it is the first global powertrain mode and easily
observed by the driver with respect to hard shifting. Clonk occurs at higher frequencies
500 — 4000Hz over a relatively short duration audible response, and is generally the

result of nonlinear response in the powertrain.

2.2.2 Engine
The engine is a major source of nonlinear forced vibrations for DCT powertrains with
torque pulses from piston firing providing highly nonlinear output torque. Unlike AT
powertrains the engine is not isolated from transmission with the torque converter,
rather the output shaft directly drives the transmission. For that reason two engine
models are used, (1) mean torque engine model, frequently employed in DCT literature,
and a (2) simple harmonic torque engine model, where cylinder-by-cylinder firings are

taken into account to generate engine torque dependent on crank angle.
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2.2.3 Flywheel
To compensate for engine harmonics and provide another nonlinear powertrain
component alternate configurations of the flywheel are used, with both a standard
flywheel and dual mass flywheel employed at different stages of investigation. Where
the DFMW is used to isolate engine harmonics from the powertrain, there hysteresis is
also present in the DMFW in the form of viscous and friction dependent damping. As
the load on the flywheel varies friction damping transits from static to dynamic loads.
Thus when using a dual mass flywheel configuration in the powertrain it can be

considered a nonlinearity.

2.24  The dual clutch transmission
Dual lay shaft structure is generally the most popular form of dual clutch transmission,
with two parallel gear sets. Shown in Figure 2.2 is a detailed line diagram of a typical
DCT. It is arranged such that the two clutches having a common drum attached to the
input shaft from the engine. Primary shafts, connected to independent clutch hubs, are
aligned concentrically and geared such that 1%, 3, and 5™ are engaged with Clutch 1,
and 2™, 4™ 6™ and reverse are engaged using Clutch 2. Thus the transmission is
representative of two half size manual transmissions, and, in this sense, shifting is

realised through the simultaneous shifting between these two half transmissions.

The two aspects of gear shifting are representative of manual and automatic
transmissions. Prior to shifting the first requirement is to synchronise the target gear,
realised using typical synchromesh synchronisers that are popular in manual
transmissions with low cost and high reliability. Once complete clutch-to-clutch
shifting can be performed. This applies similar methods to those performed in
automatic transmissions where hydraulically actuated clutches are simultaneously

released and engaged such that vibratory response is minimised in the powertrain.

The most significant change from AT to DCT clutch control is that there is no longer a
torque converter to dampen any transients developed during shifting. This requires a
much more precise application of clutch control to ensure shifting is completed within
the minimal time with maximum quality to produce power-on gear change without loss

of tractive load to the road.
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Figure 2.2: Dual lay shaft dual clutch transmission, where “C’” represents clutches, “B” signifies

bearing, “G” is for a gear pair, and “S” identifies synchronisers.

2.2.5 Powertrain nonlinearities

Powertrain nonlinearities arise from a diverse range of sources that will each have a

different impact on the powertrain transient response.

1.

Torque pulses arising from engine nonlinearity provide a substantial source of
forced vibration for the vehicle powertrain.

Torsional vibration absorbers such as dual mass flywheels (DMFW) provide
significant system damping, but also contain long travel arc springs (>90°) and
friction hysteresis that impact on vehicle response.

Clutch and synchroniser engagement alter physical characteristics of the
powertrain — particularly structure and inertia — when in different engaged states.
A change in gear ratio changes the inertia, initiating a transient response.

Major transmission components — the gears and synchronisers — are in contact
with designed clearances, or backlash. Under transient response these can
contribute to NVH through clonk response during and immediately after shifting.
Hydraulic control system is highly nonlinear, with interaction of fluid system

and spool dynamics. Hydraulic fluids with bulk modulus of the order 1~2 x 10°
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Pa, and the application of compressibility equations to these fluids results in a
numerically stiff system, requiring fine time step solvers to simulate accurately.
6. Synchroniser mechanism engagement generates multiple torques; during

actuation these will vary depending on sleeve location and speed in the system.

2.2.,6  Synchroniser and drag torque
The synchroniser mechanism has been around in some form or other since there has
been the requirement to change gears. The mechanism makes use of speed and torque
variations during engagement to achieve two goals, (1) synchronise speeds between
shaft and target gear, and (2) mechanically interlock gear to shaft to allow the delivery
of torque through the transmission. In a real sense little has changed since the
mechanism was first introduced, variations in clutch and blocking mechanism have been
introduced, but the basic synchromesh type of synchroniser is the most cost effective
and reliable of these designs.
Major components of the synchroniser are shown in Figure 2.3. Including: shaft and
saddle as the base of the mechanism, the sleeve is controlled with hydraulic actuators in
the DCT and interlocks target gear to shaft, detent and thrust piece locate the neutral
position and initially move ring ahead of sleeve. The ring is externally engaged by the
sleeve through chamfered splines and internally contains a cone clutch to synchronise
speeds, and target gear contains cone clutch hub and chamfers to mate with the sleeve
and interlock to the shaft.
Here the term chamfer refers to the dog gear, a series of chamfered splines, which play
an important role in restricting the engagement process and interlocking the target gear.
During actuation the cone clutch first synchronises gear and shaft speeds, sleeve
chamfers unblock the ring, and then lock the gear to the shaft. The engagement of the
synchroniser mechanism is highly nonlinear, and heavily reliant on torque balance for
control in the DCT, whereas in a MT the driver observation will play a significant role
in achieving correct engagements.
Drag torque is a major uncertainty in transmission design, particularly when selecting
synchronisers, and has a significant impact on mechanism engagement in terms of
success and duration. It results from speed and load dependent losses in the
transmission, and, with the new architecture of the DCT, it is important to quantify how

this has impacted on the development of drag in DCTs.



Chapter 2: Background Information and Literature Review 14

Detent ?nd
Sddlc thrust piece Sleeve Ir?;g;:fear
e - Chamfers
- Ring

7 Cone Clutch
y Shaft

Figure 2.3: Typical synchroniser mechanism schematic

2.2.77 Control systems
The transmission control unit (TCU) is a compact, high performance hydraulic system
consisting of a series of valves and solenoids to direct the engagement of clutches and
synchronisers. Highly nonlinear as a result of interactions of fluid and moving parts, it
must deliver precise control of the transmission under a wide range of operating
conditions. Citing Holmes & Tamba [2] the hydraulic control solenoid should provide
“.. precise output pressure stability control under varying temperature, source
pressures, output flow demands and commanded control pressures in a contaminated
hydraulic fluid media typical of automotive transmission applications. It provides fast,
repeatable and stable output pressure responses. The system has low output pressure
hysteresis and reduced contamination sensitivity to varying source pressure in the

pressure regulating range.”
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2.2.8 Drivetrain and differential
The drivetrain for a rear wheel drive powertrain consists of propeller shaft, differential,
axle, wheel hubs, and tyres. Each of these are made up of some form of flexible or
inertia components, and for the tyres the rolling inertia of the entire vehicle must be
considered. Nonlinearities in the drivetrain are not considered in this research;
nevertheless detailed models are required for a reasonable representation of the

powertrain.

2.3 DCT POWERTRAINS, SIMULATIONS, MODELLING AND CONTROL

2.3.1 Designs and state-of-the-art
Dual clutch transmissions are the subject of much research and development in recent
years as many automotive organisations seek to independently develop DCT
technologies, an example being literature presented by LuK [3, 4]. Matthes & Geunter
[5] highlight the flexibilities and capabilities of the DCT, with applications in a broad
range of passenger vehicles to date. While the most popularly researched arrangement
for the DCT is the dual lay shaft transmission, other researchers such as Tenberge [6]
provide alternative arrangements making use multiple synchronisers in one shift state to
increase the potential gear ratios. Nevertheless the current state-of-the-art in DCTs falls
to a handful of transmission components that must be studied. These include type of
clutch, application of control system, and various different applications of the

transmission.

23.1.1 Wet Vs Dry clutches
Early versions of the DCT reliedﬂon multi-plate wet clutches to perform gear shifting as
it is capable of absorbing the increased thermal load resulting from extended shift
periods required for smooth gearshifts and launches. This however limits the capacity
of the DCT to maximise fuel efficiencies as there are additional system losses in the
transmission and increase transmission fluid pumping requirements. The easiest and
most substantial improvement that can be made to the DCT’s efficiency is the
elimination of the wet clutch and associated hydraulic components. Ahlawat, et al, [7]

provides reference for the pumping requirements for hydraulic systems with specific
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application to DCTs, the particular simulations demonstrated torque requirements of
less than 1Nm.

Dry clutches have significant advantage in terms of efficiency, but have limitations is
torque capacity and extended slip times, both of which can be detrimental to the friction
coefficient [3, 4]. Summarising Certez, et al, [8], application of dry clutches can yield a
fuel economy improvement of 2 — 3%; however limitations to wear of the friction
surfaces requires its use in lower torque applications, with some clutch envelope size
limitations. While Berger, et al, [3] identifies the capacity to absorb high friction
energy generated in constant creeping, crawling, hill starts and holding, and during
general launch as a significant issue in development of dry clutch DCTs, suggesting
adaptive control be utilised to overcome degradation of friction surfaces as a likely
solution, implications for clutch judder are not addressed.

Rudolph, et al, [9] presents a comparison between the two predominant DCTs used by
Volkswagen, the DQ 200, a dry clutch DCT, and the DQ 250, of wet clutch design.
Much detail is given comparing the control systems developed between the two
transmission systems. The primary difference between both systems being the higher
efficiency of the DQ 200 at the cost of torque capacity; with the DQ 250 is capable of

maintaining 100Nm higher torque load.

2312 Electro-hydraulic or electromechanical control systems
With the implication of removing the clutch hydraulic fluid systems from the DCT
comes the concept of electromechanical control of both clutch and synchroniser to
completely remove hydraulics from the system, maximising the increase in system
efficiency. Wagner [10] suggests the implementation of traditional electric motors for
both clutch and synchroniser control through the novel application of lever mechanisms.
Conversely, Wheals, er al, [11] makes use of compact linear actuators for the
engagement of both mechanisms, with a lever arm to achieve balanced force application
to the clutch. The electromechanical actuator is presented in Turner, et al, [12], with
results demonstrating an actuator mechanism capable of providing force requirements
consistent with clutch and synchroniser actuation. Both methods have been adopted for

dry DCT control in some form or another with associated parent companies.
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2.3.1.3 Applications

Applications of the DCT are now quiet diverse, seeing deployment in supercars and
compact cars alike. Examples range from the Bugatti Veyron, with 1250Nm of torque
using wet clutches, to the Volkswagen range, Polo for example, using 250Nm dry
clutches. Two dual clutch transmissions that have found significant use in
Volkswagen’s passenger vehicle ranges are the DQ 200, a light weight dry clutch DCT
with applications to low torque powertrains, and the DQ 250, a wet clutch DCT for use
in higher torque applications [9].

The Chrysler ME 4-12 is a typical example of the supercar application of the DCT,
development presented by Rolland, et al, [13]. Peak torque applied to the clutch is
predicted to be 750Nm; the DCT achieves shifts in around 200ms with no loss of
traction to the road. Development requirements are wide ranging including clutch and
clutch control, synchroniser control, lubrication and overall control system.

The DCT also has application to hybrid vehicle systems. One example is for mild
hybrid systems such as the ESG presented by Wagner & Wagner [14], where a 10 kW
electric machine is used to improve vehicle efficiencies under high demand or low
engine efficiency conditions. Alternative hybrid systems have been presented by Joshi,
Shah & Mi [15] for a more complicated hybrid system employing two motors with the
DCT used to control torque flow of the system. Such a design is capable of much
broader operating modes for hybrid operation. Other examples where hybrid vehicles

have been identified for use with dual clutch transmission are included in [16-18]

23.2  Modelling, simulations, and analysis

Generally speaking modelling of the DCT as part of a powertrain has been limited to the
level required to develop a reasonable control system and simulate the results. These
simulations are typically transient shift or launch simulations demonstrating the
effectiveness of a particular control strategy. The choice of parameters and detail in the
model will reflect on reasonableness of results, with no current validation presented.

Goetz, Levesley & Crolla has the most comprehensive work on DCTs [19-21]. Initial
work develops the model, defines the shift control, and demonstrates it in simulation.
The later work goes further in demonstrating its operation on upshift, downshift, and
skip shift. The success of the work is primarily due to the well defined controller

methodologies for each shift type. In the case presented initially in Goetz, Levesley &
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Crolla [21] the complete powertrain is modelled as a series of inertial and compliant
elements. Greatest precision is placed on the transmission where a parallel pair of
clutches, shafts, synchronisers and gears is modelled. Additionally, drag is modelled by
grounding mass elements using torsional damping elements. Similarly to Goetz, the
work of Zhang, et al, [22], which has been built on by Kulkarni, Shim & Zhang [23],
uses an arrangement of spring and inertial elements powertrain components. However,
fewer degrees of freedom are used with losses lumped as a single element. This is
generally considered acceptable as the focus of control is on the transmission itself, but
oversimplification of the model can lead to limited accuracy of powertrain transients.
Kirschstein [24] models the powertrain as a four degree of freedom system (4DOF),
primarily focussing on controller gain selection for launch control of the transmission.
The most popular technique is to develop a four degree of freedom model using some
variation of finite elements. Major inertia elements are sought from engine, clutch drum
and plates, transmission, and vehicle, each connected by shaft stiffness. This technique
is adopted by Song, Liu & Smedley [25], Kirschstein [24], Lei, Wang & Ge [26] and
Liu, et al, [27] in addition to the previously identified authors [22, 23] for separate
control strategies. These models produce sufficient responses in terms of representing
the lower natural modes. A less detailed model by Xuexun, et al, [28] uses two degrees
of freedom, one for the engine and another for the vehicle, but with no compliance
elements it becomes impossible to demonstrate the vehicle transient response.

The most important aspect of developing a model is being able to reproduce results that
reflect the vehicle dynamics. For shift and launch transient control the vehicle should
replicate the vehicle rigid body, shuffle and lower frequency vibration modes
experienced by the driver as a result of shifting. Only with such responses is it then
possible to demonstrate the vehicle dynamics observed from the driver. Examples of
using lumped inertia-stiffness methods see Courderc, et al, [29] or Crowther & Zhang
[30], or distributed mass models, Bartlett & Whalley [31].

2.3.3 Control methods employed in DCTs
There are several control methods that have been applied to dual clutch transmissions,
ranging from basic open loop methods through to fuzzy control techniques. To some
extent the range of success of different applications is limited by the detail in the

dynamic modelling presented, but the relevance of employed techniques can be assessed.
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Beginning with the most detailed methods presented by Goetz, Levesley & Crolla [1,
19-21], specific control methods are presented for up, down and double shifts. Each of
these papers presents similar demonstrations of shift control techniques with reasonable
results. Briefly, for any shift control is split into torque and inertia phases. After shift
requirement is detected pressure is reduced for the releasing clutch, and for the engaging
clutch the pack is prefilled. For the torque phase slip is initiated in the released clutch
and the ongoing clutch torque is matched to the required torque. On the completion of
the torque phase the off going clutch is deactivated, and engine and clutch pressure for
the ongoing clutch are controlled to ensure smooth lockup.

An alternate control technique presented by Lei, Wang & Ge [26] is similar to
previously presented, where the ongoing clutch is controlled for slip speed, and the off
going clutch is released controlling the output torque. The goal is to minimise the
negative output torque resulting from clutch overlap and minimise transient responses
result from the shift.

A basic method applied by Goetz in [1], Zhang, et al, [22] and Kulkarni, Shim & Zhang
[23] is to use a predefined control signal to perform the shift. Here Zhang, et al, [22]
and Kulkarni, Shim & Zhang [23] adopt pressure profiles to perform the shift. In this
way it is somewhat similar to speed based control techniques for automatic
transmissions. Liu, et al, [27] adopts similar methods to these authors with the
introduction of PID controllers across different launch, creep and shift applications to
reduce the shifting period. The drawback of these methods is the ‘torque hump’, or
surging, as clutch torque peaks well above mean clutch torque.

Open loop control methods have be adopted by Song, Liu & Smedley [25] for heavy
vehicle applications. There is demonstrative success for the capability to perform shifts,
and results have similar comparison to a single clutch transmission, with reduced torque
hole, as driving load is released during shift, over MTs. However, there are still
significant improvements that can be made to the shift responses to improve the
engagement, noting particularly the interruption of vehicle speed during shifts.

Fuzzy control techniques have been applied by Xuexun, et al, [28] for shift control of a
DCT. Though there is demonstration of the capacity for such a method to achieve a
reasonable shift in the DCT, the system variables in transmission modelling are well
established, thus making the need for fuzzy based control strategies limited.

Launch control techniques are somewhat simpler. Kulkarni, Shim & Zhang [23] uses

ramp inputs to perform launch control, and by modifying profiles, demonstrate the
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capacity to improve ride performance with reduced gradient profiles. Kirschstein [24]
progresses along an alternate method, modifying the controller gain to demonstrate the
effects of poor gain selection on producing inferior launch responses, particularly results
emulate clutch engagement judder as a result of poor gain selection.

Overall, control of DCTs for both shift and launch simulations focuses on the combined
torque and speed control of clutches integrated with speed control of the engine.
Limitations to this research lie with the lack of detailed study into different facets of
shift control, such as assessment of controller accuracy or time delay. Consider
principally that transient vibration minimisation results from the requirement to reduce
speed, torque and inertia discontinuities during the transient. Little emphasis is placed

on the variation in clutch and engine torques during the transient period.

2.3.4 Assumptions and limitations of current research
Six significant assumptions are made when investigating modelling, simulation, and
control of DCTs. The first of which is critical to the simulations of control using
dynamic system models, where each of the authors [19 — 24] uses different assumptions
in modelling the hydraulic control systems. Though useful for developing control
algorithms some of system characteristics are lost. The second regards engine models,
where mean torque models are used, ignoring torque pulses present reciprocating piston
engines. The third is ignoring the requirement for synchroniser engagement prior to
shifting, and the fourth is modelling of nonlinear mesh in gears, where backlash during
abrupt transients is ignored for the sake of model simplicity. Final assumptions include
temperature and efficiency losses in the system. Each of these is detailed in the
following sections of this review, studying different authors’ assumptions with respect

to DCTs and alternatives presented in available literature.

2.34.1 Hydraulic control system models
Modelling of the control systems in the DCT is quiet varied, ranging from ideal input
torques [22, 23, 27] to linearised with time delay [24] and experimentally derived
transfer functions [1, 19-21]. Other examples, including Song [25], use readily
available software models, while Xuexun, et al, [28] presents a 3DOF model of clutch
piston dynamics interacting with the hydraulic fluid. There are several reasons that

these authors have identified for not including detailed transmission controller models.
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Primarily the level of detail required in modelling hydraulic systems, and high stiffness
associated with fluid bulk modulus will result in computationally intensive simulations.
Kulkarni, Shim & Zhang [22, 23] use a very simple model to simulate the hydraulic
components of the DCT. The hydraulic system is replaced with a lookup table to
provide outputs for pressure at the clutch based on an input signal. This type of
simplification fails to account for two aspects of hydraulic circuits, both the time delay
experienced by the circuit and the response are ignored. Thus the system response is
simplified, though it is still possible to demonstrate control of the DCT with this method.
In a paper investigating clutch launch judder for DCTs, Kirschstein [24] simulates the
transmission control unit (TCU) hydraulic response by linearising the system and
included a time delay to represent the hydraulic delay inherent in any such system. This
accounts for one aspect of the response of the hydraulics, but the high degree of
nonlinearity in the system results in a varying time delay. Goetz, Levesley & Crolla
[21] employ a phenomenological based model after some investigation into how to
model the components, identifying computational time and contact nonlinearities as
constraints to conventional modelling. This method utilised two second order transfer
functions to simulate the response of the hydraulic control system, accounting for some
aspects of the nonlinearities present. Methods for the development of hydraulic models
for the DCT are primarily focused on the simplification of the system to provide
computationally compact solutions for use in control simulations. These methods,
however, can limit the range of operating conditions in which the model is applicable
and are less precise when considering the high degree of nonlinearity of the hydraulic
systems.

However, authors such as [32-34] have provided detailed hydraulic systems models that
have proven effective for shift transient simulations in conventional planetary ATs or
AMTs. Similar models for control of CVTs have also been performed by Pesgens, et al,
[35]. By and large these rely on fundamental theory of Newtonian mechanics and fluid
dynamics, with popular methods found in {36-39]. Hydraulic control systems, such as
those employed in DCTs, are complicated by high nonlinearity and variable time delay,

suggesting that transient simulations should use detailed hydraulic system models.



Chapter 2: Background Information and Literature Review 22

2.34.2 Engine torque models

The engine torque models employed in current literature fall into three groups.
Kirschstein [24] linearises the engine torque based on throttle angle and speed, [22, 23,
25, 27] use engine maps with throttle and speed as references, while Goetz, Levesley &
Crolla [20, 21] uses empirical mean torque models based on those presented by Moskwa
& Hendrick [40]. For development and analysis of clutch shift and launch control such
methods are quite reasonable, and result from current methods employed for AT shift
control simulations. Kiencke & Nielson [41] or Zhang, et al, [42] provide typical
examples for AT control modelling.

Some effort has been made by Goetz, Levesley & Crolla [21] to simulate transients
through the introduction of white noise over the engine speed, but it is unclear if engine
torque is affected. Crowther, et al, [43] uses trigonometric functions to simulate piston
firing torque pulses to reproduce engine torque harmonics acting in the powertrain.

For extensive vibration studies during shift transients, engine models with harmonics
torques can and probably should be deployed in DCT models. This is most important as
AT systems utilise hydrodynamic torque converters to isolate engine transients from the
powertrain, an assumption that cannot be entirely satisfied through the use of torsional
absorbers by the likes of [1, 25] without some form of verification. Fredriksson &
Karlsson [44] compares the use of mean torque and transient engine models in control
applications, identifying the requirement to use transient models when considering
backlash only as the powertrain damps transient vibrations. However only frequency
analysis is used to identify impacts of engine transients. Consider also that lookup
tables provide instantaneous changes to engine torque, while the actual engine response

to throttle change is limited to the rate of piston firing, a form of time delay results.

2.34.3 Synchroniser
For DCTs the engagement of synchroniser occurs prior to clutch to clutch shifting, and
as a consequence little study of the synchroniser engagement and the effects it may or
may not have on the shift transient are researched. Goetz [1] has modelled the cone
clutch for some simulations, but the complex nonlinear characteristics of interlocking
gear to shaft are ignored. It is more common to treat the mechanism as either a power
switch [22, 23], or ignore it entirely [24, 25, 27, 28]. The reasoning chosen by these

authors is sound. Nevertheless the introduction of the synchroniser into a new operating
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environment requires that some consideration for the study of synchroniser engagement

and control be performed.

Rolland, et al, [13] provides some indication of the desired engagement times for
synchronisers, referring to engagement times varying from 50 to 400ms in a high
performance transmission. Using pre-selection of gears the synchroniser engagement is
imperceptible to the driver [13]. However, in manual override of the transmission, the
engagement must be minimised to reduce delay between shift command and actual

shifting of the transmission.

2.3.4.4 Gear mesh nonlinearities
Particular to these models 1s the assessment of vibrations in the transmission, to which
nonlinearities in the gear mesh is a significant contributor. As a typical example authors
such as [22, 23] have assumed no backlash condition for gear mesh, common in control
studies, eliminating the need to model nonlinear gear contacts, and significantly
reducing computational demand for transient analysis. Refs [45, 46] are two typical
examples of studying the impact of these nonlinearities on powertrain response, where

gear lash contributes to both idle gear rattle and clonk response in the powertrain.

2345 Temperature
Temperature effects can be quiet difficult to accurately quantify when modelling a DCT.
The primary issue is that ATF properties vary significantly through different operating
temperatures, and for this reason it is ignored by [22, 23], as such mechanical losses
from fluid systems are constant with respect to temperature. From a design perspective,
Lechner & Naunheimer [47] treats the variation in temperature by considering physical
properties of ATF as a constant at 80°C, consistent with how temperature dependent
variables are incorporated into system models. However, to fully understand how the
temperature extremes impact on operation of synchroniser engagement in particular, the
consideration of temperature extremes — particularly subzero degree centigrade cold
starts — during modelling must be considered. Thus some variation of transmission
fluid parameters of viscosity and density can be performed to study temperature impact
on synchronisers. Furthermore Yang, et al, [48] investigation of wet clutch engagement

shows impact on friction torque from nominal operating temperature. However, to
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accurately model the variation of temperature in the transmission would require
extensive application of thermodynamic theories, significantly complicating the model
in a manner that is unlikely to generate information relevant to the goals of this project;

therefore temperature fluctuation can be ignored.

2.3.4.6 Mechanical losses
Mechanical losses are of interest to the modelling of the DCT as the engagement of
synchronisers and clutches must overcome the energy losses in addition to the energy
required for engagement, as well as providing a significant source of damping in the
powertrain. The handling of mechanical losses varies. Goetz, Levesley & Crolla [21]
couple inertia components to the ground using dampers to simulate drag in the
transmission, primarily at the gears, synchronisers, and clutch packs. Kulkarni, Shim &
Zhang [23] incorporate all losses in the vehicle drag, while Zhang, er al, [22] treats
losses as a single damping component to the ground. Kirschstein [24] ignores
mechanical losses completely, as does Lei, Wang & Ge [26]. Given that the DCT
design is relatively well established with only light damping in place, these sources

require more consideration as part of the powertrain model.

2.3.5 Afinal note on DCT control and assumptions
Many authors have performed some form of research into control of the DCT and
popular control techniques for combined torque and speed control of the clutch during
shifting is extensively covered by authors such as [1, 19, 20, 22, 23, and 27]. Results
are generally consistent with little detail beyond shift and/or launch control. It is
therefore proposed that research move towards more detailed studies of DCT transient
vibrations. This includes the impact of control methodologies and highly nonlinear
hydraulic control systems, as well as investigation of the impact of the previously
addressed assumptions, consisting of transient engine torque models and impact of
vibration isolators, impact of synchroniser engagement on the powertrain, and nonlinear

contact in gear mesh and synchroniser.
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23.6 Synchroniser dynamics and modelling
In general, research into synchroniser engagement can be divided up into two groups, (1)
mathematical investigation of the mechanism characteristics, and (2) numerical
simulations of the engagement, each of which provide significant contributions to the

understanding the process of synchroniser engagement.

2.3.6.1 Fundamental studies of synchronisers
Much of the fundamental research into the synchroniser and its actuation has been
studied by ref. [49-53], covering a wide range of topics from fundamental theory
through to design considerations and failure modes. Derived equations for cone and
chamfer torques are consistent between these authors and are used in one form or
another by many others in developing numerical models. The conclusion drawn on the
synchroniser actuation is that it fundamentally relies on the correct balancing of torques
— cone, chamfer, and drag — to actuate and engage normally [49-53]. Driver feel also
plays a significant role in evaluating synchroniser engagements, affecting a form of
closed loop control. Sykes and Szadkowski, et al, [54-56] present methods for
evaluating shift quality observed by the driver, generally derived as a function of
engagement forces. Note also that, as highlighted in Kelly & Kent [57], these forces are
also affected significantly by linkages and selectors in manual transmissions.
The initial research by M’Ewen [53] develops equations relating the various torques,
synchroniser time, and incorporates the inertia of the target gear in conjunction with that
of the vehicle. This work is expanded to include variables such as speed dependent
friction coefficient and other mechanism types. Abdel-Halim, et al, [SO] expands on
this work to include theory for multi-cone synchroniser mechanisms, particularly triple
cones.
The work of Socin & Walters [49] is more expansive and includes detailed discussion of
various factors that influence different stages of the synchronisation process. This
includes friction surface quality, failure modes, limit stacks as examples. Of particular
interest is the discussion on failure modes of the mechanism, which greatly aid
understanding of certain relationships. Additionally assumptions are made to eliminate
the use of vehicle inertia in the modelling process.
Razzacki [51] discusses the design of the synchromesh synchroniser in detail,

specifically targeting the influence of design dimensions and tolerances. Further
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research by Razzacki & Hottenstein [52] investigates the application of synchronisers
for use in dual clutch transmissions, particularly developing the system drag torque
model and experimentally investigating the indexing torque friction coefficient in the
mechanism.

One significant consideration is for the inclusion of the synchroniser as a component of
the powertrain [53] or, given that the powertrain inertia greatly exceeds that of the
synchroniser and target gear, the study of the synchroniser independently of the
powertrain [49], i.e. the powertrain inertia effectively acts as grounding. The reasoning
behind original inclusions is associated mainly with older synchroniser designs that,
with longer engagement times, are influenced by variation in vehicle speed.

Austen [58] highlights the influence of drag on manual transmissions, with it slowing
the target gear for upshifts but resisting the target gear for downshifts. Rosen, et al, [59]
disseminates knowledge on the use of synchronisers in heavy vehicles pointing out that
the high drag influences the wear on friction surfaces for low gears, and the influence of
low lubricant temperature on increasing drag. Both Socin & Walters [49] and M’Ewen
[53] also highlight the influence of drag torque on the synchroniser, particularly with

respect to the impact on mechanism failures.

2.3.6.2 Failure modes in the synchroniser

Within synchronisers there are both mechanical and material failure modes. The
mechanical failure mechanisms of synchronisation primarily occur during the transition
from speed synchronisation to unblocking processes, or within the indexing process
itself. These failure modes are clash, partial clash, ring block out, and hub block out.
These failure mechanisms arise when torque balances that control engagement are not
met. Material failure modes are generally associated with damage to the cone or
indexing tooth chamfers and in the case of tooth damage, arise from clash. Socin &
Walters [49] provides the most comprehensive analysis of the process, understanding of
the design requirements, and knowledge of failure modes. Much of this information is
backed by publications by other authors who have investigated individual aspects of the
mechanism.

If cone torque is less than chamfer torque during speed synchronisation, the sleeve will
be able to push through the ring, and prematurely engage teeth on the hub while there is

still a relative speed in between sleeve and gear hub. This is known as clash according
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to Socin & Walters [49]. The result of clash is damage to the points of chamfers on
sleeve and/or hub. This is generally the result of ineffective oil wiping of cone surfaces
reducing the overall cone torque [47, 52, and 59]. However, it can also occur if there is
torsional excitation of the powertrain which alters the blocking alignment, facilitating
the translation of the sleeve [47]. Upshift grating and partial clash are essentially the
same and are variants of this failure mode. These can occur when the transmission fluid
is cold and the higher drag torque causes excessive relative motion when the two splines
are engaging the cone dogs. Other causes are associated with damage and wear to
friction and chamfer surfaces [49].

The second major failure mode occurs if drag torque exceeds chamfer or cone torque
during the unblocking or indexing phase of synchronisation. This is known as block out,
and can be of two forms. Either the required load will increase before the gear can be
engaged, or engagement will be impossible [49]. It is generally a fault in the cone
clutch where the static friction torque is low or clearance between internal and external
cones is unfavourable for shifting, and can also arise from damaged chamfer surfaces,
high drag during cold starts or poorly designed chamfers. When this occurs
significantly more force is required for the chamfered splines to provide a rotational
torque between the two friction elements [47, 59]. With respect to DCTs, the main
concern is changes to drag torque are not well understood or investigated, and the
resulting implications on both clash and block out during engagement. Through the
evaluation of torque parameters it should be possible to design the applied load to
ensure that this does not occur.

Other failures are associated with damage to the cone from thermal overload, excessive
wear, or fracture of the ring developed from stress concentrations [47]. Thermal
overload will have the effect of damaging the frictional surfaces and consequently
reduce the frictional coefficients of said surfaces, which will reduce the efficiency of the
system. Wear works in a similar manner where there will be excessive damage to
frictional surfaces reducing its lifetime. Stress concentrations have largely been
eliminated through good design practices but previously would damage the ring causing

fundamental failure [47].
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2.3.6.3 Numerical simulations of synchronisers
The three aims of modelling that have been identified are to demonstrate the shift force
required by the driver in MTs, to investigate the variability in actuation of the system,
and the third is focused on understanding and improving synchroniser mechanisms so as
to shed light on various issues that surround the process. One popular method is
optimisation of synchroniser designs [60-62] with the focus being on improved
performance, reduced effort and smooth actuation. Generally speaking the focus of
these works, with respect to optimisation, is the demonstration of different techniques in
optimal design.
Kim, et al, [63] develops a synchroniser model for the purpose of investigating the
required shift forces in manual transmissions. This incorporates shift forks and leavers
required for the driver. As driving force must be determined Kim, et al, [63] use the
displacement of the sleeve as the control variable. Generally speaking the results are
reasonably accurate when compared to experimental work. Inaccuracies are likely to be
due to the treatment of drag and lubrication, both of which will vary over the
synchronisation and indexing process. Importantly, the variation in second peak load
between model and experimental results indicate that the variation in indexing
alignment is random and must be treated as such. By comparison Lovas, et al, [64]
incorporate the effects of lubrication into the model and demonstrates that there are
additional peaks as lubrication breakthrough progresses before synchronisation or
indexing occurs.
Simulation of synchronisation performed by Hoshino [65] demonstrates several critical
phases. A synchroniser model is introduced into ADAMS for the purpose investigating
the process. The results illustrate that most variability in the system lies in the indexing
and meshing phases of synchronisation. After meshing, as the gear is only freewheeling,
the clearances and under cutting of the mesh teeth result in vibration. This should be
considered backlash. The importance of considering a holistic powertrain model is
demonstrated by Szadkowski [55] where the inertia and drag generated by the clutch
alone are stated to be critical to the study of shift quality, the goal of most investigations
into synchronisers.
The most important result presented by Hoshino [65] is achieved when increasing the
sleeve speed, resulting in reduced synchronisation time. The splines make contact on
the reverse edge of the synchroniser and move the sleeve backwards before completing

the engagement on the back face of the splines. A similar result is achieved at lowest
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speed. However the splines climb over the tooth and move down the front face of the
teeth. The shortest indexing phase is when the splines make contact with the front face
initially; this reduces the impact of the resiting moment on the engagement process and

greatly speeds up the engagement process (Figure 2.4).
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Figure 2.4: Mesh phases during indexing of the synchroniser [65]

Another investigation into synchroniser mechanisms was performed by Lovas, et al,
[64]. A significant addition to previously discussed works is the incorporation of
system drags onto the mechanism, as well as thermal effects, though the capacity of the
ring to heat, expand and shrink over the cone clutch hub is a limited assumption given
the speed of actuation. Also the phenomenon of stick-slip is incorporated into the
model. However, again the powertrain is not included in the analysis. A significant
portion of the lubricant effects studied is developed from Paffoni, et al, [66, 67] where
the oil squeezing and hydrodynamic effects of the synchroniser cone are studied. Here
theoretical and experimental studies are undertaken to develop an understanding of the
influence of grooved friction surfaces on oil wiping of the synchroniser. In particular,
oil squeezing forces and viscous contact friction equations are presented for application
to synchroniser cones. In developing the model of the synchroniser Paffoni, Progn &
Gras [66] excludes drag from bearings, gears, et cetera, enabling the author to normalise
parameters and develop generalised solutions to the hydrodynamic model. This is not
consistent with [49], drag has a significant effect on the entire engagement process, and
must therefore be included in any model of synchroniser mechanisms.

With respect to stick-slip, Lovas, et al, [64] demonstrates that it is highly dependent on
shaft stiffness, to the point that it will initiate at the cone without high stiffness values.
If there is prolonged stick before synchronisation is complete then the indexing splines

will start to engage the dogs and cause partial clash during indexing.
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The main focus of Lovas, et al, [64] however is the “double bump” felt by the driver
during gear engagement, and is also studied by refs. [60, 61, 65]. By including thermal
effects, Lovas, et al, [64] demonstrates that the ring enlarges and shrinks onto the hub
due to its low thermal mass. This results in the increased initial breakaway force which
is applied by the indexing splines. In agreement with Hoshino [65], Lovas, et al, [64]
demonstrates that it is easier to turn the gear against the direction of gear velocity during
indexing. The presented results show that a smaller applied force is required to perform
indexing. This is due to the fact that indexing no longer has to fight drag torque, but is
in fact aided by the torque load. In practice the ring sticking and the initial applied force
by splines make up the phenomenon of double bump. The critical variables identified
by Lovas, et al, [64] are the tolerances in the cone, material properties, and friction
coefficient for sticking bump, and the relative position of splines for indexing bump
which affect the maximum forces resulting during synchronisation.

A third set of simulations was conducted by Liu & Tseng [60], again ADAMs has been
used to generate a solid model to run simulations on, the focus being the controlled
variables of applied load, cone friction coefficient, and indexing chamfer coefficient; as
well as the uncontrolled variable of sleeve and hub spline orientation. The overall
results for controlled variables are not unexpected; with the time for indexing and
synchronising varying in the expected manner. The result for the uncontrolled variable
is as previously discussed. The time taken can vary from 20ms for perfect alignment to
90ms seconds when chamfers are required to move up and over the backward facing
chamfer. This is consistent with ref. [60, 65] (Figure 2.5). It is concluded that minor
changes to this phase of the chamfer alignment has significant effect of the duration of
engagement. There is no clear definition for the source of this error, some indications

are considered by Hoshino [65] with respect to slip in the cone.
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Distance of sleeve movement with the same conditions in different situation
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Figure 2.5: Figure of sleeve displacement with varying chamfer alignments from Liu & Tseng [60]

Abdel-Halim, et al, [50] demonstrated the importance of understanding the effects of
lubrication on synchronisation when investigating the affect it has on the mean
coefficient of friction. It was demonstrated at that there is little difference of coefficient
of friction at cold start (0°C) and operating temperature (75°C) for a single cone
synchroniser, but with a triple cone synchroniser under the same conditions, the
coefficient of friction is almost halved. This result indicates that there is difficulty in
wiping excess lubrication from the additional frictional surfaces as the cones engage.

A commonality in several of these works [63, 65] is that when modelling, to develop the
random engagement of the chamfers, another layer needs to be added to the model to
ensure that the engagement is random. This will have effects on modelling the double
bump phenomenon.

Finally, refs. [60, 63-65] do not put forward much discussion on the influence of drag
torque in developing the model. While it is identified as a significant, uncontrolled
variable in other research, there is little study of its influence on the engagement of
synchronisers, particularly in Hoshino [65] where relative speed after ring unblocking is

identified as a potential engagement issue.

2.3.7 Dragtorque
Understanding the impact of drag torque on the DCT as a whole and on the
synchroniser in particular is critical to developing a precise synchroniser model that
responds in a manner consistent with actuation in DCTs; it is the most significant source
of losses in transmissions and contributes as an uncontrolled influence on synchroniser

engagements. Identification of these drag torques and modelling the variation with
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speed will provide insight into performance of the transmission and synchroniser, and
how these can be influenced for improved response. Greenbaum, Kluger &
Westmoreland [68] identifies major drag sources as being either load or speed
dependent, depending largely on configurations chosen by transmission designers.
These are further divided into windage and churning of gears and bearings, friction
losses in the gears, and slipping losses in wet clutches and concentrically aligned shafts.
The majority of current research is focused on only one of these drag torque sources,

with the combining of different drag torques studied to a lesser extent.

2.3.7.1 Simulations of combined drag torques

Detailed studies combining different sources drag torque in transmission or gear pairs is
limited, Anderson & Lowenthal [69-71] investigates losses for spur gear pairs and spur
gear transmissions. Heingartner & Mba [72] investigates large power station
transmission efficiencies, while Changenet, Oviedo-Marlot & Velex and Diab, et al, [73,
74] research targets helical gears in a manual transmission. With detailed knowledge of
transmission structures and systems parameters these authors are generally capable of
verifying analytical and experimental results to within 10-15%. By extending the model
to include local temperature variations Changenet & Velex [73] can further reduced the
discrepancies to within 5%.

Both Razzacki & Hottenstein [52] and Lovas, et al, [64] identify the sources of losses
acting on synchronisers, but the extent of detailed modelling is not well established.
Lechner & Naunheimer [47] suggests as a starting point, for passenger vehicles, drag
torques of 2Nm acting on the synchroniser can be expected. Briec and Hennequet [75]
study of power losses in a manual transmission with different lubricants predicts losses
at about 2-3 kW at 90kph depending on transmission and fluid, equating to 6-9 Nm loss

of torque for the whole transmission.

2.3.7.2 Sources of drag
Research into the modelling of different sources of drag is much more extensive. The
available literature is identified in this section. However rationale for application of
specific methods is not presented until the chapter on drag torque. Detailed analytical
methods for studying transmission losses are included in [76] for gear friction, windage,

and various other losses.
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The most well established bearing loss analysis is performed by Harris [77], but other
models are available from bearing manufacturers, such as Malmer [78]. This can
include both friction and windage losses in bearings. The methods presented by Harris
[77] is manufacturer independent and therefore popularly employed.

Losses in wet clutches arise through the relative motion of friction and spacing plates
through continuous submersion in transmission fluid. These are studied by refs. [48,
79-81] for constant viscosity conditions with different methods for determining
reduction in wetted areas at high speeds.

Friction losses in the gear pair have been investigated in refs. [69, 76, 82-84] with
investigations covering numerical and experimental research, primarily focused on
friction impacts on transient vibration of the gear. Research covers either the derivation
of empirical equations for time averaged friction losses, or investigations of friction loss
within the variation of mesh contact, with time averages investigations being more
computationally efficient. The most focus of these investigations is the application of
variable friction coefficients through the mesh range of contact, typical examples being
refs. [84, 85]. An observed issue by Song, Liu & Smedley [86] is that many of these
friction models tend to infinity at the pitch point. Several different methods are
suggested as solutions, such as a smoothed coulomb friction model. Alternatively
Changenet & Velex [73] uses a time averaged friction coefficient for evaluating drag
torques in a MT.

The churning losses in gears are the result of gears or gear pairs rotating through oil
baths in the transmission, generally associated with dip-type lubrication. Hohn,
Michaelis & Otto [87] examines the influence of immersion depth against risk of gear
failure, with lower immersion increasing risk of failure. A comparison of different
models is performed in refs. [88, 89], comparing popular churning models of Boness or
Terekhov [90, 91] among other models. Changenet & Velex [88] provides an
alternative empirical model correlated against a series of experiments. This method for
model derivation is an issue with churning models in particular, where each of the
models described above utilises empirical correlation to their own experimental data
and use the same experimental apparatus to validate the model.

Windage, similarly to churning, of gears is the rotation through oil-air vapour mixture.
Models for evaluating windage are available in refs. [69, 92]. These are evaluated by
Diab, et al, [93] along with empirical and semi-analytical models by the same author,

with reasonable results presented for the semi-analytical method. Al-Shibl, Simmons &
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Eastwick [94] also investigate these windage losses, correlating data from
computational fluid dynamics with experimental results. However, only Dawson [92]
correctly identifies the limitation of empirical results to use for similarly designed

conditions.

2.3.7.3 A final note on drag torque
Extensive literature research by Eastwick & Johnson [95] covering 41 different research
papers on gear windage has found the same issue the is identified in the previous section
in gear churning and windage, with models validated on the same experimental bed that
the data was derived from:
“It is clear that all the modelling work to date is very closely allied to particular gear
configurations, and this therefére makes the range of validity limited”
This quote from Eastwick & Johnson [95] highlights a major issue with much of the
experimentally derived empirical research into gear churning, windage, and friction
losses. While more detailed comparison of the different drag torques is made in the
Chapter 5, with only limited data available for this research, the model presented has
some limitations. However, it will provide a sufficiently representative model of drag
torque variation for the purposes of academic research, with limited capacity for

accurate experimental validation.

2.3.8 Hydraulics

The hydraulic control system for DCTs is critical to achieving high degrees of shift
quality during transient operations. The development of accurate hydraulic models for
gearshift control has been pefférmed by Jeyakumaran & Zhang [32], Watechagit &
Srinivasan, [33] and Favennec, et al, [96] for conventional ATs, by Pesgens, et al, [35]
for a CVT and by Lucente, Montanari & Rossi [34] for an AMT. These papers focus on
the hydraulic system responses when controlling shift transients, and comparison of
how these impact of the shift quality.

Numerous models for individual valves are prepared by Wang, Kraska & Ortmann [97],
using transfer functions, or refs. [98-100] using conventional techniques. Procedure for
modelling is consistent with methods suggested in refs. [36, 37], applying conventional
Newtonian Mechanics and fluid dynamic equations for compressible systems. A

common issue identified being the high stiffness inherent in hydraulic systems, Ferreira,
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et al, [101] suggests the use of semi-empirical models, in this case applied in dSPACE,
for hardware-in-the-loop simulations, increasing the model time-step significantly.
Alternatively Valdes, et al, [102] uses incompressible flow and computational fluid
dynamics to attempt to reduce the order of conventional hydraulic system models.

Yu, et al, [103] studies the variation in hydraulic fluid effective bulk modulus. Sources
of variation include air content, oil pressure, oil temperature, and pipe and seal rigidity.
Simulation and experimentation demonstrated that the use of variable bulk modulus
produces a more accurate result. Another aspect considered is modelling of the
electromechanical solenoid. Kajima & Kawamura [104] study various factors affecting
solenoid designs, providing a detailed methodology for mathematical modelling of
electromagnetic systems, while Topcu, Kamis & Yuksel [105] suggests that the rapid
response of solenoids means that models can be replaced by look up tables.

In summary, it is common practice to model hydraulic systems for numerical studies of
vehicle transmission or the hydraulic system itself, though this has not been performed
for DCTs. This is most frequently achieved using conventional fluid theory and
Newtonian mechanics. Generally, consideration is given on how to treat the magneto-
motive force generated in the solenoid, either as a lookup table or by modelling the

electromagnetic process in the windings, again applying well established theory.

2.3.9 Engine models

The applications of engine models for the DCT are critical to transient studies. With no
torque converter, engine harmonics are no longer isolated from the powertrain;
furthermore precise engine control is now required to achieve best quality results for
shifting. The methods for engine modelling identified in current literature are empirical
engine models [1], engine maps and lookup tables [22], and linearised models [24].
Empirical engine models such as [40, 106] provide the most flexibility for control with
the capability to modify variables such as spark advance, exhaust gas recirculation and
air fuel ratio, while the use of maps generally only consider throttle angle and engine
speed for control purposes. Each of these models provides precise mean torque values
and utilise control without consideration of the delays associated with piston firing on
output engine torque.

Neglected from each of these models is the transient engine torque. Only mean values

are used. This is reasonable for control applications with conventional ATs, but as the
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DCT requires precise control, and to evaluate the influence of engine dynamics on
shifting, the use of transient engine models is required. Taylor [107] provides methods
for determining instantaneous torque from individual pistons based on piston head
pressure and variable inertia of piston and connecting rods. An example of torsional
finite element model for an engine is presented in Larmi [108], though the size of the
engine, a marine diesel, is significantly larger that the engine used here, results however
show the variation of output torque through rotation of the crankshaft.

In this research two separate engine models will be used. For initial control and ideal
transient simulations, a mean torque map will be used for transient simulations.
However, a lumped mass model of an engine will also be employed to study the effects

of transient torque and limitations to engine control.

2.3.10 Dual Mass Flywheel

The isolation of engine transient vibration and reduction of lockup transients are
probably two of the most significant issues affecting DCT in terms of NVH. While the
focus of shift transient reduction is mainly focused on the minimisation of transient
vibration during lockup events, isolation of engine transients is more associated with the
use of torsional dampers and dual mass flywheels (DMFW). For example the DQ250
uses conventional torsional dampers to isolate engine from transmission.

Significant industrial research is provided by LuK with literature published in regular
symposiums. Research is presented as early as 1986 in [109] where development and
initial models are discussed. Much of the LuK research covers development of different
DMFW models for vibration isolation, demonstrating model parameters and research
into effects of hysteresis [109-113]. Most recent research by Reik [110] suggests that
improved efficiencies of powertrain may require introduction of pendulum absorbers in
addition to the DMFW (see ref. [114] for formulation of pendulum absorber model).
Yamamoto, et al, [115] provides a comparative study for development of a DMFW,
similarly to previous a long travel arc spring is used to isolate high frequency forced
vibrations of the engine from the drivetrain.

Gaillard & Singh [116] offer several different models for studying the use of torsional
dampers on gear rattle, suggesting that the nonlinear model requires application of
visco-elastic and dry friction elements for accurate representation of hysteresis.

Simulations indicate that some models more capable of minimising vibrations under
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certain resonances. Kim [117] studies the use of different torsional absorbers on
improving launch performance. The DMFW is demonstrated to have the best launch
performance through the isolating rapid accelerations in the engine from the powertrain,
reducing impulsive speed changes and improving driver feel. Theodossiades, et al, [118]
experimentally studies the capacity for DMFW to partially suppress clonk through

attenuation of specific modes associated with its transmission through the powertrain.

2.3.11 Powertrain modelling methods

Application of finite element and lumped mass models is one of the more popular
methods for studying the behaviour of powertrains in transient conditions. Comparing
Goetz, Levesley & Crolla [1] using a 12DOF model to Kulkarni, Shim & Zhang [23]
using a 4DOF model, impacts of the different DOF are reasonably perceptible in terms
of peak-to-peak vibrations and overall response, though damping appears similar.
Examples of different studies using finite elements are available for MT [29] and ATs
[119]. For such models, nonlinear studies of gear mesh, shift transients, and tip-in tip-
out transients are investigated. Alternative methods include rigid body simulations,
similar to those of Zhang, Chen & Xi [42]. However transient dynamics are
compromised with lower degrees of freedom limiting the response, these models more
applicable to control studies. Bartlett & Whalley [31] demonstrate a hybridised
lumped-distributed mass model applying transfer matrices to a simple geartrain.

An extensive finite element study of an AT is performed in Refs. [30, 43, 119-121],
where a series of lumped spring-inertia models are produced to study shift transients in
the AT, including the influence of mesh nonlinearities, speed dependent friction and
judder, using modified versions of the same model, with degrees of freedom varying
between 4 and 24 depending on the model requirements. System responses are studied
and validated on a powertrain test rig.

The general result of the application of different lumped spring-inertia models influence
of chosen DOF on the response of the powertrain. This is largely dependent on the
target of investigations and the preferences of the author. One issue in DCT powertrain
modelling is that the focus has so far been on shift and launch control studies. The
impact of nonlinearities in the powertrain and response of the synchroniser are not
studied. The behaviour of the DCT powertrain, particularly as considered an

underdamped system, is likely to be significant.
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2.3.12 Powertrain control

The control of shifting in powertrains is divided into two components, clutch control
and engine control; these are frequently decoupled to simplify the control process [41].
Similar methods are adopted in Serrarens, Dassen & Steinbuch [122] for developing
shift control models for dry clutches and in Luchente, Montanari & Rossi [34] for AMT
control simulations. To highlight some of the issues in transmission control of shift
transients consider Sun & Hebbale [123]. Consideration must be made for accurate
prefilling of the clutch piston, with under or over filling resulting in poor shift quality.
It is noted that in friction launch transmissions such as the DCT - an undamped
powertrain - transient events can initiate transient response of the driveline, and
emulating torque converter response is considered a major challenge.

Haj-Fraj & Pfeiffer [124] highlights the integration of engine speed control in the
powertrain to improve shift comfort and reduce engagement times. Ibamoto, et al, [125]
provides an example of using torque estimation to improve the shift performance of a
planetary AT.

Reviewing refs. [122, 126-128], important control aspects are highlighted. (1)
Independent control of the engine to prevent stall or flaring. (2) Minimisation of lurch
from overshooting torque and abrupt clutch lockup. And (3), minimisation of post
lockup transients. Phillips & Bai [129] achieves high quality launches on a friction
launch clutch through application of notch filtering to eliminate transients near the

natural frequencies.

2.3.13 Backlash modelling

Nonlinearities in the gear, divided into nonlinear stiffness through time varying mesh
stiffness or backlash in the gear mesh (ref. [130]). The state-of-the-art of nonlinear gear
contacts has been studied extensively in Wang, Li & Peng [130] covering a broad range
of topics with respect to backlash and nonlinear stiffness models and applications in
numerical analysis.

The vibro-impact problem of backlash is studied by Singh, et al, [46], using torsional
application of backlash to the lumped spring-inertia models. This assumes that line of
action (LOA) and off line of action (OLOA) forces can be replaced by torques and uses

spring stiffness as the only component of the mesh model. More extensive models have
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been developed. He, et al, [131, 132] develops 6 and 12 degree of freedom mesh
models for spur and helical gear pairs, respectively. These models include nonlinear
mesh stiffness, sliding friction as damping, and DOF for LOA and OLOA forces. In
Crowther, et al, [43] a numerical study of contact nonlinearities in automatic
transmissions is expanded to include nonlinear contacts in splined shafts as well as
gears. Detailed models are replaced with reduced order models to improve
computational efficiency, and focus is on torsional backlash, ignoring LOA forces.
Extensive clonk studies by refs. [45, 118, 133-135] on the relationship between gear
nonlinearities and clonk excitation show a clear correlation of mesh excitation and the
clonk response in driveshafts, with gear mesh excitation frequencies coinciding with
harmonics in the driveshaft.

The influence of gear nonlinearities cannot be ignored during transient studies in the
DCT when studying issues involving nonlinearities. Backlash in gears and splined
shafts is particularly important to DCTs with chamfered splines or “dog gears” used in
the synchroniser to engage the gear to shaft, providing what may be considered a spline

backlash given the design of synchromesh dog gears.

2.4 SUMMARY AND CONCLUSION

The objectives and goals of this project are to study the transient response of dual clutch
transmissions with multiple nonlinearities, and investigate the actuation of the
synchroniser mechanism. The study of literature conducted in this chapter has targeted
the development of the DCT in terms of an emerging technology and its study under
transient control conditions as one part. The remainder of this chapter is devoted to the
investigation of specific research foci, the current state-of-the-art in terms of research
into relevant fields of study, and identification of applicability to the study of DCT
powertrain dynamics with multiple nonlinearities.
DCT literature is divided into industrial research, demonstrating specific aspects of
DCT development, and academic research, focused on shift and launch transient control.
Various assumptions made in model development have highlighted the need for further
study with respect to analysis of transient response. These are:

¢ Dynamics and control of synchronisers,

® The effects of drag torque on DCTs,

¢ Hydraulic control system modelling,
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® Nonlinearities in the gear mesh, such as backlash and nonlinear stiffness,

¢ Influence of engine transients, and

® Deployment of detailed lumped inertia powertrain models with DCT
Ultimately, this chapter has provided the framework for further investigation of the
DCT as a transient system. Each of these topics requires specific consideration in this
thesis. Transient investigations of DCT powertrains must cover the effects of multiple
nonlinearities on system response. In the following chapters each of these constituents
of the DCT will be explored both individually and as part of the DCT powertrain, with
focus on understanding their respective influence on the DCT, giving particular

reference to transient vibration studies.



CHAPTER 3: HYDRAULIC CONTROL
SYSTEM MODELLING AND ANALYSIS

3.1 INTRODUCTION

The hydraulic transmission control unit (TCU) in the dual clutch transmission performs
two functions. First is the clutch-to-clutch powershifting of gears, similar in principle to
conventional automatics [47], where clutches are simultaneously engaged and released
to shift between gears while maintaining tractive road load. Precise control, exceeding
that current in ATs, is required as a result of the lack of significant damping sources in
DCT equipped powertrains. The second task is the engagement of the synchroniser
mechanism. Conventionally, with the exception of AMT-type transmissions, a manual
task, where human feel is used to choose and engage the gear with the synchroniser.
Feedback through the shift linkage is observed by the driver and used to determine if
engagement is successful [55, 57].

Given the nature of the engagement process and structure of the hydraulic TCU, where
synchroniser is engaged prior to shifting, it is possible to model these two processes
independently. Detailed mathematical models of both hydraulic systems are required
for shift control. This is achieved through the application of Newtonian mechanics and
conventional fluid dynamic principles such as orifice flow and compressibility to the
hydraulic control systems. This chapter is focused on the development of models for
the hydraulic control unit, including the independent modelling of both clutch and
synchroniser control systems. First the background into the DCT modelling
requirements are discussed, followed by explanation of applicable modelling methods
that can be used for the DCT simulation, including justification for the methods selected.
The second section details the specified theory and develops a general equation for
application to similar hydraulic control systems. Detailed modelling of the DCT clutch
hydraulic controller is then offered, showing methodology, assumptions, and results for
basic simulation of clutch control systems. Finally, the procedure for synchroniser

control system modelling is presented, including brief simulation results.
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3.2 BACKGROUND

The DCT is, fundamentally, an automatic transmission system comprised of multiple
clutch mechanisms, including two primary shifting clutches and seven coupled
synchroniser mechanisms. The many similarities between wet clutch control for both
ATs and DCTs provides much relevant literature on the simulation of hydraulic valve
systems for automotive transmission applications. It has been cited in Chapter 2 Section
2.3.4.1 and 2.3.8 that there has not been a previous attempt to model the hydraulic
system and integrate it with a DCT powertrain model.

Detailed physical modelling methods are available for the development of mathematical
models specifically for hydraulic power systems. Generally speaking physical
modelling requires a great amount of detail on dimensions of valves, valve tracks, and
spring and magnetic force information [37]. Even with this detail there is a degree of
estimation required, primarily for the friction damping which is a function of contact
area, clearance, hydraulic fluid used, and operating temperature. This method is applied
in the work of [32, 33] uses the well established fluid theory to describe physical
phenomena. This technique is highly dependent on the information available for
modelling, and can require complex representation of the interaction and feedback
between different fluid control volumes.

While increased computational demands are a drawback of physical modelling, detailed
hydraulic models capture the highly nonlinear nature of transmission control units that
is generally not possible using second order transfer functions. As a result of this
physical modelling methods will be employed in this project for modelling by clutch
and synchroniser control systems, and the theory and application of these methods are
discussed in the following sections.

While clutch control simulations are popular, as has been previously discussed in the
literature review, there has been no focus on the synchroniser control using hydraulic
systems in DCTs, however it has been performed for an AMT [34]. Typically the
synchroniser is pushed forward or back, suggesting that a double acting cylinder
arrangement is sufficient for control. Guan & Pan [98] present a modelling and control
example for a classical double rod piston arrangement. The modelling method adopted
here is typical to those found in hydraulic simulations, using physical models to
represent both moving parts and fluid flow. These are again the same methods found in

Stringer [37].
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3.3 DEVELOPMENT OF HYDRAULIC SYSTEM MODELS: GENERAL
MODEL FORMULATION

The knowledge required to develop hydraulic system physical models is well
established. Typical texts such as refs [36, 37, and 39] provide detail on modelling of
hydraulic systems from fundamental principles for modelling, simulation and control of
different hydraulic mechanisms such as pumps, valves, and servo mechanisms. These
texts are used here to derive the principle equations presented below. Any required
assumptions will also be derived based on these texts.

Procedure for developing physical models of hydraulic systems is divided into two
engineering fields. The model of spools and pistons in the clutch mechanism is
performed through the application of Newton’s Second Law. Each moving part will be
considered as a second order system with external force inputs. These forces can
include feedback pressure damping, electromechanical inputs, and jet action depending

on the angle of the spool opening.

Figure 3.1: Single degree of freedom mass with damping

Consider the simple model in Figure 3.1. The second order equation of motion is:

Z F=MX (3.1)

where F is force, M is mass, and X is acceleration. Equation 3.1 becomes:
MX-C,X-KX=>F (32)

where Cq4 1s damping coefficient, X is displacement, X is velocity, and K is spring
constant. This provides a second order ordinary differential equation which can be used

to reproduce a model in the Simulink environment for Matlab. The equation is typically
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arranged in Cauchy form [136] so as to better represent the model arrangement in the

Simulink environment. Equation 3.2 is arranged thus:

X:%(chf,x FK.X) (3.3)

Equation 3.3 is then integrated numerically to determine the velocity and displacement
of the spool as a response to external forces.

Stiffnesses are generally derived from return springs, but also contact with hard surfaces
is modelled as compliances to eliminate contact nonlinearities. For example, the spring
stiffness for clutch pack in particular is highly nonlinear. The return spring is a typical
coil spring of the order 10% but there is also compression of the friction lining once
contact is achieved. This is of the order of 104, and clutch friction plates of order 10°.
The damping ratio is related to the frictional resistance between the spool and housing.
Stringer [37] provides the following formula, Equation 3.4, for calculating the friction
resistance as a function of contact length, clearance, diameter of the spool and viscosity,
it is cited however that this equation can significantly underestimate the friction in the
spool. The alternative method is to select a value for this damping based on experience,
and re-evaluate it if necessary.

y77,:3))
c

r

C,=—"—X (3.4)

where c; is radial clearance, D is spool diameter, 1 is the sliding contact length, and p is

viscosity.

The force inputs, XFy, into the model are derived from several sources. This includes
feedback damping where control volumes at either ends of the spool provide pressure
forces that counter the motion of the spool. For pistons this pressure force is the
primary control force. The other force main being the magnetic induction derived from
the coil windings in the solenoid. This force can either be calculated from magnetic
flux equations, as was performed in Watechagit & Srinivasan [33], or using an
experimental method, where position and current are controlled to map the response

force of the solenoid based on these two variables.

The pressures in control volumes for the valve or piston must also be determined. First
define the control volumes for each system. Generally, these volumes are the input,

output and feedback damping volumes in valves, and for a clutch pack, the control
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volume is the main fill volume in the piston. The flow rates into and out of control
volumes are calculated using the sharp edged orifice flow equation (ref [37]), defined

below:

D2
Qo =Cp T‘/ﬁ G-3)

where Qo is flow rate through an orifice, P is pressure, and Cpis discharge coefficient.
Very often the flow into a control volume includes leakage between the spool and
housing. The leakage flow can be calculated in a similar manner to the orifice equation
only the input area becomes the annular clearance between the spool and housing (ref

[37]), and is derived thus:

Q, =CpaDc,\|P, - R (3.6)

where Q is leakage flow rate. Equation 3.5 provides the area for a throttling orifice.
For valve ports is somewhat different. If the port is closed the effective area is used as
equation 3.6. However, for the open port the effective area is a conical surface that is
made between the edge of the spool and housing for the port. This area is shown in

section detail below in Figure 3.2:
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Figure 3.2: Detail of flow area for open port

To be utilised in the model the clearance in equation 3.6 can be rewritten to include

valve opening area:

Q, = CpDy(X? +¢,?)(P, - P) 3.7)

where Qp is flow rate through port orifice. Particular to the feedback volumes and the
clutch pack is the rate of change in volume with the spool or piston motion. This rate is
expressed in the system as a flow rate change as fluid is forced into or out of the control
volume. This is simply determined from the spool area and instantaneous velocity of

the valve.
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0, =A,X (3.8)
where Qv is flow rate from volume change, and Ap is the spool cross sectional area.
The last source of change in flow arises from the fluid compressibility, with hydraulic
systems such as the one under investigation operating under pressures in the mega-
Pascal range, the compressibility of the fluid cannot be ignored. The bulk modulus can
be significantly affected by the presence of air pockets in the hydraulic system. For the
moment it is acceptable to ignore the effects of these as precise variation is derived
experimentally. The flow resulting from compression of the hydraulic fluid is derived
accordingly (ref [37]):
V dP
:E _C;

where Qc is flow rate from fluid compression, P is pressure, t is time, B is bulk modulus,

Oc (3.9)

and V is volume. Equations 3.5-3.9 are combined to provide the net flow into or out of

any control volume in a hydraulic system; through mass conservation it is assumed that:

> 0=0 (3.10)
Or

Qo +Qp +Q +Q, +Q. =0 G.11)

Thus, for the general case of a single control volume with all applicable flows:

2
%..‘515+A,,X +CprDy (X2 +¢,*)(P, - B) + CpriDe, [P, — P +CDﬂ'DT,/PZ “P =0
1
(3.12)
By re-arranging 3.12 to determine the rate of pressure change, eq. 3.12 is integrated

numerically to determine the local pressure in specific control volumes:

2
P:jg(APi]_)f+CDﬂD‘/(XZ +Crz)(p2 -PB) +CyaDc,|/P,— B, + C,)n'DT,/P2 —Pl}dt
(3.13)

This results in a first order differential equation that can be used to solve for the

pressure in a control volume. In the development of this specific solution there have

been several assumptions that are used to simplify the equations. These are:
¢ Bulk modulus, B, is constant. The bulk modulus can also be assumed to be
dependent on temperature and hence pressure changes, or affected by the

inclusion of air content. The ideal case is assumed herein.
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e The impact of pressure waves formed in opening or closing ports is
negligible. For the length of any track volume and considering the sonic
velocity of the hydraulic fluid it can be expected according to ref [37] that
the resulting frequency response is of the order in kHz. This type of
response is far higher than what will impact on the control of the system.

In developing mathematical models of the hydraulic controllers for both clutches and
synchronisers, two separate ordinary differential equations have been derived. A
second order ODE can be used to solve the equation for displacement of the spool or
piston, and to solve the pressure changes in the system a first order ODE is employed.
These equations are prepared for the following sections where specific details for the

modelling of both clutch and synchroniser systems are presented.

3.4 DEVELOPMENT OF HYDRAULIC SYSTEM MODELS: SOLENOID AND
CLUTCH HYDRAULICS

In hydraulic control circuits developed for conventional AT, the number of valves,
solenoids and pistons can commonly exceed fifteen hydraulic components. Ultimately,
the complexity results in a relatively high time delay between shift input signal and the
start of actual shifting, which is undesirable for DCT control with precise control
requirements. To overcome this issue, compact and direct acting solenoids are designed,
(see ref [2]). Such a system must be capable of providing both precise pressure control
and rapid fill time, achieved through control of pressure balances on the spool, with
high pressure variation increasing the flow rate.

Figure 3.3 presents the layout for the hydraulic system for a single clutch in a dual clutch
transmission, duplicated for both clutches. The system comprises of a normally low,
variable force type solenoid directly feeding each clutch pack, integrated with a

hydraulic damper to reduce the pressure fluctuations from shock.
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Figure 3.3: Schematic of clutch control system
Figure 3.4 shows a schematic of the solenoid and damper cross section in the idle state
with output port open to the exhaust and input port closed. The input pressure line feeds
both the valve spool directly and provides pressure to the hydraulic damper. In the low
position the spool is closed to the high pressure line but open completely to the exhaust.
Tolerance overlap is designed for the spool such that it can close both the input and
exhaust ports simultaneously. When throttling pressure, input force partially closes the
spool to the exhaust without opening the input port. The damping pressure at the end of
the spool must equalise with the magneto-motive force for the spool position to stabilise,
thus pressure throttling is achieved. However when providing high feed flow pressure
the spool rapidly closes the exhaust port and opens to high pressure input until pressures
equalise. The output chamber regulates the pressure for both feedback damping

chambers, and provides the control pressure to the clutch pack.

INPUT

PRESSURE [ /_\ R ;
EXHAUST

Nl Iy

-=— OPEN CLOSED——— MAGNETIC
L CONTROL
{ '—’ FORCE
INPUT INPUT
PRESSURE PRESSURE
l OUTPUT
PRESSURE

Figure 3.4: Variable force solenoid schematic with integrated damper
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Each of the six control volumes shown in Figure 3.5 is characterised by different flows ,

these are used to determine the pressure for each volume as prescribed in Equation 3.13.

CVs
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Figure 3.5: Solenoid and damper control volumes

The first control volume, designated CV1, is the input port for the valve. It accepts
input flow through an orifice, and expels fluid through a port that opens to the output
chamber and leakage flow to the output control volume between the spool and housing
and also the output port when closed. This chamber has constant volume as it is not

affected by the spool position. Its equation is defined thus:

P~ 2 Cz%ﬁ ~CoX +e VB P |, (3,14
~CpDe,\[Peyy — Prvys

Control volume 2 (CV2) is the control volume associated with the output pressure. It

receives input flow through the port with CV1, and through the orifice with CV6, with

exhaust flow also throttled. Xy and Xgx, corresponds to valve opening to inlet and

exhaust flow, respectively. Output is managed as the demand from the clutch piston,

and leakage flow is received from CV1. Again this control volume is unaffected by

volume changes.

CpDy \/(XlzN + Crz)(PCVI —FPey,) +CpDgce, [Py — Py

D2
+Cp 2 VPevs = Pevs _CDﬂDscr\/(Pcvz — Py, )(XZ‘xh +cr2)
2

4
dt (3.15)
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where subscripts Exh refers to exhaust, and IN for inlet. The third control volume
(CV3) receives flow through an orifice port from the CV2, but also leaks flow into the
exhaust port. Additionally this control volume is significantly affected by the

displacement of the spool and hence volume change.

Deyy .
PCV3 =J. 'B (Cl)ﬂ CZ3 PCV2 - PCV3 _APX _CDﬂDScr”PCV3 — PExh ' (3‘16)

Similar to the third control volume CV4 received flow from CV2 via an orifice.
However there is also leakage from CV2 into this volume, as well as the control volume
modified by the displacement of the spool. Similar to the previous equation it is derived

as so, noting the sign changes from 3.16:

D, :
P, = jVo de (chr T [Py, = Poyy + A X — CpaDgc,[Peys — Poy, }dz (3.17)

Control volume 5 accepts feed from the pressure line and provides leak flow to CV6. It

simulates the damper by absorbing shock pressure in the output line; therefore it is

affected by the displacement of its spool. The flow equation is below:

D.. .
Peys = jV fdv (ch C;s Poyy — Py — A X p + CotDpc, [ Pry s -pm}n (3.18)
0

Finally, for CV6 inputs come from leakage from CVS5 and through the orifice to CV2.

The direction of flow is dependent on the instantaneous pressure in CV2, and as a
consequence of the high input pressure from CVS5 it is generally output flow. It also is

affected by the displacement of its damper spool.

Dgyg :
Peye = J.V -’l-BdV [bez 3/6 P,,— Py +A X, —CpaDyc, | Prys — Peys )dz 3.19)
0

The mass of the spool is the combination of the physical spool itself and the solenoid

core. With this there are two spring resistances, the main spool spring and the return
spring for the core, these are at opposite ends of the spool and hence provide countering
forces. Similarly, with two feedback damping chambers, counterbalancing pressure
forces are provided acting in opposite directions. This is characterised by the two
different areas for the feedback pressures. The input force is provided from a linear
solenoid acting on to the valve, with force dependent on both control current and
position. Finally, frictional resistance is modelled as a constant acting against the

direction of motion.
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| )
X =E(FMMF + Poy3Ap = PeyyApy —Cy X — K X + Kp X = Fp0 ) (3.20)

Preload force is derived from the compression of the two springs during assembly of the
solenoid to ensure continuous positive spring load. During simulations a lookup table
using position and current defines the output magneto motive force (MMF).

The equation of motion for the damper spool combines the mass of spool and spring. It
is balanced by two opposing pressures in CV5 and CV6, and has spring force and
preload acting in the same direction as the pressure from CV5. As with the solenoid
damping force is included as a function of the velocity.

. 1 .
XD = V(PCVSAP] _PCVGAPZ _CdXD - KDXD _FPreload ) (3'21)

Equations 3.16-3.21 provide the fundamental solutions to the integrated solenoid and
damper system shown in Figure 34. These equations demonstrate a high degree of
coupling between different control volume pressures, and between spool and piston
dynamics and various pressures. The development of detailed mathematical models of
this system requires a good understanding of the complex feedback entailed in this type
of hydraulic component. Additionally, nonlinearities such as the opening or closing of a
valve port introduce additional variability into the system that, when combined with
fluid bulk modulus leads to a numerically stiff model.

Figure 3.6 represents the clutch pack and hydraulic piston, made up of inner friction
plates, outer spacer plates, piston head, return spring, and piston control volume. The
regulated output flow from the previously developed solenoid feeds the piston. In the
idle position the return spring lifts the piston off friction plates providing separation
between friction and spacer plates. The piston volume, Figure 3.7, comprises of the fill
space where the feed pressure filling is counterbalanced by the preloaded return spring.
Flow leakage is minimised with the use of seals, however a small leakage component is

important for maintaining system flow.
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Figure 3.6: Schematic of clutch pack and piston
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